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FINAL  REPORT 
ON 

STUDY  OF  THE  VIBRATION  CHARACTERISTICS  OF  BEARINGS 


INTRODUCTION 

This  study  covers  work  performed  by  SSDSiF  Industries,  Inc. 
under  U.  S.  Navy  Contract  No.  NObs-78552,  between  April  i960  and 
February  1963. 

The  purpose  of  the  study  was  to  investigate  the  vibration 
and  noise  nroducing  characteristics  of  large  roller  bearings  for 
oropulsion  machinery  of  ships  ns  well  as  smaller  rolling  bearings 
used  in  auxiliary  drives,  with  the  ultimate  aim  of  devising  means 
to  reduce  vibration  and  noisa  caused  by  these  bearings  for  all 
audio  and  subsonic  frequencies. 

A  similar  contract  (N0bB-771b4)  was  awarded  to  the  Frankli 
Institute  in  July  1959,  and  hus  also  recently  been  completed.  fhat 
contract  covered  only  the  vibration  of  small  bearings  for  auxiliary 
drives  . 

Work  performed  by  ffl  C§  ET  Industries  under  Contract  NObs-78552 
has  been  covered  by  the  following  reports: 

Progress  Reports  No,  1-17,  issued  bi-monthly  during  the  period 
between  Anril  1960  and  January  1963. 

The  following  "Special  Reports". 

Relative  Axis  Motion  Induced  by  Variable  Elastic  Compliance  in 
Ball  Bearings  (35  3r  Report  L60L023) 

Harmonic  Analysis  of  the  Relative  Axis  Motion  Induced  by 
Variable  Elastic  Compliance  in  Ball  Bearings  (35  CS !F  Report  AL61L009) 

A  Study  of  Elastic  Vibrations  of  the  Outer  Race  of  a  Rolling 
Element  Bearing  (ffi  DS  if  Report  AL61L027) 

Analytical  Study  of  the  Vibration  of  a  Bearing  with  Flexurally 
Rigid  Races  (SS  C§ !?"  Report  AL61L032) 

Flexural  Vibrations  of  a  Ball  Bearing  Outer  Ring  due  to  Ball 
Loads  (SB  C§  V  Report  AL61L037) 

Analytical  Study  of  the  Radial,  Axial  and  Angular  Vibration  of 
a  Bearing  with  Flexurally  Rigid  Races  (SB IF  Report  AL62L005) 
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This  report  is  the  Summary  Report  of  the  study.  It  consists 
of  three  parts: 

Part  I,  covering  Phase  III  of  the  Contract  (Study  of  bearings 
with  bore  size  range  of  25-100  mm). 

Part  II, covering  Phases  I  and  II  of  the  Contract  (Study  of 
large  cylindrical,  spherical  and  tapered  roller  bearings). 

Part  III,  Design  Guidelines,  in  which  the  effects  of  various 
parameters  on  the  vihrntion  of  both  small  deep  groove  ball  bearings 
and  large  roller  bearings  are  summarized,  and  a  procedure,  is  given 
for  use  in  designing  bearings  for  quiet  running  applications. 


3.QMHMY. 

The  main  results  of  the  study  are  listed  below: 

1.  Equipment  and  techniques  for  measuring  vibration  character¬ 
istics  of  small  ball  bearings  and  large  roller  bearings  is  now 
available.  It  includes  equipment  developed  especially  for  this 
contract  and  equipment  in  general  use  at  ffiDSiF  Industries,  which  was 
applied  to  contract  work, 

a.  Vibration  test  eqdpment  to  measure  radial,  axial  and 
angular  vibrations  of  the  bearing  outer  ring  or  of  a 
housing  in  which  the  bearing  is  mounted,  in  the  frequency 
range  between  3  and  10000  cps,  both  at  discrete  frequen¬ 
cies  and  in  finite  frequency  bands.  The  equipment  per¬ 
mits  measurement  at  various  radial  and  axial  loads  and 
rotational  speeds. 

b.  Equipment  for  measurement  of  the  airborne  noise  emitted 
by  the  bearing. 

c.  Equipment  for  study  of  vibration  damping  characteristics 
of  bearing  housings. 

d.  Equipment  for  measurement  of  the  micro-geometry  of  bearing 
parts . 

2.  A  mathematical  theory  of  beariag  vibration  has  been  developed 
and  presented.  This  theory  relates  the  amplitudes  and  frequencies  of 
bearing  vibration  to  its  sources.  Natural  frequencies  of  the  bearing 
have  been  computed  and  the  effect  of  housing  elasticity  on  the  bearing 
vibration  has  been  analyzed. 
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3.  Experiments  have  been  conducted  for  the  following  purposes: 


a.  To  verify  the  mathematical  theory  relating  vibration 

to  its  sources,  with  special  emphasis  on  the  correlation 
between  vibration  and  waviness,  measured  at  discrete 
frequencies  and  in  finite  bands, 

b.  To  experimentally  determine  natural  frequencies  of  the 
bearing,  to  compare  these  to  the  computed  frequencies. 

c.  To  study  the  effect  of  damping,  both  within  the  bearing 
and  in  the  housing,  on  bearing  vibrations,  and  to  test 
the  feasibility  of  using  special  vibration  attenuating 
bearing  mounts . 

d.  To  study  the  effect  of  rotational  speed,  and  axial  and 
radial  load  on  bearing  vibration. 

e.  To  study  the  airborne  noise  of  bearings  under  various 
loads  and  rotational  speeds  and  correlate  airborne  noise 
with  s tructureborne  vibrations. 

f.  To  cons truct, and  study  the  vibration  characteristics  of, 
bearings  with  improved  micro-geometry  of  parts  and  of 
improved  design. 

4.  The  effects  of  various  bearing  parameters  (both  micro-geometry 
and  design  parameters) ,  as  well  as  operating  and  mounting  parameters 
on  the  vibration  characteristics  of  bearings  have  been  examined.  Guide 
lines  for  the  selection  of  parameters  have  been  given. 


1.  The  principal  accomplishments  of  this  research  are: 

a.  Design  principles  to  make  quieter  rolling  bearings. 

b.  Theory  and  exoerimental  evidence  identifying  the  micro- 
geometrical  causes  of  bearing  vibration. 

c.  Methods  to  dampen  vibration  emanating  from  a  rolling 
bearing . 

d.  Instrumentation  to  measure  vibration  and  noise  of  large 
and  small  rolling  bearings. 
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2.  The  instrumentation  and  experimental  't’dohniqii’B’a  ’d'e-vel-OTErod"  =- 
under  this  contract  have  been  found  to  be  fully- adequate  for.  study 

of  vibration  characteristics  of  bearings  in  the  size  range  and  under 
the  conditions  covered  by  the  contract.  They  can  without  modification 
be  used  in  future  studies  of  bearing  vibration. 

3.  On  the  basis  of  theoretical  and  experimental  findings  of 
this  study  it  is  possible  to  make  reasonably  accurate  predictions 
regarding  the  vibration  spectrum  of  a  bearing  of  a  given  design,  if 
the  detailed  micro-geometry  of  the  bearing  parts  is  known. 

4.  If  the  bearing  vibration  level  in  any  given  frequency  range 
under  given  load  and  speed  conditions  is  known,  order  a  magnitude 
estimates  of  the  vibration  level  under  other  conditions  of  speed  and 
load  can  be  obtained. 

3,  The  vibration  level  of  a  bearing  in  any  given  frequency  range 
may  be  reduced  by 

a.  Improving  the  mi cro-aeometry  of  the  rolling  surfaces,  or 

b,  by  changing  the  bearing  design. 

Procedures  are  given  for  most  efficient  selection  of  micro-geometrical 
and  design  parameters  to  obtain  a  desired  reduction  in  vibration  level. 

6.  Large  spherical  and  cylindrical  roller  bearings  of  improved 
vibration  quality  due  to  improved  micro-geometry  have  been  manufactured 
and  tested.  The  reduction  in  vibration  level  is  approximately  as  ex¬ 
pected  from  the  improvements  in  micro-geometry, 

7.  Ball  bearings  of  improved  vibration  quality  in  the  low  frequency 
range  due  to  design  changes,  have  been  manufactured  and  tested.  The 
new  design  has  smaller  balls,  a  larger  number  of  balls  and  a  thicker 
outer  ring  than  bearings  of  conventional  design. 

8.  Large  spherical  roller  bearings  with  two  rows  of  rollers  were 
found  to  have  lower  vibration  level  than  single  row  cylindrical  and 
tapered  roller  bearings,  for  the  same  micro-geometry  of  parts.  This 
is  partly  explainable  by  the  reduction  due  to  the  double-row  design 
and  partly  attributed  to  other  causes. 

9.  The  vibration  level  of  a  bearing,  except  for  very  low  frequen¬ 
cies,  can  be  reduced  effectively  by  mounting  the  bearing  in  a  housing 
supported  by  laminated  elastic  members. 
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10.  The  vibration  level  of  a  bearing  in  the  radial  direction 
can  be  reduced  by  mounting  the  bearing  in  a  housing  whioh  is  com¬ 
paratively  flexible  angularly  and  comparatively  stiff  radially. 

The  vibration  level  of  the  angular  vibrations  can  be  reduced  by 
mounting  the  bearing  in  a  housing  which  is  radially  flexible  and 
angularly  stiff. 

RECOMMENDATIONS  FOR  FUTURE  RESEARCH 

1.  Study  of  design  and  mounting  parameters  Influencing  the 
vibration  of  large  roller  bearings.  The  effects  of  roller  skewing, 
flange  geometry,  misalignment  between  shaft  and  housing  and  effects 
peculiar  to  double-row  bearings  should  be  studied.  Various  housing 
designs  should  be  examined  analytically  and  experimentally  and  the 
optimum  design  procedure  previously  used  for  small  ball  bearings 
applied  to  large  bearings.  Bearings  of  improved  vibration  quality 
should  be  manufactured  and  tested. 

2.  Development,  manufacture  and  testing  of  deep  groove  ball 
bearings  of  improved  design  and  extremely  quiet  running  quality, 

3.  Study  of  a  vibratory  system  simulating  a  piece  of  rotating 
machinery  and  consisting  of  a  rotating  mass  supported  by  two  bearings 
mounted  in  elastic  housings  in  turn  attached  to  large  maases,  to  find 
interrelationships  between  bearing  and  system  vibration. 

4.  Study  of  externally  forced  vibrations  of  a  rolling  bearing 
under  tlme-var table  load. 

5.  Study  of  cage  noises  in  large  bearings. 

6.  Study  of  vibration  influencing  effects  of  lubricants  and 
development  of  quiet  running  bearing  lubricants, 

7.  A  more  detailed  study  of  the  subsonic  vibrations  generated 
by  large  rolling  bearings. 

8.  A  study  of  the  bearing  vibrations  in  the  frequency  range 
above  lOOOOcps,  including  the  near  ultrasonic  range. 
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PART  I 

STUDY  OF  VIBRATION  AND  NOISE  CHARACTERISTICS  OF 
ROLLING  BEARINGS  WITH  BORE  SIZE  IN  THE  RANGE  OF  25-100  MM 


A  rolling  bearing  is  a  complex  vibratory  system.  Both  the 
outer  and  inner  ring,  the  rolling  elements  and  thB  cage  of  a 

latino  hr irina  vibrate  The  vibrations  are  transmitted  to  masses 

:q,5:u:s  *»■«>  ■»<  *»  «• 

air  and  structures . 


The  amplitudes  and  frequencies  of  the  vibrations  emitted  by 
the  bearing  deoend  on: 


1.  The  source  of  vibration  which  may  be  within  or  outside  the 
bearing,  Only  vibrations  generated  by  the  bearing  itself 
are  discussed  in  this  report. 


2.  The  response  of  the  >yi s tern.. , .  The  yar i  ous  vibration, sources 
act  as  Inputs  to  a  system  consisting  of  the  bearing  races 
(with  possible  masses  attached),  and  the  output  is  the 
vibration  measured  at  the  outer  ring,  on  a  housing  attached 
to  the  outer  ring  or  Bt  some  other  part  of  the  system. 


This  part  of  the  study  covers  deep  groove  ball  bearings  with  bore 
sizes  51  the  JaSgebetweeny25  and  100  mm  The  rotational  speed  range 
is  from  1000  to  3600  RPM.  The  findings  apply  to  stationary  radial 
loads  up  to  approximately  15%  and  axial  loads  upto  approximately  30% 
of  the  basic  static  load  rating  of  the  bearings. 
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Part  I  of  this  reoo- t  covers  bearings  in  the  size I8"9, “the  ^ 
noise  critical  applications  of  auxiliary  naval  equipment.  In  the 
malorityofsuch  applications  the  outer  ring  is  stationary  and  fitted^ 
into  a  housing  while  the  inner  ring  supports  the  rotating  shaft. 

s:  ..... 

ring  vibrations. 
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The  test  equipment  used  In  thb  experimental  study  of  barer ings 
with  25-100  mm  bore  Is  discussed  in  Section  1.2. 

Various  sources  of  bearing  vibrations  are  nviened  In  Sections 
1.3.1  -  1.3.6. 


A  brief  diseussion  of  contact  deformations  in  ball  bearings  Is 
included  in  Section  1.3.7.  sinoe  they  influence  the  vibration  response 
characteristics  of  the  bearings. 

The  frequencies  generated  by  various  vibration  sources  are  det> 
ermined  in  Sections  1.3.8  -  1.3.11. 

Factors  influencing  the  frequeney  response  of  the  bearing  as  a 
vibratory  system  are  disoussed  in  Sections  1.3.12  -  1.3.18.  This 
Includes  a  brief  discussion  on  natural  frequencies  and  output  amplitudes 
generated  by  various  input  sources. 

The  effect  of  load  and  speed  is  covered "  in  SeCLions  1.3.19  and 
1.3.20. 


A  comparison  of  vibration  levels  in  different  measuring  directions 
and  generated  by  various  sources  is  given  In  Sections  1.3.21  -  1.3.23. 

The  effect  of  damping  and  means  of  attenuating  the  bearing  vibrations 
ate  discussed  in  Sections  1.3.24  -  1.3.26. 

The  airborne  noise  characteristics  of  ball  bearings  are  examined 
in  Section  1.3.27. 

Additional  parameters  influencing  bearing  vibration  are  briefly 
enumerated  in  Section  1.3.28. 


-7- 

RE8EARCH  LABORATORY  BKF  INDUSTRIES.  INC. 


’"***  w  «*••* — ewi|i— >■«  w nwiimw yiipw 


( 


Equipment  used  in  the  experimental  study,  in  data  processing 
and  analysis  of  the  vibration  characteristics  of  bearings  with 
25-100  mm  bore,  is  listed  below: 


-_.5a 


- n 

3 


l  ) 


1.2.1  Vibration  Tester  for  Measurement  of  Bearing  Vibration  under 

Ra.dla  I . tmtLAalfl-i— Lead _ 

This  tester  was  designed  and  built  by  SSCSiP  Industries  for  the 
purpose  of  measuring  the  bearing  vibration  under  vartous  load  and 
speed  conditions.  A  photograph  of  the  tester  is  shown  on  Enclosure  1. 


The  tester  accommodates  two  tost  bearings  and  two  support  ,  . 

bearings  mounted  on  a  common  shaft.  The  support  bearings  are  mounted 
in  pillow  blocks  and  are  bBli  bearings  of  the  same  bore  size  as  the 
test  bearings.  The  test  bearings  are  located  between  the  snpport 
bearings  and  can  be  tested  either  without  a  housing  or  with  the  outer 
ring  mounted  in  a  cylindrical  housing.  Test  bearing  housings  of  various 
thicknesses  were  provided  for  each  bearing  size  tested.  A  separate 
shaft  is  needed  for  each  test  bearing  size.  Support  bearings  of 
various  O.D.  sizes  are  accommodated  by  Interchangeable  inserts  in  the 
pillow  block  bores. 

Radial  load  is  applied  to  the  test  bearings  through  flexible  steel  !; 
straps  slung  around  the  outer  rings  of  the  test  bearing  housings 
(or  around  the  0.0.  of  the  test  bearings),  by  elastic  elements  (springs 
or  rubber  pads)  compressed  by  nuts  on  top  of  the  frame.  To  avoid  j  ■ 

flexural  deformation  of  the  outer  ring  of  the  test  bearings  due  to  the 
steel  straps,  most  of  the  tests  were  performed  with  the  bearings 
mounted  in  housings.  Strain  gages  on  the  tlebars  are  used  to  measure 
the  magnitude  of  the  radial  load.  The  radial  load  range  is  0-600  lbs. 


Axial  load  is  applied  by  nuts  on  both  threaded  ends  of  the  shaft, 
over  elastic  thrust  washers.  The  axial  load  range  is  0-200  lbs.  The 
method  of  applying  the  loads  to  the  test  bearings  is  illustrated  by 
Enclosure  2.  Calibration  of  axial  loads  was  accomplished  by  measure¬ 
ment  of  the  elastic  deformation  of  the  thrust  washers  and  comparison 
with  their  deflection  under  known  loads. 


The  tester  Is  located  in  an  anecholc  chamber  (See  1.2.6).  The 
shaft  is  driven  by  a  quill  from  a  variable  speed  electric  motor  out¬ 
side  the  anecholc  chamber.  The  rotational  speed  of  the  shaft  is  con¬ 
tinuously  variable  in  the  range  between  1000  and  3600  RPM. 


r  i 

1  1 


{  I 


I 


( 
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To  measure  the  vibration  of  the  test 
bearing  outer  ring  or  housing  In  which  the  bearing  Is  mounted  is 
contacted  by  velocity  sensitive  pickups  of  3  C§ fF  type  MEA-lOO 
(See  Progress  Report  No.  4  of  (2)*.  The  pickups  are  mounted  on  a 
rigid  bracket,  one  for  measurement  of  vibrations  in  the  direction 
of  the  applied  radial  load  (vertical)  and  one  for  measurement  of 
vibrations  perpendicular  to  the  load  (horizontal). 


1,2.2  Vibration  Tester  for  Measuring  Bearing  Vibrations  under  Pure 

Axial-Load _ 

Enclosure  3  shows  a  photograph  of  a  mechanical  test  unit 
SCSEF  Model  MVB-1  used  for  this  purpose.  This  tester  has  been  dis- 
'cussed  In  more  detail  under  U.  S.  Navy  Contract  NObs-78593  (2).  The 
tester  is  equipped  with  a  mechanical  loading  system  for  application 
of  the  axial  load.  A  pressure  element  consisting  of  a  rubber  cup  with 
a  thin  steel  ring  to  contact  the  bearing  face  is  used  (See  Progress 
Report  No.  4  of  (21).  This  tester  is  referred  to  as  the  BCV  tester  in 
(2).  Another  version  of  the  tester,  operating  on  exactly  the  same 
orinciple  was  referred  to  as  the  VKL  tester  in  Progress  Reports  No. 

10,  11  and  12  of  (2).  An  fflCSIF  MEA-lOO  velocity  type  pickup  is 
used  as  vibration  sensor.  This  is  normally  mounted  as  shown  on 
Enclosure  2  to  measure  radial  vibrations  of  the  bearing  outer  ring. 

The  tester  is  used  in  conjunction  with  electronics  described  in 
1.2.7  and  1.2.8. 


1-2.3  Ba.c»  Jtftxln c.a s -la star 

Surface  waviness  is  described  in  the  ASA  Standard  B46. 1-1961 
as  relatively  widely  spaced  irregularities  of  the  nominal  surface. 
To  measure  the  waviness  of  a  ball  bearing  Inner  or  outer  ring,  the 
ring  is  rotated  at  a  constant  speed  and  the  surface  being  measured 
is  contacted  by  a  velocity  sensitive  pickup  of  the  type  described 
in  1.2.2.  As  the  ring  rotates  the  waviness  irregularities  on  the 
surface  of  the  ring  displace  the  pickup  stylus  radially.  The 
amplitude  of  the  electrical  signal  produced  by  the  pickup  is  pro¬ 
portional  to  the  radial  velocity  of  the  pickup  stylus. 


*  Literature  references  are  listed  at  the  end  of  this  report. 
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This  signal  Is  amplified,  filtered  a  n  dm ete* ed  oti- 
ins trument .  The  waviness  is  measured  in  five  octave  bands,  .corres¬ 
ponding  to  3-6,  6-12,  12-24,  24-48  and  48-96  waves  per  circumference. 
The  readout  is  expressed  in  microinches/second  at  a  rotational 
speed  of  1000  RPM.  Enclosure  4  shorn;  a  photograph  of  the  race  waviness 
tester  developed  bySBDSSF1  Industries,  Inc.  Various  sizes  of  inner 
and  outer  rings  are  accommodated  with  interchangeable  mandrels  and 
pot  chucks  that  are  mounted  on  the  spindle  nose  by  a  high  angle  taper 
held  with  a  draw  screw.  The  spindle  used  in  this  tester  is  of 
special  smooth  running  quality  to  minimize  the  effect  of  spindle 
vibrations  on  waviness  readings. 


ffh 


1.2.4  Ball  -Wavinea-s.  Tester 

The  B D§  EF  Ba  1 1  Waviness  Tester  operates  on  the  same  principle 
as  the  Race  Waviness  Tester  described  in  1.2.3.  Since,  however, 
bail  waviness,  in  general,  is  of  a  considerably  tower  amplitude  than 
race  waviness  additional  precautions  have  been  taken  to  reduce  the 
effect  of  spindle  vibrations  on  waviness  readings.  This  has  boon 
accomplished  by  mounting  the  test  ball  in  a  scat  comprising  three 
stationary  balls  and  rotating  the  ball  with  a  driver  wlich  is  flex¬ 
ibly  attached  to  the  spindle.  The  driver  is  free  to  accommodate 
radial  motions  and  therefore  will  not  transmit  spindle  vibrations 
to  the  ball. 

Enclosure  5  shows  photographs  of  the  mechanical  unit  of  the 
SB  CS  EF  Ball  Waviness  Tester.  The  electronic  unit  is  similar  to  the 
one  used  with  the  Ball  Waviness  Tester.  It  measures  ball  waviness 
expressed  in  microinches/second  RMS  in  five  octave  bands,  corresponding 
to  4-8,  8-16,  16-32,  32-64  and  64-128  wpc  at  a  spindle  speed  of  740  RPM, 

Additional  details  on  measurement  of  waviness  are  given  in  (4). 


-10- 

RESEARCH  LABORATORY  BkKF  INDUSTRIES,  INC. 


1  •  2VS-. Equipment  for  Airborne 
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Airborne  noise  measurements  wereperformed-usingaBruel-and 
Kjaer  Condenser  Microphone  Type  4111  in  conjunction  with  a  Bruel 
and  Kjaer  2602  Microphone  Amplifier  and  a  set  of  Allison  filters 
Model  2ABR.  All  measurements  of  airborne  bearing  noise  were  per¬ 
formed  in  an  Anecholc  Chamber  (1.2.6),  using  the  Bearing  Vibration 
Tester  described  in  1.2.1.  The  microphone  was  located  in  all  the 
tests  as  shown  in  Enclosure  6. 


1.2.6  Anecholc_ Chamber 

This  is  a  double  walled  demountable,  sound  proof  room,  designed 
by  the  Bell  Telephone  Laboratories.  It  consists  of  an  inner  room 
supported  by  springs,  and  an  outer  room  which  completely  encloses  the 
inner  room  except  that  the  floor  of  the  outer  room  consists  of  the 
floor  of  the  building.  For  effective  acoustical  attenuation  the 
walls  of  the  inner  and  outer  room  consist  of  panels  made  of  two  com¬ 
posite  sheets  of  steel  cemented  to  composition  board  with  the  inter¬ 
space  filled  with  rock  wool.  To  reduce  sound  roverberat ions  in  the 
room,  the  acoustical  treatment  of  the  inner  room  includes  sheets  of 
perforated  material  on  all  inner  surfaces  of  the  wall  and  celling 
with  an  air  space  separating  the  perforated  sheet  from  the  steel 
panels.  The  total  wall  thickness,  including  the  thickness  of  the 
inner  and  outer  room  and  the  air  space  between  them  is  approximately 
14".  A  2"  hole  was  provided  in  the  wall  for  the  quill  drive  of  the 
vibration  tester,  described  in  1.2.1. 

The  sound  levels  (In  absolute  decibels)  within  the  room,  measured 
in  octave  bands  in  the  1.25-12800  cps  range,  with  no  equipment  running 
Inside  the  room  and  normal  daytime  activity  outside  the  room,  were  as 
follows : 


Frequency 

1.25- 

2.5- 

5- 

10- 

20- 

40- 

Bands  (cps) 

2.  5 

5 

10 

20 

40 

80 

Decibel  Level 

42 

55 

59 

70.5 

70 

59.5 

Frequency 

BO- 

160- 

50- 

100- 

200- 

400- 

Bands  (cps) 

160 

320 

100 

200 

400 

800 

Decibel  Level 

45 . 5 

29.5 

59 

63 

42 

30 

Frequency 

800- 

1600- 

3200- 

6400- 

Bands  (cps) 

1600 

3200 

6400 

12800 

Decibel  Level 

<27 

<27 

<27 

<  27 
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The  following  equipment,  built  by  Panoramic  Radio  Products, 
was  used  in  narrow  band  bearing  vibration  analysis: 

a.  Sonic  Analyzer  LP-1A 

b.  Subsonic  Analyzer  LF-1  .  ... 

c.  Power  Spectral  Density  Analyzer  PDA-1 

d.  Auxiliary  Function  Unit  C-l 

e.  Multi  Bandwidth  Filter  CF-l 

f.  Recorder  RC-2 

g.  Sonic  Response  Indicator  G-2 

To  provide  proper  gain  and  for  accurate  frequency  determination 
the  following  equipment  was  used  in  conjunction  with  the  Panoramic 
narrow  band  analyzer: 

a.  Ballantine  True  RMS  Electronic  Voltmeter  Model  320 

b.  Hewlett-Packard  Amplifier,  Model  450-A 

c.  Millivac  Instruments  Hushed  Transistor  Amplifier,  Type 
VS-64A 

d.  Hewlett-Packard  Low  Frequency  Oscillator,  Model  2020 

e.  Hewlett-Packard  Electronic  Counter,  Model  523-D 

f.  Oscilloscope 

A  block  diagram  of  the  arrangement  is  shown  on  Enclosure  7. 

By  the  use  of  this  instrumentation  the  frequency  axis  is  accurately 
scaled  by  oscilloscopic  observation  of  Lissajous  patterns  from  a 
precisely  known  frequency  standard  and  the  output  of  the  Sonic 
Response  Indicator,  slaved  to  the  Panoramic  Analyzer,  which  gives 
an  exact  multiple  of  the  frequency  over  which  the  Analyzer  sweeps 
at  a  given  time.  Points  of  frequency  coincidence  were  marked  on 
the  graph  using  a  triggered  second  pen  on  the  recorder. 

The  Subsonic  Analyzer  LF-1  was  used  in  the  analysis  of  low 
frequency  spectra  in  the  range  up  to  200  cps.  The  Sonic  Analyzer 
LP-1A  was  used  in  the  higher  frequency  range. 

For  details  of  the  procedures  used.  See  Progress  Report  No.  7,  (l) 
pages  4,  7  and  8. 
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1.2.8  Instrumentation  for..  Qalajg_B3a3tti  ssA 

For  octave  band  and  wide  band  analysis  electronic  equipment 
built  by  B  CS  IF  Industries  was  used  to  amplify  the  piokup  signal  and 
provide  a  readout,  expressed  in  mioroinohes/second,  In  eight  octave 
bands  in  the  50-12800  cps  range  and  the  wider  bands  50-300,  300-1800 
and  1800-10000  cps  (corresponding  to  the  three  Anderometer  bands). 

The  band  pass  filters  used  in  these  units  were  built  to  specification 
similar  to  those  given  for  Anderometer  filters  in  (2). 

For  airborne  noise  measurements  Allison  Model  2  AB2  filters 
were  used  (See  1.2.5). 


1.2.9  Equipment  for  Testing  the  Vibration  Damping  Characteristics  of 
Housing  Materials - - - - - - - - - 

Enclosure  8  shows  a  sketch  of  an  arrangement  used  in  testing  the 
vibration  damping  characteristics  of  rectangular  beams.  This  equip¬ 
ment  is  used  in  conjunction  with  the  vibration  tester,  1.2.1.  Fur 
further  details,  sco  Progress  Report  9-10,  page  8  and  Progress  Report 
11  ,  page  6  and  7,.  (l) . 


1.2.10  Tana  Recorder 

For  detailed  analysts  of  vibration  signals,  especially  when 
narrow  bund  spectra  are  required,  the  signal  from  the  pickup  was 
first  tape  reoorded  and  later  analyzed  by  various  methods  (See  1.2,?, 
1.2.8  and  1.2.11). 

The  tape  recorder  used  was  an  Ampex  FM  Seven  Channel  Tape 
Recorder  Model  F-1107. 
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1,2  11  tatl.an-fj.r  Mensnrlnrt  Axial  and, 


The  mechanical  unit  of  the  vibration  tester,  1.2.2  was  used  for 
this  purpose  with  two  pickups  mounted  as  shown  on  Enclosure  9.  By 
use  of  suitable  electrical  circuitry,  as  shown  on  the  block  diagram 
of  Enclosure  10,  the  sum  and  the  difference  of  the  outputs  from  the 
two  pickups  were  formed,  and  the  spectra  of  the  sum  and  the  differ¬ 
ence  recorded  using  a  Panoramic  narrow  band  analyzer.  If  at  a 
given  discrete  frequency,  the  vibration  is  essentially  angular,  then 
a  peak  will  appear  in  the  spectrum  representing  the  difference 
between  the  two  pickup  outputs,  while  the  spectrum  showing  the  sum 
will  have  near  zero  amplitude  at  this  frequency.  If  the  vibration 
is  essentially  axial  translatory  motion,  the  sum  of  the  outputs 
will  be  of  large  amplitude  and  the  difference  will  be  of  negligible 
amplitude.  For  details  see  Progress  Report  No.  11,  pages  2-6,  (D. 


1.2.12  Laattih.  Minmirlng  E aulflaflat 

Various  instruments  for  contour  tracing  and  dimensional  measure¬ 
ments  were  used  such  as: 

1.  Talyrond  Roundness  Measuring  Instrument,  Model  50  - 
Taylor,  Taylor  and  Hobson. 

2.  Opposed-Head  Micro-Ac  Comparator,  Cleveland  Instrument  Company, 

3.  Leitz  Perf lektometer  Length  Measuring  Instrument. 


1.2.13  QiaiiJlJisimuiifix 


The  following  two  computers  were  used  mainly  in  the  numerical 
computation  required  for  the  study  of  variable  elastic  compliance 
motion,  reported  in  the  two  Special  Reports  L60L023  and  AI.61L009, 


1): 


1.  IBM  650 


2.  RCA  501 
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1.3.1  Sources  of  Bearing  Vibration 


If  a  deep  groove  ball  bearing  is  subjected  to  an  external 
load,  the  balls  and  race  grooves  deform  elastically  at  the  contacts 
between  the  races  and  balls.  Due  to  the  non-linearity  of  the 
Hertzian  contact  deformation,  the  contacts  then  act  as  non-linear 
springs,  and  the  complete  bearing  behaves  as  a  non-linear  vibratory 
system.  In  addition  to  the  contact  deformations  between  balls  and 
races,  other  elastic  deformations  also  take  place  in  the  bearing, 
such  as  bending  of  the  rings.  Due  to  the  complexity  of  the  problem, 
a  complete  analytical  treatment  of  the  bearing  as  a  vibratory  system 
was  not  attempted.  The  bearing  vibration  was  nevertheless  studied 
analytically  under  various  simplifying  assumptions.  The  analytical 
findings  were  verified  experimentally  so  that  the  results  presented 
in  this  report  are  based  on  experimental  as  well  as  analytical 
evidence. 

The  vibrations  generated  by  a  rolling  bearing  may  be  divided 
into  the  following  two  main  categories: 

1.  Vibration  generated  by  a  geometrically  perfect  beurng. 

These  vibrations  are  related  to  Inherent  design  character¬ 
istics  of  rolling  bearings  and  occur  as  a  consequence  of 
the  finite  number  of  balls  in  these  bearings. 

2.  Vibrations  generated  by  geometrical  imperfections  of  the 
rolling  surfaces. 


1.3.2  yjb ration*,  fiajuuaiafl  J?.y_ a-Sagim rlc.Ufe.ft.rlMt.  .Baaiim 

The  vibrations  generated  by  a  geometrically  perfect  bearing 
may  be  subdivided  into: 

1.  Vibrations  induced  by  the  variable  elastic  compliance  of 
the  bearing. 

2.  Vibrations  caused  by  bending  of  the  outer  ring  due  to  ball 
loads . 
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The  vibrations  Induced  by  variable  elastic  compliance  occur 
in  a  bearing  under  (constant)  radial  or  combined  load  but  not  under 
pure  axial  load.  The  inner  and  outer  ring  of  the  bearing  undergo 
relative  motion  as  a  consequence  of  the  fact  that  the  elastic  com¬ 
pliance  of  the  bearing  varies  with  the  angular  position  of  the 
ball  set  relative  to  the  action  line  of  the  load  (3),  (6)  -  (12), 

The  vibrations  induced  by  the  variable  elastic  compliance  of  , 
a  radially  loaded  ball  bearing  have  been  discussed  in  detail  in 
Special  Reports  L60L023  and  AL61L009  (1),  under  the  assumption  that: 

1.  The  rings  avo  flexurally  rigid  and  undergo  only  local 
deformation  due  to  the  contact  stresses. 


2,  The  rotational  speed  is  sufficiently  low  that  inertial 
effects  are  negligible, 

3.  Friction  forces  are  negligible. 

The  motion  has  the  following  characteristics: 

1.  The  relative  motion  of  the  rings  of  a  radially  loaded  zero 
contact  angle  ball  bearing  is  a  periodic  two-dimensional 
motion  in  a  plane  perpendicular  to  the  bearing  axis. 

2.  The  fundamental  frequency  of  the  motion  is  the  frequency  of 
balls  passing  a  given  point  of  the  stationary  outer  ring  of 
the  bearing.  This  frequency  is 


(1.3. 3-1) 


where 

=  Rotational  speed,  RPM. 

■£>  =  Ball  Diameter 
d  =  Pitch  Diameter  of  ball  set. 
Z  =  Number  of  balls 
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3.  Neither  of  the  components  -  cf  t&e  mot-ton  Ct  -z--- 

direction  of  the  load  and  perpendicular  to  it)  is  a 

pure  sinusoidal  motion.  Higher  harmonics,  which  are 
multiples  of  the  fundamental  frequency  are  therefore 
present  in  the  vibration  spectrum. 

4.  The  amplitudes  of  the  harmonics  of  the  velocity  com¬ 
ponents  depend,  for  a  given  bearing  under  pure  radial 
load,  on  the  radial  load,  the  radial  looseness,  the 
rotational  speed  and  the  order  of  the  harmonic?  This 
relationship  is  expressed  in  terms  of  two  parameters! 

a.  The  "load/looseness  parameter" 


S“  z  £,(*)'•*  “•* 

Radial  load,  in  lbs 
Number  of  balls 

Hertzian  coefficient,  in  lbs/in*"® 

Total  contact  deformation  in  the  bearing  under  the  radial 
load  Fr  ,  in  Inches. 

€  _  Radial  looseness,  in  inches, 

b.  Two  series  of  "amplitude/load  parametors": 


_  _!_[ 

■_C£V 

-'O'  a9.8  1 

■ 

Cl. 3. 3-3) 

% 

-  i 

f-SLl 

s 

b- 

wi 

Lb/  E9,2 

L  FjJ 

(1.3. 3-4) 

where 

Z  : 

s  = 
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Cal  =  the  "amplitude/load  parameter”  for  the  i : t h  harmonic  in 
the  direction  of  the  load. 


Q~  -  the  "amplitude/load  parameter”  for  the  i :  th  harmonic  in  the 

direction  perpendicular  to  the  load.  . .  - 

Q.|  r  the  RMS  value  of  the  velocity  component  of  the  i:th  harmonic 
in  the  direction  of  the  load. 

b,-  :  the  RMS  value  of  the  velocity  component  of  the  i:th  harmonic 
in  the  direction  perpendicular  to  the  load. 

Knowing  the  relationship  between  the  "amplitudo/load  parameter” 
for  any  given  harmonic  and  component  and  the  "load/loor.eness 
parameter"  the  vibration  amplitudes  of  the  various  harmonics 
can  be  determined,  inis  requires,  however,  the  solution  of  a 
system  of  transcendental  equations.  An  explicit  ablution  of 
this  system  could  not  be  obtained.  The  analysis  showed  that 
the  relationship  between  the  parameter  S  and  Ceil  or  Cf? 
doponds  only  on  the  number  of  balls,  i.e.,  this  relationship 
is  the  same  for  all  bearings  which  have  the  same  number  of 
balls.  A  numerical  procedure,  utilizing  an  IBM  650  computer, 
was  used  to  determine  this  relationship.  The  results  for  the 
nine  first  harmonics  of  a  bearing  with  seven  balls  are  shown 
graphically  on  Enclosures  11-16.  For  bearings  with  a  number 
of  balls  other  than  seven,  simi lar  curves  can  be  obtained  u$ing 
the  computational  procedure  outlined  in  Report  AL61L0090).  The 
numerical  procedure  used  in  obtaining  the  curves  shown  on 
Enclosures  11-16  included,  as  the  last  step,  a  harmonic  analysis. 
At  this  point  an  important  approximation  was  introduced.  It 
was  assumed  that  the  direction  of  the  relative  displacement 
between  the  rings  coincides  with  the  direction  of  the  applied 
load.  This  is  not  exactly  true;  for  certain  angular  positions 
of  the  ba^l  complement  the  two  directions  may  deviate  by  as 
much  as  3  ,  or  approximately  6%  of  the  angular  spacing  between 
the  balls.  The  curves  of  Enclosures  11-16  therefore  give  only 
the  approximate  relationship  between  the  two  parameters.  The 
error  introduced  by  this  approximation  was  numerically  eval¬ 
uated  for  the  nine  lowest  harmonics  in  the  direction  of  the 
load  for  a  value  of  ^  =  0,08.  This  value  of  (a  was  selected 
because,fur  all  nine  harmonics  ,  C£1  (according  to 
Enclosures  11-16)  has  a  maximum  near  this  point. 
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plotted  values  of  Cfi  are  within  £25£  of ' the- computed 
values*  This  error  is  not  considered  excessive  and  it  is 
therefore  believed  that  the  graphs  on  Enclosures  11-16  can 
be  used  to  obtain  at  least-order  of  magnitude  estimates  of 
the  amplitudes  of  the  various  harmonics  of  the  variable 
compliance  vibrations. 

S.  The  amplitude  of  the  i:th  (i»l,  2  ...  9)  harmonic  may  be 
obtained  by: 

a.  Computing  the  " load/looseness  parameter  <3  "  from 
Equation  (1.3. 3-2). 

b.  Obtaining  the  value  of  the  "amplitude  load  parameter"  Co) 
or  CjJ  for  the  given  <3  value  from  Enclosures  11-16. 

c.  Computing  the  RMS  velocity  of  the  lith  harmonic  from  the 
equations : 

In  the  direction  of  the  load 

SL 

»  29.4  N  (Cftt|[c£l  (1. 3.3-5) 


In  the  direction  of  perpendicular  to  the  load 

bt  '  M  |C„ 


(1.3, 3-6) 


6.  It  is  seen  from  Enclosures  11-16  that  the  amplitude  of  any 
harmonic  of  either  velocity  component,  parallel  or  perpen¬ 
dicular  to  load  (but  not  both  components  or  several  harmon¬ 
ics  simultaneously);  oan  be  made  equal  to  zero,  by  suitable 
selection  of  the  radial  load  and  radial  looseness.  The 
resultant  amplitude  of  any  harmonic  can  be  minimized  at  a 
relatively  low  level. 

7.  The  amplitudes  of  the  harmonics  generally  decrease  with  the 
order  of  tho  harmonic. 
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8.'  The  resu-fcts  appLy-strictly  oaJ-yHFb*  eFl 

purely  radial  load,  -Under  purely-axlal- -load  vibrations- - . — 

due  to  the  variable  eompllanoe  of. the  bearing  are  not 
generated.  If  the  bearing  operates  under  combined  load, 

the  motion  depends  on  the  relative  magnitudes  of  the  axial . 

and  radial  loads.  If  the  axial  load  is  small  compared  to 
the  radial  then  the  contact  angle  in  the  load  zone  approaches 
zero  and  the  motion  can  be  assumed  to  be  the  same  as  for 
purely  radial  load.  An  increase  in  axial  load  tends  to 
equalize  the  ball  loads,  which  results  generally  in  decreasing 
amplitudes  of  the  variable  compliance  vibration.  As  the 
ratio  between  axial  ana  radial  load  increases  these  vibrations 
decrease  and  become  zero  for  an  infinite  load  ratio. 


The  amplitudes  of  the  vibration  induced  by  the  variable  elastic 
compliance  will  be  compared  to  the  amplitudes  generated  by  other 
sources  in  1,3.23. 


1.3.4  EiejjuLaI~VikralLflasL_af_lha_Qulur_fiiatuaiifi._lu_aaLL_Lau.iLa. 

Flexural  vibrations  of  the  outer  ring  due  to  ball  loads  occur  in 
an  axially  as  well  as  a  radially  loaded  bearing.  For  details  of  these 
vibrations  see  Special  B  ESIF  Report  No.  AL61L037. ( 1) . 

The  flexural  vibrations  of  the  outer  ring,  induced  by  the  ball 
loads  in  an  axially  loaded  bearing,  hove  the  following  characteristics: 

1.  Any  given  point-  of  the  outer  ring  undergoes  a  periodic  motion 
in  the  radial  direction.  The  fundamental  frequency  of  the 
motion  is  the  frequency  of  balls  passing  a  given  point  of  the 
stationary  outer  ring  of  the  bearing.  This  frequency  is 


!-•&['  '  dcos*] 
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where 

o(,  -  contact  angle  •  -  - ; 

and  ?  ,  N  ,  JD  and  as  defined  in  1.3.3. 

This  frequency  is  the  same  as  the  fundamental  frequency  of 
the  variable  compliance  vibrations. 


AL43LQ23 


2.  Higher  harmonics,  which  are  multiples  of  the  fundamental 
frequency;  are  also  present. 

3.  In  a  thin  ring  (such  as  the  outer  ring  of  most  bearings)  of 
mean  radius  R  .  and  second  moment  of  area  of  the  ring  cross- 
section  X  ,  loaded  by  a  axial  1<.  u  the  RMS  velocity 
amplitude  of  the  k:th  harmonic  of  the  flexural  vibrations  is 
given  by 


t  FAnVtH[<  -§“i«] 
El  [fltO1- 


(1. 3.4-2) 


where  £.  i s  the  modulus  of  elasticity  of  the  ring  material  and 
2  ,  N  ,  3)  ,  d  and  are  as  defined  in  1.3.3  and  1.3.4. 


It  is  seen  that  the  velocity  due  to  this  type  of  vibratory 
motion  is  directly  proportional  to  the  applied  load  and  speed 
and  decreases  inversely  with  the  cube  of  Z  and  with  the  cube 
of  the  order  k  of  the  harmonic.  The  fundamental  frequency 
is  therefore  highly  predominant.  The  velocity  amplitude  of 
the  second  harmonic  Is  approximately  12)1  and  the  third  approx¬ 
imately  3,5)1  of  that  of  the  fundamental.  Higher  harmonics 
have  successively  lower  amplitudes. 

In  a  bearing  of  a  given  configuration  the  vibration  level 
decreases  with  increasing  stiffness  the  outer  ring. 

4.  Although  the  analysis  applies  strictly  only  when  the  ring  Is 
loaded  by  equally  spaced,  equal  radial  loads  such  as  occur  when 
the  bearing  supports  purely  axial  load,  the  vibration  due  to 
radial  load  can  be  estimated  by  using  an  equivalent  value  of 
which  produces  the  same  maximum  ball  load  as  the  radial  loading 
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This  value  of  is  given  approximately  by- > 

STg_  -  ■■■-■■ 

^  <*»*« 

where  is  the  applied  radial  load.  Equation  (1.3.4-2)  as 
applied  to  radial  loading  then  becomes 

7  .  -§eo^°0 

\zfZ  ETjJktf-lfW  U.3.4-3) 

The  amplitudes  of  these  vibrations  will  be  compared  to  vibration 
amplitudes  generated  by  other  sources  in  1.3.23 


1.3.5  Vibrations  Generated  by  Geometrical  Imperfections  of  the  Rolling 


In  every  ball  bearing  small  deviations  from  the  perfect  geometrical 
shape  of  the  bolls  and  rolling  paths  of  the  races  exist.  These  imper¬ 
fections  Include: 

a.  Random  deviations  from  the  perfect  circular  shape  of  the 
rolling  paths  of  races  and  balls.  These  deviations  are 
called  wavlness. 

b.  Eccentricity  (wavlness  of  the  order:  one  wave  per  cir¬ 
cumference)  . 

c.  Two  point  out-of-roundness  (wavlness  of  the  order:  two 
waves  per  circumference). 

d.  Variations  between  the  average  diameters  of  the  different 
balls  in  the  bearing. 


1.3.6  General  Description  nf  Vibratory  Motion  of  the  Outer  Rina 

When  the  surface  imperfections  are  rolled  over  in  the  rotating 
bearing  they  generate  outer  ring  vibrations  by: 

a.  Displacing  the  outer  ring  as  a  rigid  body  (its  center 
moves  under  the  influence  of  the  varying  ball  loads). 
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b.  Deforming  the  outer  ring  elastically,  mainly  by  - - 

bending  it  and  thus  inducing  flexural  vibrations 
in  addition  to  those  generated  by  a  geometrically 
perfect  bearing. 

The  dynamic  system  consisting  of  the  non-rotating  rigid  outer 
ring  supported  by  the  balls  is  a  system  with  five  degrees  of  freedom, 
i.e.,  the  ring  is  free  to  move  radislly  and  axially  as  well  as 
angularly.  The  total  displacement  of  the  ring  is  defined  by  the 
following  five  displacement  components,  as  illustrated  by  Enclosure 
17: 

a.  The  vertical  displacement  of  the  outer  ring  center,  . 

b.  The  horizontal  displacement  of  the  outer  ring  center, 
where  the  selection  of  "vertical'1  and  "horizontal" 
directions  can  be  arbitrary. 

c.  The  axial  displacement  of  the  outer  ring  center,^ 

d.  The  angular  displacement  of  the  outer  ring  in  the  horizon¬ 
tal  direction,  defined  by  the  angle  in  Enclosure  17. 

e.  The  angular  displacement  of  the  outer  ring  in  tho 
vertical  direction,  defined  by  the  angle  Ay  in  Enclosure 
17. 

In  addition  to  this  rigid  body  motion,  the  vibratory  motion  of 
the  outer  ring  is  also  affected  by  the  motion  due  to  elastic  defor- 
matton  of  the  outer  ring.  Of  the  elastic  vibrations  the  flexural 
vibrations  in  the  plane  of  the  ring  have  been  found  to  be  predominant 
and  will  be  considered  along  with  the  rigid  body  vibrations. 


1.3.7  Contact  Deformations  in  Ball  Bearings 


Both  the  rigid  body  vibration  and  the  flexural  vibrations  of  the 
outer  ring  are  influenced  by  the  contact  deformations  between  balls 
and  races.  These  deformations  follow  the  non-linear  Hertzian  law: 


3/2 


(1.3. 7-1) 
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where  ■  ■■  — - 

P  z  load  at  the  contact 

$  -  elastic  deformation  in  the  direction  of  the  load  P  . 

Cj  =  constant,  related  to  the  shape  and  elastic  properties  of  the 
contacting  bodies*. 

In  the  theoretical  treatment  of  the  outer  ring  vibrations  it  was 
found  advantageous  to  use  the  following  linear  approximation  of 
Equation  (1.3. 7-1) 

k./5-J)  +  P  (1. 3.7-2) 


where 

<3  -  average  deformation  occurring  under  a  load  a  . 

z  linear  coefficient  of  contact  deformation,  related  to  the 
Hertzian  coefficient  by 


k 


U 


(1.3. 7-3) 


Equations  (1.3. 7-2)  and  (1.3. 7-3)  arc  valid  in  the  neighborhood 
of  the  pointfi«3  ,  P*  P  ,  and  Equation  (1. 3.7-2)  thus  givesa  satisfactory 
approximation  of  Equation  (1.3. 7-1)  as  long  as  J;he  range  I  3-  3j 
is  small  compared  to  the  average  deformation  3  . 

For  a  bearing  with  Z  balls  and  contact  angle  o<  operating  under 
an  axial  load  ,  the  linearized  coefficient  may  be  expressed  as 


(1.3. 7-4) 


*  For  the  analytical  expression  relating  to  geometry  and  material 
parameters  of  the  contact,  see  e.g.,  Palmgren  (5). 
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where  C;  a„d  c0  are  the  Hertzian  coeTfl c le n  t s^at "t he  =6 alT~o oliTac^ a 
with  the  inner  and  outer  races,  respectively. 

Enclosure  18  lists  numerical  values  of  the  quantity  FA  , 
computed  for  a  few  common  deep  groove  ball  bearing  sizes.  From  this 
tabulation  the  value  of  can  be  obtained  for  any  given  axial  load 
,  and  for  three  selected  values  of  the  contact  angle  c*  .  The 
table  is  based  on  an  inner  and  outer  ring  groove  conformity  of  51.75%. 
For  any  given  groove  conformity,  contact  angle,  and  number  of  balls, 

<fj  is  mainly  influenced  by  the  ball  diameter  and  only  to  a  minor 
degree  by  the  groove  diameters  of  the  inner  and  outer  rings.  A  good 
approximation  of  k*,  for  any  bearing  size  (accurate  within  1%)  can 
therefore  be  obtained  by  disregarding  the  differencos  in  groove  dia¬ 
meters  between  various  bearing  sizes  and  considering  the  effect  of 
ball  size  only.  For  a  given  load,  contact  Bngle,  groove  conformity 
and  number  of  balls,  may  then  be  regarded  as  a  function  of  ball 

diameter  only.  This  is  illustrated  by  Enclosure  10  which  shows  graph! 
cally  the  quantity 


computed  in  this  manner  as  a  function  of  ball  diameter,  for  various 
groove  conformities  in  the  range  between  50.5  and  60%.  In  the  com¬ 
putations  the  groove  diameters  of  an  "average  size"  bearing  were 
used.  The  6207  size  was  selected  for  this  purpose.  It  is  seen  that 
for  a  constant  axial  load  and  number  of  balls  kM  Increases  with  ball 
size.  For  constant  ball  diameter  and  axial  load  Is  Inversely 
proportional  to  the  cube  root  of  the  number  of  balls.  It  is  also  seen 
from  Enclosure  19  that  tightening  the  conformity  Increases  kN  , 
Enclosure  19  is  based  on  equal  inner  ring  and  outer  ring  conformities. 
If  these  differ  from  each  other.  Enclosure  19  may  be  applied  to  the 
average  of  the  two  conformities.  The  error,  introduced  by  this  pro¬ 
cedure  is  less  than  4%,  for  conformities  in  the  range  between  51  and 
56%,  but  may  amount  to  as  much  as  20%  for  the  total  range  between 
50.5  and  60%. 
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!  1.3.8  Frequencies  of  iligid  Body  Vibrations  Gene r a t ed“by  Geometrical^’"  ™ 

iimtifixiiaas - - 

The  vibration  spectrum  of  the  rigid  body  motion  of  the  bearing 
is  characterized  by  a  great  number  of  discrete  peaks.  These  peaks 
may  be  classified  into  two  categories: 

1.  Linear  peaks«  the  frequencies  of  which  have  been  predicted 
theoretically  under  the  assumption  of  linearity  of  the  contact 
deformation  according  to  Equation  (1.3. 7-2).  They  have  been 
verified  experimentally  and  found  to  dominate  the  rigid  body 
vibration  spectrum. 

2.  Non-linear  peaks  which  occur  due  to  non-linear  elastic  be¬ 

haviour  in  a  bearing  with  large  values  of  ball  diameter  varia¬ 
tion.  eccentricity  or  of  low  order  waviness,  if  the  bearing  is 
not  operating  under  a  sufficiently  heavy  load  to  render  insig¬ 
nificant  the  ”non-iinear:T_eiiect  or  these  imperfections,  i.e, 
when  the  condl tion  no  longer  holds. 

The  predominant  vibration  peaks  generated  by  various  orders  or 
waviness  under  the  assumption  that  the  balls  act  as  linear  springs 
are  tabulated  in  Enclosure  20. 

It  is  seen  from  Enclosure  20  that: 

1.  Inner  ring,  outer  ring  and  ball  waviness  produce  radial, 
angular  and  axial  vibrations  ol'  the  outer  ring  of  the  bearing. 
Ball  diameter  variations  produce  radial  and  angular  vibrations, 
but  not  axial.  Only  certain  orders  of  race  and  ball  waviness 
generate  vibrations  according  to  the  linear  theory,  while  other 
orders  have  no  effect  at  all. 

2.  The  radial  and  angular  vibration  spectra  are  characterized  by 
vibration  peaks  at  exactly  the  same  frequencies.  The  following 
predominant  peaks  appear  in  these  spectra: 

a.  The  ball  passage  frequency  over  the  outer  ring  and  all 
multiples  of  it.  These  vibrations  are  induced  by  outer 
race  waviness  of  the  ordersni-t  and»?+J,  where  n  = 

1,  2,  3  ...  and  2  is  the  number  of  balls. 
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b.  The  rotational  frequency  of  the  cage  (no  multiples), 
induced  by  diameter  variations  among  tne  balls, 

c.  The  rotational  frequency  of  the  inner  ring  (no  multiples), 
induced  by  inner  ring  eccentricity. 

d.  Pairs  of  frequencies  centered  around  all  multiples  of 
tho  ball  passage  frequency  over  the  inner  ring  and 
spaced  one  inner  ring  rotation  frequency  from  the  center 
point  (no  peak  at  the  center  point).  These  are  Induced 
by  inner  -ing  waviness  of  the  orders  mi  ±1. 

e.  Pairs  of  frequencies  centered  around  all  even  multiples 

of  the  ball  polar  rotation  frequency  (in  a  system  attached 
to  the  cage)  and  spaced  one  cage  rotation  frequency  from 
their  center  point  (no  peak  at  the  center  point).  These 
are  induced  by  all  even  orders  of  ball  waviness. 

3.  The  axial  vibration  spectrum  is  characterised  by  paaka  at  the 
following  frequencies: 

a.  The  ball  passage  frequency  over  the  outer  ring,  and  all 
multiples  of  it.  These  vibrations  are  induced  by  outer 
race  waviness  of  the  orders  Y)Z  . 

b.  The  ball  passage  frequency  over  the  inner  ring,  and  all 
multiples  of  it.  These  vibrations  are  induced  by  inner 
race  waviness  of  the  orders  T)Z  . 

c.  Even  multiples  of  the  ball  polar  rotation  frequency. 

These  vibrations  are  induced  by  all  even  orders  of  ball 
waviness . 

Vibration  peaks  in  the  radial,  angular  and  axial  vibration  spectrum 
are  introduced  by  non-linear  rigid  ring  effects,  as  well  as  by  the 
linear  effects  of  rigid  ring  theory.  The  peaks  appearing  in  the  radial 
spectrum  due  to  non-linear  effects  are  also  tabulated  in  Enclosure  20. 
(The  non-linear  effectR  on  axial  and  angular  vibrations  have  not  been 
studied.)  It  is  seen  that  non-linear  peaks  appear  at  the  following 
frequencies : 
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1.  Every  multiple  of  the  cage  rotation  frequency,  (‘over  the 
outer  ring)  not  appearing  in  the  linear  case,  is  induced 
non-lineariy  by  outer  ring  waviness. 

2.  Pairs  of  frequencies  centered  around  all  multiples  of  the 
cage  rotation  frequency  over  the  inner  ring  except  around 
the  multiples  appearing  in  the  linear  case,  and  spaced  one 
cage-over-outer  ring  frequency  from  their  center  point.  (No 
peak  at  the  center  point.)  These  are  non-linearly  induced 
by  inner  ring  waviness  of  order  )0*- YiZi.1 . 

Synthetic  spectra,  computed  from  linear  rigid  ring  theory  for 
a  6305  bearing  rotating  at  1600  RPM  are  shown  on  Enclosures  21  and 
22.  These  spectra  are  intended  to  show  frequency,  but  not  amplitude 
relationships . 


II 

U 

II 

si 


Enclosures  23-25  show  a  few  typical  experimentally  obtained 
soectra  for  bearings  running  at  1800  RPM.  The  angular  and  axial 
spectra  were  recorded  using  two  pickups  and  instrumentation  as  described 
in  1,2,11. 


The  peaks  explainable  by  linear  rigid  ring  theory  are  marked  or 
these  spectra.  It  appears  that  most  of  theoretically  predicted  fre¬ 
quencies  according  to  the  linear  rigid  ring  theory  can  be  verified, 
at  least  in  the  0-600  cps  frequency  range. 


1.3.9  Frequencies  of  Flexural  Vibrations  Induced  by  Low  Order  Ring 

W.U.U  HJBJ8.il _ _ 

The  frequencies  generated  by  various  surface  imperfections,  as 
given  above,  apply  to  bearings  with  flexurally  rigid  rings.  If  the 
outer  ring  Is  assumed  to  bend  under  the  influence  of  the  ball  loads 
then  not  only  the  rigid  body  motion,  but  also  the  flexural  vibrations 
of  the  outer  ring,  induced  by  the  rolling  surface  imperfections,  must 
be  considered. 

In  addition  to  the  flexural  vibrations  due  to  ball  loads,  dis¬ 
cussed  above,  which  are  induced  even  in  a  bearing  with  geometrically 
perfect  rolling  surfaces,  the  surface  imperfections  also  produce 
forced  flexural  vibrations  of  the  outer  ring.  These  vibrations  have 
the  following  frequency  characteristics: 


t 
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1.  Inner  ring  wariness -of  the  order^k  wpcproduoesflexural^ 
vibrations  of  the  outer  ring  with  a  predominant  peak  of 

k  times  the  rotational  frequency.  The  amplitudes  at 
other  frequencies  are  small  compared  to  the  peak  at 
times  the  rotational  frequency.  i,e.«  inner  ring  waviness 
of  the  order  of  2  wpc  generates  vibrations  at  twice  the 
rotational  frequenoy.  3  wpc  at  three  times  the  rotational 
frequency*  etc.  The  amplitudes  of  the  vibrations  are 
significant  only  for  low  orders  of  waviness. 

2.  Low  order  outer  ring  wavlness  affects  the  amplitudes  of 
the  vibrations  at  ball  passage  frequency  ovor  the  outer 
ring,  and  higher  harmonics  of  this  frequenoy.  This  effect 
is  due  to  the  finite  number  of  balls  and  decreases  as  the 
number  of  bolls  increases. 

An  experimentally  obtained  spectrum  of  a  bearing  with  ccm- 
paiativolv  high  inner  ring  two  and  three  point  out  of  roundness  is 
shown  on  Enclosure  26.  The  spectrum  shows  predominant  peaks  at 
twice  and  three  times  the  rotational  frequency. 


1.3.10 


Enclosure  27  shows  a  complete  synthetic  spectrum  of  the  radial 
vibrations  of  an  axially  loaded  6305  bearing  with  peaks  according 
to  linear  and  non-linear  rigid  ring  theory  as  well  as  the  peaks  in- 
duoed  by  flexural  vibrations  due  to  low  order  Inner  race  waviness. 
(The  flexural  peaks  up  to  five  times  the  rotational  frequency  are 
shown.)  For  completeness  the  peaks  induced  by  ball  loads  due  to 
the  finite  number  of  the  balls  are  also  shown  (three  harmonies  have 
been  included).  This  spectrum  Is  not  intended  to  show  amplitudes* 
but  linear  peaks  are  shown  at  higher  amplitude  than  non-linear. peaks 
to  indicate  their  predominance. 
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1.3.11  Relationship  Between'  Waviness  and  Vibration  Frequencies  "" 

fta&amful  .u  ElnliftJBfliuU - - . - - 

Since  both  vibration  and  waviness  commonly  are  measured  in  finite 
bands,  it  is  often  advantageous  to  compute  the  approximate  waviness 
bands  that  correspond  to  given  vibration  bands. 

Enclosures  28  and  29  are  tabulations  of  the  ranges  of  orders  of 
inner  ring,  outer  ring  and  ball  waviness  that  generate  vibrations  in 
the  three  Anderometer  bands.  50-300  cps .  300-1800  cps  and  1600-10000 
cps  for  a  bearing  rotating  at  1800  RPM.  A  few  common  bearing  sizes  in 
the  6200  and  6300  series  are  listed.  The  ranges  include  vibration 
generated  by  both  the  linear  and  non-linear  rigid  ring  theory.  Flexural 
vibrations  due  to  low  order  ring  waviness  are  also  listed.  The  ranges 
are  only  approximate  since  they  are  not  based  on  the  exact  discrete 
frequency  peaks  generated  by  each  order  gf  waviness.  but  only  on  average 
values.  These  results  are  based  on  a  15  contact  angle. 

To  compute  the  approximate  ranges  of  orders  of  waviness  in 
Enclosures  28  and  29.  the  following  equations  were  used: 


(1.3.11-1) 

(1.3.11-2) 


•  i. 
h 


(1.3.11-3) 


where  k i  .  and  fc*  are  the  orders  of  inner  ring 
ball  waviness  respectively,  generating  vibrations 
/c  is  the  rotational  frequency  of  the  oage  with 
ring  the  frequency  of  the  cage  with  respect  to 
the  polar  rotation  frequency  of  the  ball,  in  cps. 


,  outer  ring  and 
of  frequency  j-  cps, 
respect  to  outer 
the  inner  ring  andj£ 
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X  .3.12  Amplitude  of  V  i  irrft  t.i  lin  *  SknHffltftdhy  GftftJnH  t  rift  a  1  iMpaj.f  ft.O  t.l 

The  amplitude  of  the  vibration  generated  at  any  given  frequency  by 
geometrical  imperfections  of  the  rolling  surfaces  depends  on: 

1,  The  amplitude  of  the  geometrical  imperfection  generating 
vibrations  at  the  given  frequency. 

2.  The  vibration  transmission  characteristics  of  the  bearing 
which  relate  the  "input**  amplitude  (waviness)  to  the  "output" 
amplitude  (vibration)  as  follows: 

X  »TW  (1.3.12-1) 


where 

X  z  tl  1  s pi avoideii t  amplitude  of  vibrations  at  a  given  frequency. 

W-  displacement  amplitude  of  geometrical  imperfection  generating 
the  vibration  amplitude  X  . 

T  »  amplification  factor. 

In  a  linear  system  T  is  a  constant  independent  of  w  ,  For  a 
bearing  operating  under  constant  load  and  speed,  T  may  be  assumed  to 
be  independent  of  w  for  the  linearly  induoed  rigid  ring  vibrations 
as  well  as  the  flexural  vibrations  induced  by  low  order  waviness.  For 
these  vibrations  the  vibration  amplitudes  at  any  given  frequenoy  are 
proportional  to  the  amplitudes  of  the  geometrical  imperfections  gener¬ 
ating  this  frequency. 

The  proportionality  factor  T  for  rigid  ring  vibration  depends  on 
the  following  principal  parameters: 

a.  The  frequenoy  of  the  induoed  vibration  compared  to  the 
resonant  frequenoy  of  the  bearing. 

b.  The  origin  of  the  vibration;  whether  induoed  by  Inner  or 
outer  ring  waviness,  by  ball  waviness  or  by  ball  diameter 
variation. 
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c.  If  the  bearing  Is  mounted  i ii  a  radially  and  anguTarly 
elastic  housing,  T  depends  on  the  radial  and  angular 
spring  constants  of  the  housing. 


The  amplification  factor  T  for  flexural  vibration  induced  by 
low  order  inner  ring  waviness  depends  on: 

1.  The  order  of  waviness 

2.  The  outer  ring  rigidity 

3.  The  number  of  balls 

4.  The  spring  constant  of  the  balls 

The  amplification  faotors  will  be  discussed  in  more  detail  in 
1.3.16. 


1.3.13  NatJir.a-LE.r.e.g.uan.c.La.a. 

Like  any  other  elastic  system  a  ball  bearing  has  a  number  of 
natural  modes  of  vibration.  If  the  bearing  is  excited  at  a  frequency 
corresponding  to  any  of  these  modes,  comparatively  high  amplitudes  are 
expected  at  this  frequency. 

According  to  the  modes  of  vibration,  the  natural  frequencies  of 
the  outer  ring  supported  by  the  balls  may  be  divided  into  two  categories 

1.  Natural  frequencies  of  the  rigid  body  motion  of  the  outer  ring 
(the  outer  ring  deforms  elastically  only  at  its  contacts  with 
the  balls), 

2.  Natural  frequencies  of  the  elastic  vibrations  of  the  outer  ring 
(the  outer  ring  deforms  elastically,  e.g.,  by  bending). 


1.3.14  MainEfll. 

The  natural  frequencies  of  the  rigid  body  motion  have  been  studied 
for  the  free  outer  ring  supported  only  by  the  balls  and  also  for  the 
outer  ring  supported  by  the  balls  and  mounted  in  a  housing  which  is 
elastic  both  radially  and  angularly. 
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The  natural  frequencies  of  the  rigid  body  motion  of  the  outer 
ring  are  influenced  by  the  following  parameters: 

1.  The  radial  spring  constant  of  the  housing.  It  is  assumed 
that  the  housing  is  linearly  elastic  with  equal  spring  con¬ 
stant  in  every  radial  direction*  i.e.*  the  radial  force  re¬ 
quired  to  produce  a  radial  displacement  X  of  the  outer  ring 
(not  supported  by  balls)  in  an  arbitrary  angular  direction 

9  «  is  given  by  the  equation: 

F«'k"*  (1.3.14-1) 

2.  The  anguMr  spring  constant  .  It  is  assumed  that  the 

housing  ts  as  a  linear  spring*  producing  a  restoring  moment 
proportional  to  the  displacement  angle  .  For  any  angular 

direction  Q  the  moment  is  given  by 

(1.3.14-2) 

3.  The  linearized  coefficient  of  contact  deformation  fv  ,  as 
given  by  Equation  (I. 3. 7-3), 

4.  The  outer  ring  mass  M  .  Ball  mass  is  assumod  to  be  negligi¬ 
ble. 

5.  The  moment  of  Inertia  Jn  of  the  outer  ring  with  respect  to  a 
diameter  through  the  center  plane  of  the  bearing. 

6.  The  radius  R  from  bearing  center  to  outer  ring  groove  centor. 

7.  The  radius  R*  from  bearing  axis  to  point  of  oontaot  between  ball 
and  outer  ring. 

8.  The  contact  angle  oi  . 

9.  The  number  of  balls*  t  . 


-33- 

RESEARCH  LABORATORY  BKP  INDUSTRIES.  INC. 


AL63L023 

There  are  three  natural  frequencies  of  rigid  body,  motions  and 
they  are  given.  In  ops  by: 

"Jff  Ki^o  (1.3.14-3) 

*1®"*  (1.3.14-4) 

fA’  Tjt  ka^  (i-3-14-5) 

The  frequencies  fa i  and  fag,  apply  to  both  the  radial  and  the 
angular  node  of  vibration,  jA  appUaa  to  the  axial  mode  only. 


In  these  equations 


o .  fm 

V  2M 

■t 

(1.3.14-6) 

Kj  *  [if  “"n/? +  ^3  J 

(1.3.14-7) 

Kj=  [*(«,♦  tn*fj  +  WI+  Hi  J 

(1.3.14-0) 

Ka»  v/T  si** 

(1.3.14-9) 

where 

(1.3.14-10) 
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H2“  00 ^  “  (f)*')**** 

(1.3.14-11) 

H3  -  (|)^  Smo<caS^ 

(1.3.14-12) 

g  2kR 

(1.3.14-13) 

(1.3.14-14) 

V  ^ 

(1.3.14-15) 

r  -r 

(O  j» .  3.  2  radius  of  gyration  of  outer 
^  V  /\  ring  about  a  diameter 

(1.3.14-16) 

The  bearing  has  only  one  finite  resonant  frequency  In  the 
radial  and  angular  node  when 

a.  The  outer  ring  is  radially  and  angularly  free  (the 
spring  constants  and  ere  zero).  In  this  case 

f  a  q  (1.3.14-17) 

<i.3.i4-ie> 

b.  The  housing  is  radially  stiff  (infinite  spring  constant 

> 

For  90  and  k^*© 

f*)  00  (1.3.14-19) 

jjf  (f)^  (1.3.14-20) 
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o.  The  housing  is  angularly  stiff  (infinite  spring 
eonstant  ) 

For  ^->Co  ana  •*© 

CI.3.H-2U 

4*1  00  CI. 3. 14-22) 


1,3.15  Hfllm&l  Frequ.eji.ol.as  of  Elastic  Vibrations 

The  natural  frequencies  of  the  elastic  vibrations  of  the  outer 
ring  have  been  computed  under  the  assumption  that  the  inner  ring  is 
rigid  and  Joined  to  the  outer  ring  by  a  set  of  equally  spaoed,  identical, 
elastic  balls.  The  outer  ring  is  presumed  to  be  an  clastic  circular 
ring  which  performs  only  flexural  vibrations  in  its  own  piano.  Other 
ring  motions  such  as  pure  radial  (expunslonal)  circumferential (  and 
torsional  vibrations  are  known  to  be  of  -wall  amplitude  and  consequently 
are  of  little  interest  in  this  investigation.  Only  the  case  of  the 
free  outer  ring  supported  by  the  balls  (not  mounted  in  a  housing)  has 
been  treated. 


The  study  shows  that  a  ring  with  multiple  elastic  supports  (suoh 
as  baaring  outer  ring  supported  by  the  balls)  has  a  sequence  of 
na  ural  frequencies  of  flexural  vibrutions  which  are  n.ot.  integral 
multiples  of  a  fundamental  frequency  and  are  dependent  on. ring  mass  and 
on  the  elastic  properties  of  ring  and  supports.  These  natural  fre¬ 
quencies  in  cps  are  given  by  the  equation 


where 


r  m 

r ,  i  .v’-Jter  ,  Un 

^  MT 

2  £?y>+l 


(1.3.15-1) 


-  natural  frequency  in  ops 
£  -  Young’s  modulus  of  elast.city 

I  s  second  moment  of  area  of  the  ring  cross-section 
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R  b  mean  radius  of  ring 

kM  S  linearized  Hertzian  coefficient  (See  Equation  1.3. 7-4) 

s  mass  density  of  ring 
A  across  section  area  of  ring 
Z  s  number  of  balls 
tt  *  any  positive  integer>0 

The  restriction  on  Z  in  Equation  (1.3.15-1)  is  a  restriction 
on  the  validity  of  the  equation,  but  not  on  the  exlstenoe  of  higher 
natural  frequencies. 

In  Enclosure  30*  computed  natural  frequencies  of  a  few  typical 
bearings  are  listed.  The  computations  were  performed  for  15*  contact 
angle  and  an  axial  load  of  25  lbs. 

Since  the  spring  constant  k*  depends  on  the  axial  load  and  on 
the  contuot  angle  of  the  bearing*  the  natural  frequencies  are  in¬ 
fluenced  by  these  parameters.  With  the  exception  of  very  light  loads 
and  small  contact  angles  these  effects  are  comparatively  small. 


1.3. 16  Bi&alflliaiiiaat-AllLBlJL£LaflAl.aa-F.a.o.tJnia— for._Rlg.ld  Body-Mot  ion. 

The  rigid  body  displacement  amplification  factors  T  Introduced 
in  Equation  (1.3.12-1)  are  different  for  radial*  angular  and  axial 
vibrations*  and  are  given  by  the  following  equations: 


For  radial  vibrations 

T  I.  (f?) "*«[!»(#)-£] 

*  rr-wcfw..] 


For 


angular  vibrations 


uMzfli 

jjN'.W'/.y  I 


(1.3.16-1) 


(1.3.16-2) 
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For  axial  vibrations 

7^  *  2g$iS\«i 


( 

in) 

^-2 
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(1.3.16-3) 


where  the  parameter  Q  and  the  frequency  4-  are  given  by  the  table 
below: 


Radial  and  Angular 
T*  and  T„ 

Vibration 

Axial  vi oration 

_ Is _ 

.  9 

* 

k 

L  .JL. 

inner  Ring  Waviness 

1 

y\i~  i 

1 

712 

Outer  Ring  Wariness 

1 

'He 

mit  i 

1 

VJ2 

Ball  Waviness 

Jf 

2n 

■Jf 

*<ffr 

2-m 

Ball  Diameter  Variation 

2 

l 

ic 

The  coefficients  q  ,  for  ball  waviness  and  ball  diameter  variation 
are  based  on  the  following  simplifying  assumptions: 


1.  The  variation  of  waviness  from  ball  to  ball  between 

various  diameter  on  the  same  ball  has  been  neglected,  by  using 
average  values  of  the  amplitudes  of  the  various  ball  waviness 
harmonics  (See  Report  AL61L032  page  23  (1)). 

2.  The  factor  3  for  ball  diameter  variation  was  computed  under 
the  assumption  that  all  the  balls  in  the  bearing,  except  for 
one,  have  the  same  diameter.  (See  Report  AL61L032  page  32  (1)). 


Typical  curves  showing  the  amplification  factor  as  a  function 
of  frequency  are  g'lven  in  Enclosures  31-38. for  different  values  of 
the  elastic  constants  fg  and  .  It  is  seen  that  the  resonant 

frequencies  of  the  system  can  be  varied  within  a  wide  range  by  changing 
the  elastic  constants  of  the  housing.  It  is  also  possible  to  select 
the  values  of  fRand  so  that,  for  any  given  frequency,  either  the 
radial  or  angular  vibration  amplitudes  are  zero. 
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1 .3.17  Veloci  ty  Band  Bid  th.  Ampl.Lfl aatl-qn. FjatQrn  f Sr M>.lg l-ri-Boriy  Mati  nn 


In  the  practice  of  bearing  vibration  and  waviness  testing  these 
quantities  are  measured  as  total  velocity  levels  within  frequency  bands  o 
finite  width.  It  is,  therefore,  important  to  determine  the  relation** 
ship  between  waviness  measured  In  a  finite  band  and  vibration  measured 
in  a  "corresponding"  band.  This  oan  be  done  by  using  "velocity  band 
width  amplification  factor^',  defined  by 


u- 


v 

w 


(I. 3. 17-1) 


where  V  i B  the  RMS  value  of  the  vibration  velocity  measured  in  a 
given  finite  band,  and  W  is  the  RMS  value  of  the  waviness  also  expressed 
in  units  of  velooity,  and  measured  in  a  band  corresponding  to  the 
vibration  band,  i.e.,  the  waviness  band  is  selected  so  that  the  wavlness 
measured  will  generate  vibration  frequencies  within  the  band  used  in 
the  vibration  measurements. 

The  following  approximate  relationship  holds  for  the  "band  level 
amplification  factors"  "U*  ,  and  for  outer  ring,  inner  ring 

and  ball  waviness,  respectively: 


For  radial  vibration 


(1.3.17-2) 

(1.3.17-3) 

(1.3.17-4) 

For  axial  vibration 

rrii  -J _ 

V0-  \  1  ^yy,  SlMM 

(1.3.17-5) 
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(i.57l7-6) 


(1.3. 17-7) 


Equations  1.3.17-2  to  1.3.17-7  tBke  into  account  the  effect  of 
the  linearly  induced  peaks  only.  The  frequencies  and 

are  the  rulationci  frequencies  used  In  the  measurements  of  outer  ring, 
inner  ring  and  ball  wavlness,  respectively. 

The  Equations  1.3.17-2  to  1,3.17-7  are  strictly  valid  only  under 
the  following  conditions: 

1.  The  waviness  harmonics  of  a  given  bearing  element  are  all  of 
the  sane  velocity  amplitude  within  bands  of  the  width  con- 

s 1 dered . 

2.  The  bands  are  narrow  enough  that  an  amplification  factor  at 
any  frequency  within  the  band  can  be  approximated  by  the 
same  amnl i f i cat  ion  factor  taken  at  the  (arithmetic)  center 
frequency  of  the  band.  (This  presupposes  that  the  band  does 
not  contain  any  of  the  resonant  frequencies.) 

3.  The  bands  are  wide  enough  to  cover  a  large  number  of  "lines" 
of  the  waviness  or  vibration  spectrum. 

It  is  seen  from  Equations  1.3.17-2  to  1.3.17-7  that  the  ratios 
TF0  :  XJj]  :  XTfc  are  the  same  for  radial  and  axial  vibrations. 

The  same  relationship  also  holds  for  angular  vibrations. 

It  also  appears  that  the  velocity  band  width  amplification  factors 
for  outer  and  inner  ring  and  ball  waviness  are  all  proportional  to  \jlfe  , 
where  Z  is  the  number  of  balls. 

An  amplification  factor  for  ball  diameter  variation  can  also  be 
conputed.  Since  its  formula  is  based  on  somewhat  restrictive  assump¬ 
tions,  it  is  not  cited  here,  but  can  be  found  in  Special  Report 
AL62L005  (1).  This  amplification  factor  is  proportional  to 

Enclosure  39  lists  the  amplification  factors  t To  ,  and 

for  a  few  bearing  sizes.  The  tabulation  is  based  on  a  rotational 
speed  of  1000  RPM  for  wavlness  testing  inner  and  outer  rings,  and  740 
RPM  for  waviness  tes t ing bal  1  s ,  The  rotational  speed  of  the  bearing 
at  vibration  testing  is  1800  RPM. 
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1 .3.18  Amplification  Factor  for  F lexu r a  1  Vibrat iwn  ttd USe’d “bylnn er - 
Ring  Wavlnaaa  oJl  .the  Order.  Two.  ILa.ua.s  Par  Circ.umf erotica 

The  displacement  amplification  factor  "Ty  for  flexural  outer  ring 
vibrations  due  to  2  wpc  inner  ring  waviness  is  given  by 


where  3 

2kwH 
y  *  ISTTBI 


(1.3.18-1) 


(1.3.10-2) 


kn  s  linearized  Hertzian  coeffioient  as  given  by  Equation  (1.3, 7-4) 
^  s  mean  radius  of  outer  ring. 

I  3  second  moment  of  area  of  outer  ring  cross-section. 


It  was  shown  in  Equation  (I. 3.7-4)  that  for  a  given  axial  loadyk^ 
is  proportional  to  l"*’1*  .  y  is  therefore  proportional  to  and  Ty 

increases  with  increasing  H  *  but  not  according  to  a  simple  power 
law. 


It  was  also  shown  in  Equation  (I. 3. 7-5)  and  Enclosure  19  that 
for  a  given  number  of  balls  and  a  given  axial  load  kNincreases  with  ball 
diameter,  y  *nd  *y  therefore  also  increase  with  ball  diameter. 

Since  y  is  inversely  proportional  to  the  rigidity  i/k'  of  the 
outer  ring,  decreases  with  increasing  rigidity  , 
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1.3.19  Effect  of  Load  on  Bearing  Vibration 

The  main  effects  of  the  applied  load  on  bearing  vibration  are 
summarized  below.  These  findings  are  based  on  experimental  and 
theoretical  analysis  of  6305  and  6310  bearings,  and  apply  to  an 
axial  load  range  of  20  to  200  lbs.  The  radial  load  tanges  are  25 
to  25‘0  lbs  for  the  6305  bearing  and  50  to  500  lbs  for  the  6310 
bearing.  The  results  have  been  verifted  for  test  speeds  in  the 
range  between  1000  and  3600  RPM. 

AAl.4i.ita.ad.. 

1.  The  linearized  Hertzian  coefficient  ^  is  proportional  to 
the  cube  root  of  the  axial  load,  FA  .  The  rigid  body  mode 
resonant  frequency  is  proportional  to  \fk^  ,  and  hence,  also 
proportional  to  *j“p^  .  This  resonant  frequency  therefore 
increases  with  axial  load,  and  a  change  in  the  axial  load  may 
therefore  changa  the  appearance  of  the  bearing  vihrat.ion 
spectrum  due  to  the  shift  in  the  resonant  frequency.  This 
effect  is,  however,  very  small  for  small  changes  in  the  load 
and  even  an  increase  In  load  by  a  factor  of  10  produces  an 
increose  in  the  resonant  frequencies  of  only  4594.  The 
resonant  frequencies  of  the  flexural  modes  of  vibration  are 
even  less  affected  by  changes  of  ,  as  seen  from  Equation 
(1.3.15-1). 

2.  Another  effect  of  the  change  In  k,j  due  to  changes  in  the 
axial  load  is  to  influence  the  amplitude  of  the  flexural 
vibration  due  to  inner  ring  waviness  of  two  wpc.  An  in¬ 
crease  in  the  axial  load,  according  to  Equations  (1,3.16-1) 
and  (1.3.18-2),  increases  the  amplification  factor  Ty  . 

This  effect  is  small  for  most  bearings  within  the  load  ranges 
normally  used  in  vibratton-critical  applications.  An  in¬ 
crease  in  the  axial  load  on  a  6305  bearing  from  20  to  200  lbs, 
results  in  an  increase  of  approximately  24%  in  . 

3.  The  experimentally  found  effect  of  axial  load  on  the  bearing 
vibration,  measured  in  octave  bands  in  a  radial  or  axial 
direction,  is  in  general  small  and  erratic.  For  details,  see 
Progress  Report  No.  8  (1).  The  effect  of  axial  load  on  the 
vibration  level  measured  in  the  three  Anderometer  bands  is 
also  briefly  discussed  in  Progress  Reports  No.  6,  7  and  8  (2), 
where  the  effect  of  axial  load  applied  to  6204,  6305  and  6207 
bearings  in  the  6  to  40  lbs  range  was  found  to  be  small. 
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Radial  Load 

1.  The  basic  findings  in  the  vibration  theory  for  a  bearing 
with  rigid  rings  operating  under  axial  load  also  apply  to 
a  bearing  under  radial  or  combined  load.  The  vibration 
frequencies  induced  ty  various  surface  imperfections  are 
the  same  for  both  loading  conditions.  The  effect  of  radial 
load  on  resonant  frequencies  and  flexural  outer  ring 
vibrations  is  comparable  to  that  of  the  axial  load. 

2.  The  effect  of  radial  load,  measured  in  octave  bands  in  a 
radial  or  axial  direction,  is,  in  general,  small  and  erratic. 
For  details  see  Progress  Reports  No.  4,  6  and  Q. 


1.3.20  The  Effect  of  Rotational  Speed  wn  Vibration  Level 

The  frequencies  of  the  vibrations  induced  bv  various  sources 
(such  as  geometrical  imperfections  of  the  rolling  surfaces,  flexural 
vibrations  due  to  the  ball  loads  and  variable  compliance  vibrations) 
are  all  proportional  to  the  rotational  speed  of  the  bearing. 

Let  V|(f) represent  the  RMS  vibrational  velocity  measured  in  an 
octave  band  with  midband  frequency  £  cps ,  at  a  rotational  spad  of  N. 
RPM.  "VI(  £  )  represents  the  reading  in  the  same  octave  band  at  a 
rotational  speed  ofN^RPM. 

In  a  non-resonant  region,  assuming  the  vibration  transmission 
characteristics  of  the  bearing  to  be  the  same  at  the  two  rotational 
s  peed  s 

•  T^(n^)  '1-3. 20-1) 

This  equation  follows  directly  from  the  proportionality  between 
vibration  frequencies  and  rotational  speed,  i.e.,  vibration  components 
occurring  at  a  frequency  f  at  the  rotational  speed  occur  at 

frequency  ^  at  a  rotational  speed  .  The  factor  is  due  to 

the  fact  that,  for  given  displacements,  the  velocity  amplitudes  are 
proportional  to  the  frequency,  and  thus  also  to  the  rotational  speed. 
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Equation  (1,3.20-1)  shows  that: 

1.  The  shape  of  the  spectrum  is  speed  independent  in  non¬ 
resonant  regions.  The  octave  band  spectrum  at  a  speed 
Is  obtained  from  the  spectrum  at  the  speed  jJ,  by  multi¬ 
plying  both  the  ordinate  and  abscissa  scales  by  the  speed 
ratio  /*)(  . 

2.  The  relationship  between  vibration  level  and  speed  can  be 
determined  at  any  given  frequency  from  Equation  (1.3.20-1) 
provided  that  the  spectrum  at  one  speed  is  known. 

Enclosures  40-43  show  experimentally  obtained  octave  band 
vibration  spectra  of  6305  and  6310  bearings.  These  spectra  are 
typical  only  of  the  bearings  used  in  the  tests  reported  in  Progress 
Reports  No.  4  and  5  (1),  and  it  should  be  realized  that  if  other 
manufacturing  methods  are  used  the  spectra  could  be  different  from 
these.  The  spectra  shown  nn  Enclosures  40-43  represent  average  values, 
measured  under  six  different  radial  loads.  The  vibration  was  measured 
In  the  direction  of  the  applied  radial  load  and  perpendicular  to  it, 
at  rotational  sneeds  of  1800  and  3600  RPM. 

The  spectra  of  Enclosures  40-43  may  be  used  to  study  the  validity 
of  Equation  (1.3.20-1)  for  the  bearings  used  in  the  tests.  Since  the 
two  rotational  speeds  used  differ  by  a  factor  of  2,  the  vibration 
amplitude  in  any  given  octave  band  at  3600  RPM  is,  according  to 
Equation  (1.3.20-1),  twice  the  amplitude  of  the  adjacent  lower  octave 
band  at  1800  RPM.  The  vibration  levels  Ir.  the  various  octaves  at 
3600  RPM  were  computed  in  this  manner  from  the  1800  RPM  spectrum,  and 
the  computed  values  are  also  shown  on  Enclosures  40-43.  A  comparison 
of  the  computed  and  experimental  spectrum  at  3600  RPM  shows  good 
agreement  between  the  two  spectra  of  the  6305  bearing  in  the  direction 
normal  to  the  load,  for  octaves  in  the  100-16GD  cps  range.  The  agree¬ 
ment  in  the  direction  of  the  load  is  somewhat  poorer.  A  similar 
tendency  is  observed  for  the  6310  bearing,  although  the  agreement  is 
somewhat  poorer  than  for  the  6305  bearing.  It  appears  that  Equation 
(1.3.20-1)  can  be  used  to  obtain  order  of  magnitude  estimates  of  the 
octave  band  vibration  levels  at  various  rotational  speeds  provided 
that  the  snect.rum  at  one  speed  is  known.  It  should,  of  course,  be 
realized  that  for  a  more  accurate  evaluation,  resonances  in  the  system 
must  be  taken  into  account.  For  frequencies  above  1600  cps,  the 
estimates  obtained  by  using  Equation  (1.3.20-1)  give  values  which  are 
too  large  for  the  higher  rotational  speeds,  which  could  indicate  that 
the  bearing  is  more  highly  damped  in  this  frequency  range  at  the 
higher  rotational  speeds  than  at  the  lower  speed  and  that,  therefore, 
the  amplitudes  in  these  (resonant)  bands  do  not  increase  propor¬ 
tionately  with  speed.  Another  possible  explanatioi  is  that  the  damping 
is  non-linear  increased  with  amolitude. 
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If  an  analytical  expression  for  the  relationship  between 
vibration  level  and  frequency  is  available,  the  speed  dependence 
of  the  vibration  level  in  any  given  octave  band  can  be  computed 
from  Equation  (1.3.20-1)  within  the  range  of  validity  of  this  Equation. 


For  instance,  assume  that  the  relationship  between  vibration  level 
and  frequency  is  linear  at  a  «needN(  ,  i.e,,  tout 


X-V.+  Kf  ) 


(1,3,20-2) 


where  Vi  ,  is  the  vibration  level  measured  in  an  octave  band  with 
midband  rreq uencyjf Vi s  a  positive  constant  and  Ka  positive  or  neg¬ 
ative  constant  and*®4#and  fa  define  the  frequency  limits  of  the 
validity  of  Equation  (1.3.20-1),  Then 


V2(f)*5'[vK^}>!s;v.+Kf ;  ^i,<  f 


(1.3.20-3) 


i.e,,  the  relationship  between  vibration  level,  in  a  given  octave, 
and  speed  is  also  linear.  If  Vj  is  constant  over  the  band  then’Vj 
is  also  constant  and  the  vibration  level  increases  proportionately 
with  the  rotational  speed. 


If  the  spectrum  at  speed  Mj  follows  a  power  law 

v.-Kf  ;  j<(<h 

where  K  and  are  constants, 

then  A  0  Kl 


(1.3,20-4) 


(1.3.20-5) 
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It  should  be  noted,  that  the  resonant  frequencies  of  a 
bearing  are  speed  Independent  and  the  analysis  therefore  is  not 
valid  in  regions  where  the  spectrum  contains  significant  resonances. 

It  is  seen  from  Enclosures  40-43  that  the  octave  band  vibration 
levels  at  a  given  speed  generally  decrease  with  frequency.  Since  the 
vibration  spectrum  varies  considerably  from  bearing  to  bearing,  no 
good  general  analytical  expression  can  be  written  for  this  relationship. 
Using  average  values  for  the  6305  and  6310  bearings  reported  in 
Progress  Reports  No.  4  and  5  (i),  the  following  equation  has  ueen 
found  to  represent  a  reasonably  good  aporoxtmation  for  these  particu¬ 
lar  bearings: 


(1.3.20-6) 


This  is  Illustrated  by  the  curve,  representing  Equation 
(1.3.20-6)  for  K  =  570000,  Plotted  on  Enclosure  40.  It  is  seen 
that  this  curve  is  in  good  agreement  with  the  experimental  points 
of  the  snectrum  at  3600  UPM,  in  the  frequency  range  up  to  1600  cps. 

Equation  (1.3.20-6)  represents  the  special  case  of  Equation 
(1.3.20-4)  for  which  (t  =-0.5.  For  this  value  of  /3  ,  Equation 
(1.3.20-5)  which  expresses  octave  band  level  in  any  given  band  as 
a  function  of  speed,  becomes 


X(f) 


w 


(1.3.20-7) 


which  more  generally  may  be  expressed  as 


where  k  is  a  constant  and  N  the  rotational  speed. 


(1.3.20-8) 
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Experimental  results  with  6305  and  6310  bearings  under 
light  axial  and  radial  loads  have  shown  that  the  vibration  level 
as  measured  in  octave  bands  approximately  follows  the  power  law 

V  *  k  M  (1,3. 20-0) 

where  k  and  oi  are  positive  constants  and  N  the  rotational  speed. 

The  exponent  o(  depends  to  some  extent  on  the  frequency  band  examined 
and  also  on  the  direction  of  the  vibration  measurement.  The  average 
value  of  was  found  to  be  approximately  1.5. 

For  this  average  value  of  Equation  (1.3.20-9)  is  in  agreement 
with  Equation  (1.3.20-8)  which  shows  that  at  least  a  rough  estimate 
of  the  amplitude-speed  relationship  in  any  given  octave  band  can  be 
obtained  if  the  amplitude-frequency  relationship  at  one  speed  is 
known. 

Enclosure  14  shows  experimental  values  of  tha  •  'ied-ampl  itude 
exponent  9(  is  a  function  of  frequency.  The  sha;  the  curve  and 

the  average  value  of  Oi  is  approximately  the  same  for  vibrations  in 
the  direction  of  the  radial  load  and  normal  to  it.  This  also  applies 
reasonably  well  to  vibrations  measured  in  the  axial  direction. 


1.3.21  Comparison  of  Vibration  Levels  in  Different  Measuring  Directions 

The  following  general  trends  have  been  observed  in  comparing 
octave  band  vibration  levels  in  different  measuring  directions: 

1.  The  octave  band  vibration  level  in  the  axial  direction  is,  in 
general,  higher  than  in  the  radial  direction  for  low  frequen¬ 
cies  (below  800  cps),  and  approximately  the  same  in  the  higher 
frequency  range  (above  800  cps).  This  applies  to  radial 
vibrations  measured  both  in  the  direction  of  the  radial  load 
and  perpendicular  to  it.  It  applies  to  axial  vibrations 
measured  at  one  point  of  the  outer  race,  thus  including  both 
parallel  translatory  motion  and  angular  vibrations. 
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2.  The  vibration  level  measured  in  the  direction  of  the 
radial  load  is,  in  general,  of  a  somewhat  smaller  (15%) 
magnitude  than  in  a  direction  perpendicular  to  the  load. 

The  fact  that  the  vibrations,  measured  in  the  axial  direction 
In  the  non-resonant  bands  below  800  cps,  generally  are  of  a  higher 
amplitude  than  vibrations  in  the  radial  direction  is  explainable  by 
rigid  ring  theory;  as  a  consequence  of  the  fact  that  the  ratio 
between  the  velocity  bandwidth  amplification  factors  in  the  axial  and 
radial  direction  is  1  ,  ■  which  is  always  much  larger  than  1. 

Vi  Sin* 

A  more  detailed  analysis  shows  that  for  a  bearing  with  free  outer 
ring  (  ),  the  ratios  between  the  vibratory  energy  of  axial, 

radial  and  angular  vibrations  in  a  finite  non-resonant  band  ere  given 
approximately  by  r-  ,  .  v 

i  , 

l.i',-,  (1,3,21-1) 


This  relationship  holds  exactly  for  u  bearing  with 


(1.3.21-2) 


(1.3.21-3) 


where  and  VJ  are  dimensional  parameters  defined  in  1.3.14. 

The  conditions  given  by  Equations  (1.3.21-2)  and  (1,3,21-3) 
represent  average  values  for  deep  groove  ball  bearings  of  conventional 
dcs ign. 


For  *<  =  15° 


Ea;  -  0,87  :  0.\o  ;0,o3 


(1.3.21-4) 
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which  shows  that  the  amplitudes  of  The  'axial  v'iBfaTfola’  ars'con-"' " 
siderably  higher  than  those  of  the  radial  and  angular  vibrations. 

It  is  also  seen  that  the  measured  vibrations  in  the  axial  direction 
are  mainly  influenced  by  axial  translatory  motion  and  to  a  minor 
degree  by  angular  motion. 

For  a  bearing  mounted  in  an  angularly  and  radially  elastic 
housing  the  distribution  of  vibratory  energy  among  the  three  modes 
of  vibration  can  be  commuted  from  Equations  given  in  Report  AL62L005  (1). 

For  the  special  case  of  a  bearing  mounted  in  a  housing  which 
is  angularly  rigid  (.(-+00),  but  with  no  elastic  radial  constraint 
(  the  following  applies  under  the  conditions  of  Equations 

(1.3.21-2)  and  (1.3.21-3). 

&);(l  io  (1.3.21-5) 

which  fnr  =  15®  becomes 

E*!  0.& 7  .*O.IS  :  O  d.5.21-6) 


Again  the  vibrations  in  the  axial  direction  are  predominant 
although  the  angular  component  in  this  case  is  zero. 

For  a  bearing  mounted  in  a  housing  which  is  radially  ^lgld 
i  h**  ),  but  with  no  elastic  angular  constraint  (^xm°),  the 
following  applies  under  the  condition  of  Equations  (1.3.21-2  and 
(1.3.21-3)  and  for  yj  =  1.2. 

i  :o:3  (1.3. 21 -7) 


In  this  case  the  Energy  distribution  is  independent  of  contact 
angle, 
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The  radial  vibrations  are  now  of  zero  amplitude,  and  only 
vibrations  in  the  axial  direction  are  measured. 

The  foregoing  applies  only  to  vibrations  in  a  non-resonant 
band  of  finite  width.  For  measurements  in  frequency  ranges  which 
are  influenced  by  resonances  the  following  applies: 

At  any  fixed  frequency  the  distribution  of  the  vibratory  energy 
among  the  axial,  radial  and  angular  modes  of  vibration  depend  for  a 
given  bearing  on  the  spring  constants  of  the  housing.  The  distribution 
is  highly  frequency  dependent.  By  proper  selection  of  the  spring 
constants  of  the  housing,  the  amplitudes  in  either  the  radial  or  the 
angular  mode  of  vibration  can  be  minimized  at  any  given  frequency.  A 
housing  with  zero  angular  spring  constant  (the  outer  ring  angularly 
free)  gives  low  amplitudes  of  the  radial  vibration  at  low  frequencies, 
while  a  housing  with  zero  radial  spring  constant  (the  outer  ring 
radially  free)  gives  low  amplitudes  of  the  angular  vibration  at  low 
frequencies.  This  is  illustrated  by  Enclosures  4.">-4fl  which  shows  tho 
distribution  of  radial  and  angular  vibratory  energy  for  a  6305  bearing 
as  a  function  of  frequency,  for  a  few  values  of  and  .  It  is  seen 
that  if  the  distribution  of  vibratory  energy  is  Independent  of 

frequency.  For  further  details  see  Special  Report  AL62L005  (l). 


1.3.22  Comparison  of  the  Effects  of  Outer  Ring,  Inner  Ring  and  Rolling 

Elemm  WAViness  oa...t.he  Rgarijm J-lbmJLon  Uevv.i _ 

This  comparison  applies  to  vibration  and  waviness  measurement 
made  in  finite  bands,  sufficiently  wide  to  contain  several  linear 
and  non-linear  vibration  and  waviness  peaks. 

If  it  is  assumed  that  rolling  surface  waviness  is  the  only  cause 
of  bearing  vibration  then  tho  vibration  in  any  given  frequency  band, 
may  be  expressed  by  the  equation 

v!>  (1,3.22-1) 
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where 


V  =  the  RMS  value  of  the  bearing  vibration  measured  in  any  given 
frequency  band. 

=  outer  ring,  inner  ring  and  rolling  element  waviness,  measured 
1  9  in  the  frequency  bands  corresponding  to  the  vibration  frequency 

band . 

lUfc.OL  -  velocity  band  width  amplification  factors  of  outer  ring,  inner 
1  p  ring  and  rolling  element  waviness,  respectively.  These  are, 
in  a  non-resonant  band,  given  by  Equations  (1.3.1?  2)  through 
(1.3.17-7). 

The  relative  contribution  of  outer  ring,  innor  ring  and  rolling 
element  waviness  respectively  to  the  bearing  vibration  level  may  be 
expressed  by  the  use  of  the  following  "contribution  factors". 


Z.- 


V 


(1.3.22-2) 


z  ..aw 

A  V 


(1.3.22-3) 


V 


■UM 


(1.3.22-4) 


which  may  be  written  in  terms  of  quantities  that  can  directly  be 
derived  from  the  bearing  design,  test  speed  and  the  measured  waviness, 
as  follows:  i 

iuJi  rr  /u7.  \*/+LiV^k.»v'n  fc 


(1.3,22-5) 
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It  should  be  noted  that 


(1.3.22-8) 


and  that  the  squared  factors  Zq  ,  Z/  and  Z^  directly  Indicate 
the  additive  contribution  from  outer  ring,  inner  ring  and  rolling 
element  wsvinnsR,  as  a  fraction  of  the  total  (squared)  vibration 
level  . 


T  i 

'V: 


ff  1 

t  , 
ml  ; 
i 


Equations  (1.3.22-5),  (1.3.22-6)  and  (1.3.22-7)  are  useful 
in  developing  bearings  with  improved  vibration  characteristics. 
Improvements  in  the  vibration  level  can  be  accomplished  most  efficient¬ 
ly  by  reducing  the  wavlness  of  the  element  having  the  highest  value 
of  Zl ,  while  reduction  of  the  waviness  of  parts  with  Low  Upvalue 
is  of  little  effect. 


The  waviness  ranges  corresponding  to  a  given  vibration  frequency 
band  may  be  computed  from  Equations  (1.3.11-1).  (1.3.11-2)  and 
(1.3.11-3)  or  the  tables  of  Enclosures  28  and  29  may  be  used. 


1.3.23  Comparison  of  Amplitudes  of  Vibration  Generated  by  Various 
Sources - 

To  compare  the  amplitudes  of  the  vibrations  generated  by  the 
various  sources  that  have  been  identified  within  the  bearing,  numerical 
compilations  were  performed  for  a  6305  bearing.  Vibrations  generated 
by  the  following  sources  were  considered: 

1.  Variable  compliance 

2.  Bending  of  the  outer  ring  due  to  the  finite  number  of  balls 

3.  Flexural  outer  ring  vibrations  due  to  inner  ring  waviness 
of  two  wpc. 
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4.  Rigid  body  vibrations  due  to  waviness  of  the  rolling 
surfaces . 

i.  Variable  Compliance: 

Enclosure  49  shows  a  graph  of  the  computed  maximum  ampli¬ 
tudes  of  the  nine  first  harmonics  of  the  variable  compliance 
vibrations  for  a  630S  bearing  rotating  at  1800  RPM.  The  values 
apply  to  a  bearing  with  0.0006  inch  radial  looseness,  and  to 
radial  loads  in  he  range  from  20  to  2000  lbs.  The  values  shown 
ate  only  approximate;  the  higher  harmonics  especially  should  be 
used  only  for  comparison  of  orders  of  magnitude.  The  radial 
load  corresponding  to  the  maximum  amplitudes  both  in  the 
direction  of  the  load  and  perpendicular  to  it  are  shown  on 
the  enclosure.  For  comparison,  the  vibration  level  corre¬ 
sponding  to  MIL-B-17391B  (Ships)  vibration  limits  in  the  low 
(50-300  cps)  and  medium  (300-1800  ens)  Anderometer  bands  is  also 
shown  on  the  graph. 

Since  the  amplitudes  of  tho  variable  compliance  vibration'; 
represent  the  maximum  amplitudes  of  each  harmonic  which  occur 
under  different  radial  loads,  the  total  contribution,  is  a 
wide  band,  of  the  variable  compliance  vibrations  to  the  bearing 
vibration  level  cannot  be  obtained  directly  from  Enclosure  49. 

This  contribution  is,  however,  Judged  with  certainty  to  be  sig¬ 
nificant  whenever  at  least  one  of  the  harmonics  has  an  amplitude 
of  the  order  of  half  of  the  vibration  level  generated  by  other 
sources,  or  higher. 

It  should  be  realized  that  the  variable  compliance  vibration 
do  not  enter  vibration  measurements  (according  to  M IL-B-17391B) 
as  these  are  performed  under  axial  load,  but  they  may  affect  the 
vibration  level  of  very  quiet  running  bearings  unless  there  is 
predominant  axial  load. 

It  is  seen  that  the  maximum  vibration  amplitudes  of  the  first 
and  second  harmonics  of  the  variable  compliance  vibrations  in  the 
direction  of  the  radial  load  are  in  excess  of  the  M1L-B-17391B 
vibration  limit  in  the  low  band.  The  third  and  fourth  harmonic 
exceed  50%  of  the  limit.  The  four  lower  harmonics  may  therefore 
significantly  affect  the  vibration  level  of  a  quiet  running 
bearing  in  the  low  Anderometer  band.  It  is  also  seen  that  the 
fifth  to  ninth  harmonics  in  the  direction  of  the  load  are  of  sig¬ 
nificant  magnitude  compared  to  the  MIL-B-17391B  limit,  in  the 
medium  band. 
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Since  the  amplitude  of  the  harmonics  generally  decrease  with 
the  order  of  the  harmonic,  orders  higher  than  the  ninth  are  not 
believed  to  be  of  significant  amplitude.  High  Anderometer  band 
vibrations  (1800-10000  cps)  should  therefore  not  be  affected  by 
the  variable  compliance.  The  variable  compliance  vibrations  in 
the  direction  of  the  radial  load  are  of  lower  amplitude.  Only  the 
first  two  harmonics  of  these  vibrations  may  conceivably  have  a 
significant  effect  on  a  bearing  with  a  vibration  level  satisfying 
MIL-B-17391B  limits.  The  fact  that  the  amplitudes  of  the  variable 
compliance  vibrations  in  the  direction  perpendicular  to  the  radial 
load  are  higher  tnan  in  tho  direction  of  the  load  may  explain  the 
higher  vibration  levels,  measured  in  octave  hands,  in  tho  direction 
perpendicular  to  the  load  (See  1.3.19). 

3.  Bendino  Vibrations of Cuter  Ring  due  to  Ball  Loads: 

The  amplitude  of  the  flexural  vibrations  Induced  by  bending 
due  to  ball  loads  aro  also  influenced  by  the  applied  load.  Enclosure 
50  shows  graphically  for  a  6305  bearing  with  15°  contact  angle  how 
the  amplitude  of  the  first  and  second  harmonics  depend  on  the  appliod 
axial  and  radial  loads.  (The  radial  load  values  aro  only  rough  es¬ 
timates  computed  from  Equation  (1.3, 4-3).) 

It  is  seen  from  Enclosure  50  that  thv  vibrations  due  to  ring 
bending  as  a  result  of  ball  loads  are  relatively  insignificant  com¬ 
pared  to  the  MIL-B-17931B  limits  for  small  loads  such  as  normally 
used  in  vibration  testing.  For  an  axial  load  of  50  lbs  or  140  lbs 
radial  load  the  amplitude  of  the  first  harmonic  of  those  vibrations 
is  approximately  25%  of  the  MIL-B-17391B  low  band  limit.  However, 
for  loads  exceeding  these  values  the  effect  of  the  flexural  vibration 
due  to  ball  loads  may  become  an  important  contributor  to  the  low 
band  vibration  level.  The  second  and  higher  harmonio  are  of  insig¬ 
nificant  amplitude. 

3.  Flexural  Bending  due  to  2  woe  Inner  Ring  Wnviness; 

The  amplitudes  of  the  vibrations  induced  by  flexural  bending 
due  to  2  wpc  waviness  of  the  inner  ring  ire  shown  graphically  on 
Enclosure  51  as  a  function  of  the  RMS  amplitude  of  inner  ring  waviness 
of  the  order  2  wpc.  The  abscissa  shows  the  2  wpc  displacement  amplitude 
as  well  as  the  2  wpc  velocity  amplitude  measured  on  a  waviness  tester 
8t  1000  RPM  rotational  speed.  For  comparison  the  computed  approximate 
vibration  level  in  the  50-300  cps  band  due  to  rigid  body  vibrations 
induced  by  waviness  of  the  inner  and  outer  race  and  the  balls  is  also 
shown  as  a  function  of  waviness  velocity  level,  measured  at  a  speed  of 
1000  RPM  for  race  waviness  and  740  RPM  for  ball  waviness  in  the 
waviness  bands  corresponding  to  tiie  indicated  vibration  band. 
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The  MIL-B-17931-B  limit  in  the  50-300  cps  band  is  also 
shown  on  the  graph.  It  is  seen  that  a  2  wpc  RMS  displacement 
amplitude  of  approximately  15  microinches  is  required  to 
generate  a  vibration  level  equal  to  the  MIL-B-17931B  limit. 

This  value  of  the  2  wpc  inner  ring  waviness  is  of  an  order  of 
magnitude  commonly  found  in  quiet  running  deep  groove  ball 
bearings  of  this  size,  and  two  point  out-of-roundness  of  the 
inner  ring  may  therefore  highly  affect  the  bearing  vibration 
in  the  50-300  cps  band. 

4.  B-iai-d  Body  Vibrations: 

It  is  seen  from  Enclosure  51  that  an  outer  ring  waviness 
level  of  approximately  10,000  microinches/second,  an  inner 
ring  waviness  level  of  approximately  6000  microinches/second 
and  a  ball  waviness  level  of  1000  microinches/second,  respectively, 
are  required  to  generate  rigid  ring  vibrations  of  a  level 
equal  to  the  MIL -B-lT93iB  limit  in  the  50-300  cps  band.  Assuming 
equal  contribution  to  the  bearing  vibration  from  outer  ring, 
inner  ring  and  ball  waviness,  this  corresponds  to  an  outer  ring 
waviness  level  of  approximately  6000  microinches/second,  Inner 
ring  waviness  of  approximately  3500  microinches/second  and  ball 
waviness  of  600  microinches/second.  These  figures  relate  to 
waviness  measurements  in  a  2 >4  octave  band  corresponding  to  the 
50-300  cps  band.  If  the  waviness  is  measured  in  octave  bands 
with  equal  influence  from  each  octave,  the  waviness  levels  are: 

3700  Microinches/second  for  outer  ring 
2200  Microinches/second  for  inner  ring 
400  Microinches/second  for  balls 

These  figures  are  again  of  an  order  of  magnitude  frequently  found 
in  quiet  running  bearings  and  waviness  of  the  rolling  surfaces  is 
therefore  judged  to  be  an  important  contribution  to  the  low  band 
vibration  level.  In  tne  higher  frequency  range,  which  is  less  affected 
by  the  other  sources  discussed,  waviness  of  the  rolling  surfaces  is 
the  predominant  cause  of  vibration. 
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To  summarize,  the  p-edominan ce  of  any  given  vibratory 
source  in  any  given  frequency  range  depends  on  the  relative 
magnitude  of  the  various  surface  imperfections  of  the  rolling 
surfaces,  on  the  load  and  speed  and  on  bearing  design  geometry.  In 
general,  in  the  low  frequency  range  (up  to  approximately  10  times 
the  rotational  frequency)  of  a  radially  loaded  bearing  tho  following 
sources  should  be  considered: 

1.  Variable  compliance  vibrations 

2.  Vibrations  due  to  ball  loads,  if  the  bearing  operates 
under  comparatively  heavy  load 

3.  Flexural  vibrations  due  to  low  order  race  waviness 

4.  Rigid  body  vibrations,  due  to  race  and  ball  waviness  and 
inner  ring  eccentricity. 

5.  Two  point  out-of-roundness  of  balls 

In  the  higher  frequency  rBnge  (above  10  times  the  rotational 
frequency)  the  only  vibratory  sources  with  significant  effect  are 
race  and  ball  waviness. 

This  also  applies  to  an  axially  loaded  bearing  with  the  ex¬ 
ception  that  variable  compliance  vibrations  art  not  induced  under 
axial  load. 


1-3.24  Internal  Damping  in  Ball  Bearings 

In  the  theoretical  analysis  on  which  the  synthetic  spectra  shown 
on  Enclosures  21,  22  and  27  are  based,  the  effect  of  damping  on  the 
bearing  vibration  was  neglected.  This  may  be  justified  at  frequencies 
sufficiently  remote  from  the  resonant  frequencies  of  the  system,  but 
near  the  resonant  frequencies  the  vibration  is  highly  influenced  by 
damping.  A  method  of  evaluating  the  internal  damping  directly  from 
the  spectrum  was  given  in  Progress  Report  No.  0.(1).  Using  this  method, 
the  damping  time  constant  and  the  logarithmic  decrement  were  computed 
for  the  vibratory  modes  corresponding  to  the  natural  frequencies  found 
in  the  spectra  of  a  few  bearings  in  the  6203-6312  size  range. 
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The  damping  time  constant  Is  the  time  required  to  reduce 
the  amplitude  of  transient  free  vibrations  to  */e  (=37%)  of  its 
initial  value . 

The  logarithmic  decrement  is  defined  as  the  natural  logarithm 
of  the  ratio  of  any  two  successive  amplitudes  of  the  free  vibration. 

The  damping  time  constant  was  found  to  vary  comparatively 
little,  the  minimum  being  0.7  m  sec,  the  maximum  2.0  m  sec  and  the 
average  1.3  m  see.  The  logarithmic  decrement  varies  between  0.1S 
and  0.80,  the  average  being  0.37.  The  ratio  between  two  consecutive 
amplitudes  of  the  free  vibration  is  obtained  by  taking  the  anti  logarithm 
of  the  logarithmic  decrement.  For  the  lowest  resonant  frequencies 
(in  the  300-1000  cps  range)  this  ratio  was  found  to  be  of  the  order 
of  2,  l.e,,  after  3-4  cycles  the  free  vibration  has  decayed  to  less  than 
10%  of  its  initial  value.  This  occurs  within  approximately  4  m  sec. 

For  higher  resonant  frequencies  (in  the  5000-10000  cps  range)  the 
amplitude  ratio  is  of  the  order  of  1.2  which  means  that  approximately 
13  cycles  are  required  to  reduce  the  amplitude  of  the  free  vibrations 
to  10%  of  its  initial  value.  This  corresponds  to  less  than  3  m  sec. 

On  the  basis  of  these  results  a  small  ball  bearing  can  be  considered 
a  relatively  well,  though  subcritically  damped  Bystem. 


The  effect  of  damping  on  the  bearing  vibration  level  can  be 
evaluated  if  the  damping  time  constant  or  logarithmic  decrement 
are  known. 

The  velocity  amplification  factor  of  the  damped  bearing 

may  be  exoressed  by  the  equation  (See  Progress  Report  No.  9-10, 
pages  14-16)  (l). 


ue 


(1.3.24-1) 


The  factor  X*  here  indicates  the  amplification  of  the  vibration 
amplitude  at  a  given  frequency  f  ,  due  to  the  effect  of  a  resonant 
frequency  ^  ,  of  the  system.  5  is  the  logarithmic  decrement. 


In  a  non-resonant  region  where 
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Enclosure  52  shows  Vi  as  a  function  of  ilfvi  for  three 
values  of  the  logarithmic  decrement  «  ;  i.e.,  •■=  0.15, 

0,37  and  0.80  which  are  the  minimum,  average  and  maximum 
experimental  values  of  &  . 


At  the  resonant  frequency  f  ~f>\ 

-  tt*«.  -  ■£ 


(1.2.34-2) 


For  -  0.15,  ~ 

<T  =  0.37,  "  0'5 

<r =  o.8o,  =  3-9 

To  evaluate  the  effect  of  the  resonance  on  the  vibration 
level  measured  in  a  bajd  of  finite  width  ,  the  bandwidth 

amplification  factor  tjr  may  be  computed  from  the  equation 


(1.3,24-3) 


or  using  the  notations 


(1.3.24-4) 


(1.3.24-5) 


f  I  f v 


(1.3.24-6) 
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By  evaluating  the  integral,  the  value  of  XJ^  can  be  computed 
for  any  given  values  of  ^.ytt^and  */*• 

The  bandwidth  Is  often  expressed  as  the  number  of  octaves  t> 
contained  within  the  band.  If  the  band  is  selected  so  that  the 
resonant  frequency  A,  coincides  with  the  midba.od  frequency  of 
the  band,  then  the  following  relationships  hold: 


(1.3.24-7) 


2. 

which  solved  for  and give 

2 


(1.3.24-8) 


(1.3.24-9) 


(1.3.24-11) 


(1.3.24-10) 

Equation  (1.3,24-6)  may  now  be  expressed  as 

[,  cliv 

1 

Results  of  a  numerical  evaluation  of  Equation  (1.3.24-11)  are 
shown  graphically  on  Enclosure  53  which  gives  "D*  as  a  function  of  6 
for  £  =  0.15,  0.37  and  0.80.  It  is  seen  that  for  bandwidths  6  =  1/3,1 
and  2)4  octaves  (which  are  commonly  used  in  vibration  testing)the 
following  values  of  0,  are  obtained: 
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Bandwidth  Amp  1 1  f  i  cat  Ian.  Eftctor 


6 

§  =  0.15 

<£■=  0.37 

J  =  0.80 

1/3 

11.5 

6  :  2 

4.0 

1 

7.2 

3.8 

2.4 

4.9 

2.8 

1.8 

The  amplification  factors  listed  above  apnear  to  be  high, 
but  it  should  be  noted  that  they  apply  only  to  vibrations  in 
the  same  mode  as  the  resonant  frequency  contained  within  the  band, 
e.g.,  for  a  band  containing  the  resonant  frequency  of  the  rigid 
body  mode  of  vibration  only  these  rigid  body  vibrations  are  being 
amplified.  Correspondingly  for  a  band  containing  a  flexural  resonant 
frequency  only  the  flexural  outer  ring  vibrations  will  be  amplified. 

It  is  known  that  in  a  non-resonant  region  the  amplitudes  of  the 
flexural  vibrations  are  very  small  compared  to  those  of  the  rigid  body 
motion  and  the  Increase  In  overall  vibration  level  in  a  band  containing 
o  flexural  resonance  is  therefore  not  nearly  as  great  as  Indicated 
by  the  amplification  factors  l*1  Enclosure  53. 

If  the  amplitude  of  the  flexural  vibrations  in  any  given 

non-resonant  band  are  expressed  by  the  equation 


(1.3.24-12) 


where  "V*  is  the  total  vibration  level  aid  ^  is  a  positive  eon- 
8t8nt,lfj<  1,  then  the  bandwidth  amplification  factor  given  by 
Equation  (1,3,24-11)  may  be  modified  as  follows  for  bands  including 
flexural  resonances. 


(1.3.24-13) 


-60- 

RE8EARCH  LABORATORY  BKF  INDUSTRIES,  INC. 


-  - - AL63L023  _ 

An  accurate  evaluation  of  f<i  requires  exnerlments  not.  per¬ 
formed  )n  this  investigation.  On  the  basis  of  available  exper- 
imentui  results  it  would,  however,  ap.pear  that  tqr  ,  in  general, 
does  not  exceed  1/4.  Using  this  value  of  ^Equation  (1.3.24-14) 
yields  the  order  of  magnitude  estimaVe:  ~ 


(1.3.24-14) 


For  rigid  body  vibrations  X7C  as  obtained  from  Enclosure  53 
or  Equation  (1.3.24-11)  c'an  be  used  directly,  without  modification. 

It  appears,  on  the  basis  of  experimental  results,  that  the  logarithmic 
decrement  «  is  larger  fvr  the  rigid  body  mode  than  for  the  flexural 
modes  and  the  best  estimate  of  Oc  a  hand  containing  the  resonant 
frequency  of  tho  rigid,  body  mode  may  therefore  be  obtained  by  using 
the  maximum  value  of  cf  =0.80, 


These  results  indicate  that  the  rigid  body  resonant  frequency, 
in  general,  has  a  greater  effeot  on  the  vibration  level  than  the 
flexural  resonances*.  For  instance,  ltt  a  2*5  octave  band,  the  rigid 
body  resonance  increases  the  level  by  a  factor  of  1.6  while  the  flex¬ 
ural  resonance  increases  it  by  a  factor  of  1.22,  These  factors  appear 
to  be  in  agreement  with  experimental  values. 


Enclosure  94  was  derived  for  the  case  that  the  resonant  frequency 
•f*)  coincides  with  the  midband  frequency  of  the  band  examined.  Suffic¬ 
iently  accurate  order  of  magnitude  estimates  may,  however,  be  obtained 
from  this  enclosure  even  if  this  is  not  the  case,  as  long  as  the 
resonant  frequency  falls  well  inside  the  band  examined.  In  case  of 
more  than  one  resonant  frequency  within  the  band,  ,  an  estimate  of  the 
total  amplification  factor  mav  be  obtained  aa  the  product  of  the  in¬ 
dividual  amplification  factors  computed  for  each  resonant  frequency. 
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1.3.25  Vibration  Attenuating  Bearing  Housing 


Bearing  vibration  may  be  attenuated  at  least  in  certain 
frequency  ranges  by  selection  of  proper  elastic  and  damping 
media  and  increase  in  housing  mass.  This  can  be  accomplished, 
for  instance,  by  using  arrangements  similar  to  those  shown  on 
Enclosure  8.  Test  results  and  analytical  evaluation  of  these 
mounting  arrangements  show  that: 


1.  Vibrations  near  zero  frequency  are  difficult  to  attenuate, 
since  this  would  require  nearly  infinitely  soft  springs. 

2.  In  the  50-100  cps  band  attenuation  can  be  accomplished 
simply  through  added  mass  of  the  housing.  Laminates  or 
other  vibration  damping  structures  are  no  more  effective 
in  this  band  than  solid  steel  elements. 

3.  In  the  frequency  range  above  100  ops  comparatively  soft 
laminated  elements  (with  low  natural  frequency)  give  best 
overall  results.  Laminates  of  thin  s tee  1  strips  and  layers 
of  soft  damping  material  (rubber,  cork  and  glue)  have  been 
found  effective  in  this  frequency  range.  The  following 
average  values  were  obtained  for  this  type  of  laminated  beam 
installed  in  the  housing. 


Frequency  Band  (cps)  Vibration  level  in  Percent 

of  the  Level  Without  Damped 
Housing 


50-  200  22 

200-1600  54 

1600-12800  11 

Overall  32 


It  is  noted  that  these  attenuation  values  *  e  rather  substantial. 

4.  Further  possibilities  for  the  reduction  of  amplitudes  of 

very  low  frequencies  are  suggested  by  the  findings  mentioned 
in  1.3.21  that  in  a  bearing,  mounted  so  that  it  can  vibrate 
both  radially  and  angularly,  the  amplitudes  of  the  radial 
vibrations  may  be  theoretically  reduced  to  near  zero  at  low 
frequencies,  by  using  a  mounting  arrangement  which  is  highly 
flexible  in  the  angular  direction. 
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A  housing  built  or.  this  principle  could  be  useful  If  only 
radial  vibrations  must  be  attenuated  while  anguine  vibrations 
can  be  tolerated.  (If  it  in  desirable  to  attenuate  the 
angular  vibrations,  the  housing  should  be  rudially  flexible.) 


1.3.26  Effect  of. Fit.  Between.  Bearing  O.D.  and  Housing 

Test  results  with  housing  to  outer  ring  fits  in  the  tolerance 
range  given  by  housings  with  bore  diameter  between  ISO  Fb  nnd  ISO  M6 
and  using  a  bearing  with  O.D.  within  ISO  h5  have  shown  that  the 
effect  of  fit  between  housing  and  bearing  O.D.  is  rather  small  and 
erratic.  The  effect  is  the  same  whether  a  lubricant  between  housing 
and  O.D.  was  used  or  not. 


1.3.27  Airborne  Noise  Characteristics  of  Ball  Bearings 

Airborne  noise  measurements  were  performed  using  equipment 
described  in  1.2.5.  The  test  rig  accommodates  two  test  and  two 
support  bearings.  If  it  is  assumed  that  the  noise  from  the  four 
bearings  is  additive  by  squares  and  that  each  individual  bearing 
generates  the  same  noise  (using  bearings  from  the  same  lot  In  all 
positions),  the  noise  level  of  one  bearing  should  be  6  db  lower 
than  the  level  reported. 


If  there  is  ambient  noise  the  noise  level  D  generated  by  the 
four  bearings  alone  (in  db)  may  be  computed  from  the  equation: 


3 


(1.3.27-1) 


where 

=  ambient  noise  and  bearing  noise  together  (in  db) 
7>^  -  ambient  noise  (in  db) 
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All  noise  levels  reported  here  refer  to  the  noise  level  D 
of  the  bearings  alone  as  determined  by  Equation  (1.3.27-1). 

For  frequencies  below  200  cps  the  background  noise  of  the 
anechoic  chamber,  without  the  tester  running,  was,  at  the  time 
of  these  tests,  the  same  order  of  magnitude  as  the  noise  level 
with  the  tester  running.  Meaningful  readings  could  therefore 
not  be  obtained  in  this  range. 

The  following  conlcusions  regarding  the  airborne  noise  emitted 
by  the  bearings  can  be  drawn  in  the  range  above  200  cps; 

1.  The  spectral  distribution  of  the  airborne  noise,  measured 

in  octaves  in  the  200-12800  cps  range  is  shown  on  Enclosures 
54  and  55  for  a  sample  of  6305  and  6310  bearings.  A  com¬ 
parison  between  tie  s tructurobornp  vibration  and  the  air¬ 
borne  noise  spectra  shows  that  at  the  same  rotational  speed 
the  vibration  and  airborne  noise  spectra  are  similar. 

2.  The  airborne  noise  level  increases  with  speed  with  a  trend 

similar  to  that  of  structure  borne  vibration.  A  somewhat 
smaller  value  of  the  s need -amp  1 1 tudo  coefficient  is 

applicable  for  the  airborne  noise  than  for  the  structure 
borne  vibration  due  to  the  slight  difference  in  their 
spectral  distributions. 

3.  The  effect  of  radial  and  axial  loads  on  the  airborne  noise 
is  as  small  as  the  effect  on  the  structure  borne  vibrations. 

4.  The  correlation  between  airborne  noise  and  structure  borne 
vibration  levels  Is  sufficiently  good  to  justify  for  most 
purposes  the  use  of  the  much  simpler  vibration  measurements 
alone  in  evaluating  all  quiet  running  characteristics  of 
ball  bearings.  Of  course,  for  most  purposes,  structure  borne 
vibration  of  the  bearing  is  the  primary  variable  to  be  con¬ 
trolled. 
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1.3,28  Additional  Parameters  Affecting  Bearing  Vibration  and 
Airborne  Noise _ _ _ 1 _ 

The  effect  of  various  parameters  such  as  bearing  dimensions, 
number  of  balls,  surface  micro-geometry,  contact  angle,  radial 
looseness,  load,  speed  and  mounting  parameters  was  previously 
discussed.  Other  parameters  which  may  influence  the  bearing 
vibration  but  which  will  not  be  discussed  in  detail  are  listed 
here  for  completeness: 

a.  Lubricant:  Thu  damping  c ha t a c t or i s t i cs  of  the 
bearing  are  influenced  by  the  lubricant  used  and 
it  is  known  that  the  bearing  vibration  level  to 
some  extent  depends  on  the  type  lubricant  used, 

b.  Land  Height;  If  the  lands  adjacent  to  the  grooves 
in  the  inner  and  outer  rings  are  not  sufficiently 
high,  the  balls  will  run  near  the  edge  of  the  groove. 
Under  sufficient,  axial  load  the  contact  ellipse  may 
extend  to  the  edge  of  the  groove  which  is  likely  to 
cause  rough  running. 

c.  Groove  Profiles:  Excessive  variation  in  the  groove 
profiles  from  a  circular  contour,  may  result  in  in¬ 
creased  vibration  amplitudes. 

d.  M isa 1 lanment :  If  a  bearing  operates  under  misalign¬ 
ment  the  contact  angle  varies  along  the  circumference 
of  the  bearings.  If  the  misalignment  is  sufficient 
the  b3lls  may  run  from  near  one  edge  of  the  groove 

to  the  other  passing  an  unloaded  zone  between  these 
two  extreme  positions.  Since  the  maximum  contact 
angle  in  a  misaligned  bearipg  is  larger  than  in  a 
perfectly  aligned  bearing,  the  misalignment  has  the 
same  effect  as  insufficient  land  height.  Another 
cause  of  rough  running  in  a  misaligned  bearing  is  the 
fact  that  the  "loose"  balls  passing  the  unloaded  zone 
may  generate  vibrations  which  do  not  occur  in  an  aligned 
bearing  operating  under  centered  thrust  load,  where  all 
the  balls  are  under  load. 
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e .  Lgj^ail^e_d  flanmfl-  on  Ulft  Rolling  Surfaces:  "Th  1 
generates  vibration  peaks  which  may  be  objection¬ 
able  in  a  smooth  running  bearing.  SB DS T  Industries, 

Inc.  has  analyzed  these  peaks  and  developed  instrumen¬ 
tation  for  their  detection  (6).  Damage  may,  among 
other  means,  be  induced  by  plastic  deformation  of  the 
races  on  balls  in  case  of  improper  assembly  of  the 
hearing  into  machinery.  A  method  for  evaluating  this 
type  of  damage  has  been  presented  (7). 

f.  Dirt  on  Rust:  Dirt  causes  random  vibration  peaks  which 
add  to  the  vibration  level  of  the  beating.  Another 
effect  of  dirt  Is  that  it  may  cause  permanent  damage 

to  the  bearing  in  the  form  of  small  dents  on  the 
rolling  surfaces  of  the  races  and  balls.  These  dents 
Increase  the  vibration  level  of  the  bearing  as  they 
are  rolled  over  by  the  bells.  Rust  has  the  same  effect 
as  dirt;  it  may  also  form  pits  which  produce  vibration 
neaks  as  they  are  rolled  over  by  the  balls. 

g.  Cage :  The  cage,  if  operating  properly,  is  believed  to 
have  only  a  minor  effect  on  the  structure  borne  vibrations 
of  small  boll  bearings.  Its  effect  on  the  airborne 
noise  level  may  be  more  noticeable  and  can  be  controlled 
by  design. 

h.  Shields  and  Seals:  These,  In  general,  influence  the 
airborne  noise  level,  but  hardly  the  structure  borne 
vibration.  A  secondary  effect  of  some  shields  is  to 
deform  the  outer  ring,  thus  generating  additional 
vibrations  due  to  ring  out-of-roundness . 
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STUDY  OF  VIBRATION  AND  NOISE  CHARACTERISTICS  OF 


ROLLER  BEARINGS  WITH  BORE  SIZES  IN  THE  RANGE  OF  200-300  MM 


This  part  of  the  study  covers  roller  bearings  with  bore  sizes 
In  the  range  between  200  and  300  mm,  tyoifying  bearings,  suitable 
for  use  in  naval  nrnneiler  shaft  and  other  main  drive  applications 
subject  to  moderate  and  high  stationary  radial  loads.  The  speed 
range  of  interest  is  wide,  from  very  slow  rotation  to  speeds  of  the 
order  of  1000  RPM.  The  following  three  basic  types  of  roller 
bearings  were  included  in  the  study: 

1.  Snherical  roller  bearings  (double  row) 

2.  Cylindrical  roller  bearings  (single  row) 

3.  Ta»erert  roller  bearings  (single  row) 

Test  loads  ranged  up  to  100.000  lbs  radial  and  axial,  speeds 
between  100  and  1000  RPM, 

Sketches  of  the  various  bearing  sizes  used,  with  main  dimensions 
and  other  data  are  shown  on  Enclosures  56-61, 

As  for  tho  smaller  bearings,  the  tests  nnd  analysis  were  per¬ 
formed  for  a  stationary  outer  ring  and  inner  ring  rotating  at  a  con¬ 
stant  sneed. 

Test  equinment  used  in  the  experimental  study  of  large  roller 
bearings  is  described  in  Section  2,2. 

Various  sources  of  bearing  vibrations  are  examined  in  Sections 
2.2.1  -  2.3.4. 

A  brief  discussion  of  contact  deformations  in  roller  bearings  is 
given  in  Section  2.3.5. 

A'.iolltude  and  frequency  characteristics  of  various  vibratory 
sources  are  discussed  in  Sections  2.3.6  -  2.  3.10. 

The  effect  of  load  and  speed  is  covered  in  Section  2.3.11. 
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A  comparison  of  the  vibration  levels  in  different. measuring 
directions,  generated  by  various  sources  is  given  in  Sections 
2.3.12  -  2.3.14. 

The  effect  of  radial  looseness  is  briefly  discussed  in 
Section  2.3.15. 

Airborne  noise  measurements  are  described  in  Section  2.3.16. 

Additional  parameters  affecting  the  vibrations  and  airborne 
noise  of  large  roller  bearings  are  listed  in  Section  2.3.17. 

A  comparison  of  the  vibratory  characteristics  of  different 
types  of  large  roller  bearings  is  given  in  Section  2.3.18. 
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2.2  TEST  EQUIPMENT 

Equipment  used  in  the  experimental  study  and  analysis  of  the 
vibration  characteristics  of  large  roller  bearings  with  200-300 
mm  bore,  is  listed  below: 


2.2.1  Large  Bearing  Vibration  Tester 

The  test  machine  used  for  measuring  the  vibration  of  large 
roller  bearings  with  200-300  mm  bore  is  shown  on  Enclosuro  62. 

The  tester  consists  of  a  large  shaft  supported  radially  on  two 
Kingshury  journal  bearings.  Axial  loads  which  are  applied  to  the 
shaft  via  the  test  bearing  are  carried  by  a  Kingsbury  tilting  shoe 
thrust  bearing  located  in  the  rear  Journal  bearing  housing.  The 
test  bearing  is  mounted  on  a  tapered  seat  on  the  opposite  end  of 
the  shaft  from  the  Kingsbury  thrust  bearing. 

The  large  bearing  vibration  test  machine  i*  presently  equipped 
with  two  shafts  and  bearing  housing  assemblies.  One  shaft  and  housing 
assembly  is  designed  to  test  bearings  with  bore  sizes  in  the  neigh¬ 
borhood  of  200  mm,  while  the  other  permits  testing  of  bearings  with 
bore  sizes  of  260  mm  and  slightly  larger.  The  test  machine  can  be 
made  to  accommodate  bearings  with  bore  sizes  up  to  500  mm  by  re¬ 
designing  the  test  shaft  and  housing.  The  test  shaft  is  belt  driven 
from  a  variable  speed  drive.  The  drive  unit  consists  of  a  200  HP 
induction  motor  coupled  to  an  eddy  current  clutch.  The  output  speed 
of  the  clutch  is  controlled  by  a  speed  setting  potentiometer  and 
maintained  at  the  desired  speed  within  ±2%  by  a  transistorized  con¬ 
troller.  The  test  machine  can  be  ooerated  at  speeds  ranging  from 
0  to  1000  RPM. 

Test  bearing  loading  is  achieved  by  means  of  two  cylindrical 
hydraulic  rams  which  are  loaded  by  an  air  driven  oil  pump.  Each 
ram  is  coupled  to  a  loading  rod  which  transmits  the  load  to  the 
test  bearing  housing.  The  radial  load  rod  is  coupled  to  the  radial 
portion  of  the  housing.  The  load  rod  for  axial  loading  goes  through 
the  center  of  the  hollow  test  shaft  and  Imposes  its  load  on  the  axial 
load  cap  which  transmits  the  load  directly  to  the  outer  ring  of  the 
test  bearing.  Loads  ranging  from  0  to  100,000  lbs  in  both  the  radial 
and  axial  direction  can  be  applied  to  the  test  bearing. 
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The  Kingsbury  radial  and  thrust  bearings  are  capable  of 
carrying  full  loads  at  speeds  as  low  as  100  RPM  with  hydrostatic 
assistance.  The  hydrostatic  assist  can  also  be  used  to  permit 
starting  and  stopping  under  full  load,  variation  of  oil  film 
thickness,  and  variation  of  the  spring  constant  and  damping  of  the 
support  bearings.  To  operate  the  hydrostatic  assist  of  the  support 
bearings,  a  large  volume  of  high  pressure  oil  (approximately  28  gpm) 
at  a  maximum  pressure  of  3500  psi  is  sunolied  by  a  Denison  pump 
unit. 


All  speed,  load  and  hydraulic  controls  are  housed  in  the  control 
console.  This  console  also  contains  a  strain  iiiuicalut  calibioted 
to  read  the  radial  and  axial  loads  applied  to  the  test  bearing  and 
temperature  indicators  which  monitor  the  operating  temperatures  of 
the  test  bearing  and  the  support  bcurings. 

Enclosure  63  is  a  picture  showing  the  layout  of  the  large 
bearing  vibration  tester  and  associated  equipment. 

Ambient  vibrations  generated  hy  the  machine  accessories  have 
a  significant  effect  on  octave  band  readings  in  the  low  frequency 
range,  especially  at  low  rotational  speeds,  At  speeds  below  100  RPM 
meaningful  octave  band  readings  can  be  obtained  only  in  the  bands 
above  200  cpS .  At  higher  rotational  speeds  (800  RPM)  meaningful 
octave  band  readings  may  be  obtained  in  the  frequency  range  above 
25  cps. 

The  ambient  spectrum  generated  by  the  machine  accessories  and 
surrounding  machinery  is  characterized  by  a  few  peaks  at  discrete 
frequencies.  Test  bearing  vibrations  in  the  frequency  range  below 
200  cps  may  be  studied  without  interference,  using  narrow  band 
analysis,  at  all  frequencies  other  than  the  discrete  frequencies  of 
the  ambient  spectrum. 

The  effect  of  the  ambient  sources  is  illustrated  by  Enclosure 
64  which  shows  narrow  band  vibration  spectra  measured  at  the  front 
Journal  bearing  under  various  conditions,  and  also  by  the  octave 
band  readings  measured  at  various  test  bearing  speeds  (including 
zero),  at  the  test  bearing  housing.  From  Enclosure  65  it  is  seen 
that  the  vibrations  measured  with  the  test  bearing  stationary  (ambient 
vibrations)  are  of  comparable  order  to  the  bearing  generated  vibrations 
in  the  octaves  below  200  cps*. 


*  These  ambient  data  were  recorded  at  the  time  of  measurements  made 
for  this  contract.  Sine?  then,  the  test  facility  was  relocated  to  the 
8S  D§  IF"  Industries  Engineering  and  Research  Center  and  placed  on  a  heavy 
(200,000  lbs)  inertial  block.  Ambient  vibration  levels  under  the  new 
conditions  are  generally  lower. 
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The  tester  is  used  in  conjunction  with  instrumentation 
“described- in’ 2 .2 .2  -  2.2.7; -  - - - — - 


2.2.2  libi ALi oj  T r ,a n a d w c&x  a 

Piezo-electric  accelerometers  are  utilized  as  the  vibration 
sensing  device  in  the  vibration  measurement  of  large  roller 
bearings.  The  accelerometers  are  attached  to  the  test  bearing 
housing  and  measure  the  vibration  of  the  bearing  in  three  mutually 
perpendicular  planes  as  shown  in  Enclosure  66. 

Two  types  of  accelerometers  were  used  for  the  test  measurements: 

1.  High  sensitivity  accelerometers:  Endevco  Model  2219  and 
Columbia  Research  Laboratories  Model  410  with  sensitivities 
greater  than  300  MV/g  were  used  for  precise  measurement  of 
vibration  amplitudes  in  the  frequency  range  below  2500  cps. 

2.  Low  sensitivity  accelerometers:  Columbia  Research  Laboratories 
Model  504  accelerometers  were  used  for  vibration  measurements 
at  frequencies  up  to  12000  cps. 

The  accelerometers  were  always  used  in  conjunction  with  a 
Columbia  Model  6006  Six  channel  cathode  follower  and  amplifier. 


2.2.3  Equipment  for  Narrow,  Bund.  frcgiieAcy  An.ttU.gilB 

The  Panoramic  narrow  band  spectrum  analysis  system,  miscellaneous 
signal  conditioning  and  frequency  calibration  equipment  listed  in 
1.2.7  were  used  in  the  analysis  of  large  bearing  vibration  data.  An 
Instrumentation  layout  showing  the  vibration  analyzing  equipment 
as  utilized  in  the  large  bearing  vibration  studies  Is  given  on 
Enclosure  67, 


2.2.4  Equipment  for  Octave  Band  and  Wide  Band  Analysis 

The  electronic  equipment  (in  addition  to  instruments  listed  in 
2,2.2)  used  for  octavo  and  wide  band  analysis  consisted  of  the 
following: 

1.  Krohn-Hite  variable  band  pass  filters  Model  330M 
(frequency  range  0.2  -  20,000  cps) 

2.  Ballantine  True  RMS  Voltmeter  Model  320. 
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The  bearing  vibration  was  measured  in  twelve  octave  bands 
in  the  3.125-12,000  cps  frequency  range.  Wider  frequency  bands 
corresponding  to  the  three  Anderometer  bands  were  also  used. 

The  vibration  readout  of  this  system  is  in  RMS  millivolts  and  is 
coiwerted  to  acceleration  by  using  known  values  of  the  pickup 
sensitivity  and  amplifier  gain.  The  acceleration  measurements 
were  expressed  in  inches/s econd2  RMS. 

This  equipment  is  shown  in  the  instrumentation  layout  of 
Enclosure  67. 


2.2.5  Instrumentation  for  Measuring  Shaft  Vibrations 

The  shaft  vibrations  of  the  large  bearing  vibration  tester, 
were  determined  by  measuring  the  electrical  capacitance  of  a  narrow 
air  gap  formed  between  the  rotating  shaft  and  a  capacitance  probe. 

The  following  equipment  was  used  to  measure  the  capacitance  variation 
produced  as  the  shaft  vibrates: 

1.  Robershaw-Fu 1  ton  Proximity  Meter  No.  9501  . 

2.  Krohn-Hite  Ultra-Low  Band  Pass  Filter  Model  330-A. 

3.  Ballantine  True  RMS  Voltmeter  Model  320. 

The  capacitance  measuring  system  and  test  configuration  is 
shown  in  Enclosure  68.  For  details  on  the  tests  see  Progress 
Report  No.  13  pages  2-11  (1). 


2.2.6  liRjg..tocjmter 

For  detailed  analysis  of  vibration  data,  vibration  signals  were 
recorded  on  magnetic  tape  for  subsequent  playback  into  the  Panoramic 
spectrum  analyzing  equipment.  The  tape  recorder  used  is  an  Ampex  FM 
Recorder  FR-1107  having  seven  input  channels. 
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2.2.7  Equipment  for  Airborne  Noise  Measurement 

The  airborne  noise  measurements  of  large  roller  bearings  were 
made  with  a  Bruel  and  KJaer  Condenser  Microphone  Type  4111.  The 
microphone  output  was  fed  into  a  Bruel  and  Kjaer  2602  Microphone 
Amplifier  with  an  external  set  of  Allison  Band  Pass  Filters,  Model 
2ABR.  Since  the  airborne  noise  measurements  were  conducted  in  an 
area  having  a  high  ambient  background,  a  test  chamber  was  constructed 
to  reduce  the  background  noise.  The  noise  test  chambr  <  and  electronic 
equipment  used  in  those  tests  are  shown  in  Enclosure  69. 

The  ambient  noise  levels,  expressed  in  absolute  decibels,  in 
the  octave  bands  between  25  and  12800  cps ,  measured  at  the  micro¬ 
phone  location  in  the  noise  test  chamber  are  tabulated  below: 


Frequency  Band,  cps 

25- 

50 

50- 

100 

100- 

200 

200- 

400 

Noise  Level , db 

82 

77 

78 

70 

Frequency  Bend,  cps 

400- 

800 

800- 

1600 

1600- 

3200 

3200- 

6400 

6400- 

12800 

NoiBe  Level,  db 

69 

62 

61 

50 

42 

2.2.8  LflXfl.ft-Ba.ee  Jfa.vinit.8  8  Test  Equipment, 

Waviness  measurements  of  large  bearing  rings  (200-300  mm  bore)  were 
obtained  with  a  large  vertical  wavometer  which  uses  a  rotating  pickup 
and  a  stationary  specimen.  The  mechanical  unit  is  a  Micrometrical 
Manufacturing  Co.  Wavometer  Type  PE-65.  It  is  equipped  with  an  SBDSfF 
MEA-100  velocity  pickup  and  the  associated  electronic  equipment  was 
built  by  S  D§  !F. 

Since  the  bearing  rings  tested  on  this  instrument  are  much 
larger  than  the  small  ball  bearing  rings  tested  on  the  equipment 
described  in  1.2.3  and  since  the  rotational  speed  at  which  the 
large  roller  bearings  are  tested  is  lower  than  that  used  for  small 
bearings,  higher  orders  of  race  waviness  than  measured  with  the  equip¬ 
ment  described  in  1.2.3,  becomes  important  for  the  large  roller 
bearings.  Therefore  the  frequency  range  of  the  instrument  was  ex¬ 
tended  by  adding  eight  octaves,  covering  the  range  from  15  to  3849  wpc, 
to  the  original  five  octaves  between  3  and  9b  wpc. 
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Further  details  of  this  test  equipment  are  given  in  Progress 
Report  No,  0  pages  7-8.il). 


2.2.9  Roller  Waviness  Tester 

The  Ruee  Wavinoss  Tester  described  in  1.2.4  was  used  with 
special  tooling  to  hold  the  rollers  at  a  rotational  speed  of 
740  RPM  to  measure  roller  waviness  in  the  octave  bands  corresponding 
t0  4  0t  8-16,  16-32.  32-*4  end  64-128  wpc. 


2.2.10  t.ewnth  Measuring  E.g. tinmen  A. 

The  same  equipment  described  in  1.2.12  was  used  for  length  and 
geometry  measurements. 
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2.3  THE  LARGE  ROLLER  BEARING  AS  A  VIBRATORY  SYSTEM 
2.3.1  Sources  of  Bearing  Vibration 

The  sources  within  the  bearing  itself,  generating  vibrations 
In  large  roller  bearings,  are  essentially  the  same  as  those  for 
deep  groove  ball  bearings,  discussed  in  1.3.  As  for  ball  bearings, 
roller  bearings  vibrations  are  generated  in  a  geometrically  perfect 
bearing  as  well  as  by  geometrical  imperfections  of  the  rolling 
surfaces.  The  majority  of  the  analytical  findings  developed  for 
ball  bearings  apply  lo  roller  bearings  also. 


2.3.2  Vibrations  Generated  bv  a  Geometrically  Perfect  Roller  Bearing 

These  Include  vibrations  induced  by  variable  compliance  and 
hy  flexural  ring  bending  due  to  roller  loads. 


2.3.3  .V.it>ratlpn3„Ijnd»CBd  by  VarULU,  U.nst.Lc  .Compliance 

Due  to  the  design  differences  between  ball  bearings  and  the 
roller  bearings  here  considered,  the  variable  compliance  vibrations 
for  roller  bearings  differ  in  the  following  respects  from  those  of 
the  ball  bearings  discussed  in  1.3,3: 

a.  In  a  cylindrical  or  tapered  roller  bearing  the  races 
and  rolling  elements  are  approximately  in  line  contact, 
while  they  are  In  point  contact  in  a  ball  bearing.  The 
contact  deformation  in  a  cylindrical  or  tapered  roller 
bearing  therefore  follows  the  nearly  linear  lnw  (Palmgren 
(5)). 


1. 1 

P-  Cj2 


(2. 3. 3-1) 


instead  of  the  3/2  power  law  of  Equation  (1.3. 7-1)  valid 
for  ball  bearings. 

In  a  perfectly  linear  system  where  the  displacements  at 
the  contacts  between  rolling  elements  and  races  are 
proportional  to  the  loads  at  the  contacts,  the  relative 
displacement  between  the  rings  is  always  in  the  direction 
of  the  applied  radial  load  and  proportional  t.o  the  load 
(this  Is  not  the  case  in  a  non-linear  system). 
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The  total  displacement  in  a  linear  system  is  there¬ 
fore  constant,  which  means  that  variable  compliance  _ 

vibrations  are  not  induced.  Therefore,  the  ampli-  I 

tudes  of  the  variable  elastic  compliance  vibration  ■ 

in  a  cylindrical  or  tapered  roller  bearing,  which 
is  nearly  linear,  are  expected  to  be  small  compared  I 

to  those  in  a  ball  bearing,  I 

b.  In  a  spherical  roller  bearing  the  races  and  rolling  a 

elements  are  in  point  contact,  as  in  a  ball  bearing,  J 

and  the  variable  compliance  vibrations  therefore 

should  follow  the  same  law  for  these  two  types  of 
bearings.  The  coefficient  Cj  is,  however,  considerably  1 

higher  for  the  roller  bearing  than  for  a  ball  bearing  * 

with  the  same  rolling  element  diameter.  The  exact  effect 
of  this  difference  in  Hertzian  coefficients  depends  T 

on  the  load  applied  and  cannot  be  determined  without  1. 

extensive  analysis. 

c.  The  number  of  rolling  elements  in  the  roller  bearings  | 

here  considered  is  much  larger  than  in  deep  groove  ball  tear irgs 
of  conventional  design.  This  is  expected  to  reduce 

the  amplitudes  of  the  variable  compliance  vibrations  1 

in  roller  bearings,  since  the  amplitudes  of  these  « 

vibrations  decrease  with  the  number  of  rolling  elements. 

d.  The  overall  effect  of  the  design  difference  between  ] 

roller  and  ball  bearings  on  the  variable  compliance 
vibrations  is  a  reduction  of  the  amplitudes  of  these  « 

vibrations  in  the  roller  bearings.  This  is  in  agreement  I 

with  experimental  results  which  for  roller  bearings, 

show  no  significant  difference  between  the  amplitudes 
measured  in  the  direction  of  the  radial  load  and  per-  f 

pendicular  to  it  (See  2.3.12).  For  ball  bearings  the  i 

vibration  amplitudes  perpendicular  to  the  radial  load 
are  generally  of  higher  amplitude  than  those  in  the  ■ 

direction  of  the  load  which  is  attributed  to  the  effect  | 

of  the  variable  compliance  vibrations. 
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2.3. 4  Flexural  Vibrations  of  the  Outer  Ring  Due  to  Roller  Loads 

Since  the  amplitudes  of  these  vibrations  are  inversely  pro¬ 
portional  to  the  cube  of  the  number  of  rolling  elements,  the  large 
number  of  rollers  in  the  roller  bearings  have  a  pronounced  reducing 
effect  on  these  amplitudes.  Enclosure  70  show  the  computed  amplitudes 
of  these  vibrations  at  800  RPM  rotational  speed  as  a  function  of 
axial  as  well  as  radial  load,  computed  from  Equations  (1.3. 4-2)  and 
(1.3.4  2).  The  amplitudes  are  expressed  in  terms  of  acceleration  since 
acceleration  measurements  were  used  in  all  large  roller  bearing  tosts. 
Typical  amnlltudes  of  bearing  vibration,  measured  in  an  octave  band 
containing  the  frequency  at  which  the  flexural  vibration  occurs 
(the  roller  passage  frequency),  are  shown  for  comparison.  It  is 
seen  that,  even  under  heavy  loads  the  vibrations  due  to  roller  loach  are  tf 
low  amplitude  compared  to  the  overall  vibration  level.  This  effect 
is  even  smaller  if  the  bearing  is  mounted  in  a  housing,  as  was  done 
in  the  measurements  of  the  overall  vibration  level.  These  vibrations 
can  therefore  be  neglected  In  most  cases. 


2.3.5  Contact  Deformation  in  Roller  Bearings 

As  mentioned  in  2.3.3  the  deformation  at  the  contact  between 
the  rollers  and  races  in  spherical  roller  bearings  may  be  assumed 
to  follow  the  non-linear  Hertzian  law,  for  point  contacts  given  by 
Equation  ( 1 .3.7-1) . 

For  cylindrical  and  tapered  roller  bearings  the  deformation 
i s  nearly  linear,  as  given  by  Equation  (2. 3. 3-1), 

As  for  ball  bearings,  it  is  advantageous  to  use  a  linear 
approximation  of  the  Hertzian  law  as  given  by  Equation  (1.3. 7-2). 
The  linear  coefficient  of  contact  deformation  kj  for  spherical 
roller  bearings  can  then  be  computed  from  Equation  (1.3. 7-4)  for 
a  bearing  under  axial  load  or  from  the  following  more  general 
equation  in  which  the  coefficient  is  expressed  in  terms  of 
rolling  element  load 

Formulae  for  numerical  computation  of  C"  and  can  be  found 
in  (5). 
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For  cylindrical  and  tapered  roller  bearings  the  linear 
coefficient  of  deformation  may  be  expressed  in  terms  of 
the  rolling  element  load  P  as 

1. 1  r 


(2. 3. 5-2) 


The  values  of  k,g  for  the  various  roller  bearings  used  in 
the  tests  reported  here  are  plotted  as  a  function  of  roller  load 
in  Enclosures  71  end  72.  Tt  is  seen  that  for  the  cylindrical 
and  tapered  roller  bearings  is  relatively  load  Independent, 

while  for  the  spherical  roller  bearing  varies  considerably  with 

the  load. 


2.3.6  Vibrations  Generated  by  Geometrical  Imperfections  of  the 

Rolling  Surfaces _ 

As  in  a  ball  bearing,  1 mperrect i ons  of  the  rolling  surfaces  of 
roller  bearings  Induce  vibrations  of  the  outer  race.  These  vibrations 
include  rigid  body  motion  and  vibrations  caused  by  clastic  deformation 
(bending)  of  the  outer  ring. 

The  rigid  body  vibrations  comprise  radial,  axial  and  angular 
vibrations.  Due  to  the  differences  in  design  of  the  various  types 
of  bearings  one  mode  may  be  more  predominant  in  one  bearing  type 
than  in  another.  These  differences  will  be  pointed  out  later. 


2.3.7  .RoAx  ,.V i.br.at i  impftrfecUja.ns, 

The  rigid  ring  vibration  theory  originally  developed  for  deep 
groove  ball  bearings  has  been  experimentally  verified  for  large 
roller  bearings. 

Frequencies  predicted  by  the  theory  have  been  found  in  ex¬ 
perimental  spectra  of  radially  as  well  as  axially  loaded  large 
roller  bearings.  Enclosure  73  shows  a  narrow  band  spectrum  of 
the  radial  vibrations  of  n  23256  spherical  roller  bearing  operating 
under  20,000  lbs  radial  load.  The  spectrum  contains  peaks  at 
frequencies,  coinciding  with  those  that  arc,  according  to  linear 
theory,  induced  by  Inner  ring,  outer  ring  and  roller  waviness.  The 
spectrum  includes  frequencies  only  up  to  170  cps,  since  the  most 
significant  effects  of  race  waviness  have  been  observed  in  this  range. 
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Enclosure  74  shows  a  radial  vibration  spectrum  of"an  NJ256  cylindrical 
roller  bearing  operating  under  20,000  lbs  radial  load.  In  this 
bearing  roller  waviness  was  high  compared  to  inner  and  outer  ring 
waviness  as  evidenced  by  peaks  induced  by  roller  waviness  at  frequencies 
predicted  from  linear  rigid  ring  theory. 

Enclosures  75-77  are  tabulations  of  orders  of  inner  ring,  outer 
ring  and  roller  waviness  that  generate  vibrations  in  given  octave 
bands  at  selected  rotational  speeds.  The  ranges  include  vibrations 
generated  by  both  the  linear  and  non-linear  theory  of  rigid  ring 
vibrations,  and  apply  to  radial,  axial  and  angular  vibrations. 

In  a  bearing  with  two  rows  of  rolling  elements  (such  as  the 
spherical  roller  bearings  used  in  the  tests)  both  rows  contribute 
to  the  bearing  vibration.  This  case  was  not  covered  by  the  mathematical 
analysis  in  <1),  and  a  detailed  analysis  will  therefore  be  given 
here . 


To  illustrate  the  effect  of  two  rows  of  rolling  elements  only 
the  linear  radial  vibrations  will  be  analyzed  under  the  assumptions 
made  in  Special  Report  AL61L032  (l),  i.e,  the  bearing  Is  constrained 
In  such  a  manner  that  the  outer  ring  vibrates  only  radial ly,  but  not 
angularly  or  axially.  Angular  and  axial  vibrations  of  double-row 
bearings  wiil  not  be  analyzed  here. 


We  first  consider  the  effect  of  inner  ring  waviness  on  the 
radial  vibrations  of  a  double-row  bearing.  The  subscript  I  will  be 
used  to  refer  to  quantities  related  to  the  first  row  of  rolling 
bodies,  and  the  subscript  IX  for  the  second  row,  on  the  assumption 
that  both  rows  of  rolling  bodies  carry  the  same  load.  Equation  (30) 
of  Report  AL61L.032  (l)  may  then  be  expressed  as 


f c° s  w* + - x  v s'  'W 

This,  using  Equation  (41)  -  (48)  of  Report  AL61L032  can  be  simplified 


(2. 3. 7-1) 


as 


(2. 3. 7-2) 
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where  and  are  the  numbers  of  rolling  elements  in  row  I 
and  row  II,  respectively  (only  the  case  will  be  considered), 

XHis  the  radial  displacement  in  the  horizontal  direction  ;  Q 
is  the  nhase  angle  betwson  the  rolling  elements  of  the  two  rows  (the 
polar  angle  between  the  arbitrarily  numbered  ’’rolling  element  No.  1" 
of  row  I  and  ’’rolling  element  No.  1"  of  row  II). and  "^’5"  are 
according  to  Equation  (61)  of  Report  AL61L032  (1)  defined  for  inner 
ring  wavlness  by 


Vy  -W?I  *  £  [,!0^+o<leI 

J  k«i 


(2. 3. 7-3) 


*  vitt -2.  - 

<•1 


(2. 3. 7-4) 


where  and  Airfare  the  phase  angles  of  the  waviness  function  for 

the  two  rows,  measured  from  a  common  angular  position  for  both  rows. 
Ak£  and  AkC  are  amplitudes  of  the  waviness  harmonics. 

Using  trigonometric  identities  and  Equations  (32)-(35)  of 
Report  AL61L032  (1)  Equation  (2. 3. 7-4)  can  be  expressed  as 

Vj, 

.  (2, 3, 7-5) 

•f-5^  (k,*)rosk(eo;++*<i^ fi+O)  */  vt  fac+'+&)j 

where  the  fact  that  terms  containing  Y*.*i  and  ’Sv.Ck,l)  vanish,  has 
been  considered.  The  functions  StCk,z),  ^5^Ck,t)  and  S^Ck,\) 

are  defined  by  Equation  (32)  -  (35)  in  Report  AL61L032  (l). 
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Equation  (2. 3. 7-4)  can  furth'w  be  written  as 

*  1 I  *kt  l  ft/  <*,  *y  s/vjjs'Hftv  -ujj  4  kMkT  *  («+ o 

*  fc*l  ( 2  3  7-(>) 

+  CS,Ortx)  -QdT'1-jj $'*1, jjktof  *  (k’0  tij- 

This  equation  is  the  equivalent  for  double  row  bearings  of 
Equation  (63)  of  ( 1) . 


The  solution  of  Equation  (2. 3,7-2)  may  now  be  expressed  as 
follows,  using  Equation  (2. 3. 7-6),  the  identities  (43)  and  (44) 
of  Report  AL61L032  (1),  and  the  method  outlined  on  pages  16-21  of 
the  same  report: 


*Hi  '  al  ,  *in[0cv;-t»M  +*  Ufcr] 

k«nyi  ^  ^ 


(2. 3. 7-7) 


iZ(  t  sin  [Cfcnj-ftfcH  *~ka<fec  »flc+i)fl] 

mA»-i  K  *»*  ) 


*1 


I 


*m«T  / 


-  ^ Cd4* *coc^  +  k*k  j-+(k-:)d3 


This  solution  is  the  double-row  bearing  equivalent  of  Equations 
(74,  78-80)  of  (l).  Note  that  in  the  present  equation,  a  factor 
1/2  appears  ahead  of  the  summations  which  is  not  present  in  the 
single  row  solution.  In  a  non-resonant  range 


where 


j  kw,  twc  \ 

V  J 


**  I 


(2. 3. 7-8) 


Equation  (2, 3. 7-7)  may  be  simplified  as 
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90 

^  +*wArl 4  **rSl  v'fk*0i'*,£*,e)^  +  ^ki3 


»»»o 

k**»|*l 


(2. 3. 7-9) 


41.  xRj. sf v*fk< — Jf ♦  k^kE <(k±»)$]  +i  JlJJm s'nPkw‘  l)®] 


.«*( 

k 


■h»o 

k*nt«-i 


Here  Xt  represents  the  instantaneous  displacement  of  a  bearing 
consisting  of  row  I  only  (the  first  two  summations  in  Equation 
(2, 3. 7-9),  and  Xjp  the  displacement,  of  a  bearing  consisting  of  row 
It  only  (the  last  two  summations  in  Equation  (2. 3. 7-9)),  X  is  the 
instantaneous  displacement  of  the  double-row  bearing. 

*kr  is  the  amplitude  of  the  k:th  harmonic  of  the  vibrations 
generated  by  a  bearing,  having  only  the  first  row  of  rolling  elements, 
and  x^the  corresponding  amplitude  generated  by  the  second  row. 

The  equations  for  outer  ring  and  rolling  element  wariness  can 
bo  obtained  from  Equation  (2. 3. 7-9)  by  substituting  for  the  frequen¬ 
cies  Jb*Ot>the  characteristic  frequencies  for  vibration  induced 

by  outer  ring  wav  i  ness  t(ktl)toe  and  ball  waviness:  kw^  ,  and  by 
using  the  values  of  k  applicable  to  outer  ring  and  ball  waviness, 
respectively  (See  Enclosure  20), 

Equation  (2. 3. 7-9)  is  based  on  the  assumption  that  both  rows 
of  rolling  elements  carry  equal  loads.  Since  this  is  not  necessarily 
the  case,  Equation  (2, 3, 7-9)  gives  generally  only  an  approximation 
of  actual  conditions.  If,  for  tnstance,  the  bearing  operates  under 
heavy  thrust  load  and  no  radial  load,  the  effect  of  the  loaded  row 
Is  predominant  while  the  other  row  contributes  comparatively  little 
to  the  bearing  vibration.  For  most  operating  conditions  used  in  the 
tests  on  large  spherical  roller  beatings  Equation  (2. 3. 7-9)  is,  how¬ 
ever,  believed  to  give  a  good  approximation  of  the  bearing  vibration. 


The  interpretation  of  Equation  (2. 3. 7-9)  depends  on  the  relative 
magnitudes  of  the  parameters  °^k f  and  &  . 


The  following  cases  may  be  considered: 

1  •  ^kr  In  this  case  the  waviness  patterns  of  the  two 

rows  are  unrelated,  with  a  random  phase  shift  between  the 
same  harmonics  of  the  two  rows.  The  frequencies  in  the 
vibration  spectrum  are,  in  this  case,  exactly  the  same  as 
for  a  single  row  bearing.  The  RMS  vibration  level  in  a 
wide  band  is 


—  I  r  _  s.  _  i. 

X  «  zvj  Xj 


(2.3.7-10) 
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where  the  bars  Indicate  RMS  values. 

If  XX-X B  (which  may  be  considered  to  be  the  case  if  both 
rows  are  finished  by  the  same  process),  then 


—  -L_ 

*  •  \rs  r 


(2.3.7-11) 


i.e.,  the  vibration  level  of  the  double  row  bearing  is  >tvz 
limes  t nat  of  the  same  bearing  equipped  with  only  one  row 
of  rolling  elements.  The  case  ^^silal^always  applies  to 
vibrations  generated  by  rolling  elements,  and  may  also  be 
used  in  most  cases  where  the  two  rows  of  rolling  elements 
run  in  separate  grooves  such  as  in  a  spherical  roller 
bearing  inner  ring,  This  result  Is  independent  of  phase 
angle  &  . 

2.  •^*2”j<5‘an<1  X*rw**r*  In  this  cas®'  the  waviness  patterns 

of  the  two  rows  are  the  same.  This  case  may  be  approximated 
for  Instance,  by  the  outer  ring  of  a  spherical  roller  bearing 
where  both  rows  of  roller  run  on  the  same  spherical  surface. 
The  resultant  vibration  now  depends  on  the  phase  angle£t  . 
Using  trigonometric  identities,  Equation  (2. 3. 7-9)  may  be 
expressed  as 

£X»  p—  lc-i a.1  £•/  (2.3.7-12) 

w*o  “  *  ^  " 

It  is  seen  that  <  the  vibration  amplitude  generated  by 
k>M  waviness  harmonic  of  the  double  row  bearing  may  be 
expressed  in  terms  of  the  corresponding  amplitude  of  the 
single  row  bearing  *tr  by  the  equations 


”  *kr  fc,s  £ 


(2.3.7-13) 
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**  *  z^k^) *  )  k*y> i+i 


or 


*n'  *r* 


tci  2. 


>\ 


(2.3.7-15) 


Equation  (2.3.7-15)  shows  the  dependence  of  the  vibration 
amplitudes  on  the  phase  angle  ^  .  Two  cases  will  be  considered: 

a.  Bearings  with  both  rows  of  rolling  elements  held  in 
one  common  cage.  In  thiB  case  the  phase  angle  &  is 
constant.  If  d  =  0,  the  angular  positions  of  the 
rolling  elements  of  the  two  rows  coincide.  In  this 
case  =  kJM.  and  the  vibration  spectrum  of  the  double 
row  bearing  is  identical  with  that  of  the  single-row 
bearing.  If  &  -  ,  the  rolling  elements  are  staggered 

so  that  the  rolling  elements  of  one  row  fall  exactly 
at  the  midpoints  between  the  rolling  elements  of  the 
other  row.  In  this  case,  according  to  Equation  (2. 3. 7-6), 
*v,=  0,  for  Y>  =  l,  3,  5  ...  and  XXw  for  W  =  2,  4, 

6  ...,  i.e.,  the  number  of  peaks  of  the  double  row  bearing 
soectrum  is  only  1/2  of  that  of  the  single-row  bearing. 

The  frequencies  of  these  peaks  correspond  to  race  waviness 
harmonics  of  the  orders  hit  i  where  Z  is  the  total  number 
of  rolling  elements  in  the  bearing  (both  rows).  The 
vibration  spectrum  of  the  double-row  bearing  is  identical 
with  the  spectrum  of  a  single-row  bearing  having  the 
same  number  of  rolling  elements  as  the  total  number  of 
rolling  elements  of  the  double-row  bearing. 

For  other  values  of  the  phase  angle  &  the  amplitudes  of 
the  various  vibration  harmonics  may  be  computed  from 
Equation  (2.3.7-15).  Enclosure  78  shows  how  the  ampli¬ 
tudes  of  the  harmonics  corresponding  to  =  1,  2,  3  and  4 
depends  on  the  ohase  angle  &  . 

It  follows  from  Equation  (2. 3. 7-6)  that  the  RMS  value 
of  the  vibration  amplitudes  of  the  double-row  bearing, 
in  a  wide  band,  may  be  expressed  as 


*  MT 

for 

Q 

x  » 

for 

e  •  o 
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where  the  bars  indicate  RMS  values. 

It  should  be  noted  that  these  equations  are  strictly 
valid  only  for  an  infinitely  wide  band  ). 

For  sufficient  accuracy  the  band  should  contain  at 
least  harmonics,  which  means  that  for  small 

values  of  d  a  very  wide  band  is  required. 

b.  Bearings  with  separate  half-cages  for  the  two  rows  of 
rolling  elements.  In  this  case  relative  slip  always 
occurs  between  the  half-cages,  i.e.,  the  phase  angle 
varies,  and  amplitudes  are  therefore  also  subject 
to  time  variations.  It  follows  from  Eauation  (2.3.7-15) 
that  the  long  term  average  RMS  values  of  the 
vibration  ampl ittides  x  of  the  double-row  bearbg,  in  a 
wide  band,  Is,  in  this  case; 

- 

X  *  vJjT  (2.3.7-17) 


A  comoarison  of  Equatton  (2.3.7-10),  (2.3.7-15)  and  (2.3.7-16) 
shows  that,  with  one  exception,  the  amplification  factor  for  the 
radial  vibrations  of  double-row  bearings  with  equal  load  sharing 
between  the  two  rows  is  '//£  times  that  of  the  corresponding  single- 
row  bearing.  Equation  (1.3.17-2),  (1.3.17-3)  and  (1.3.17-4)  may 
therefore  be  used  both  for  bearings  with  one  and  two  rows  of  rolling 
elements,  if  T.  is  taken  as  the  total  number  of  rolling  elements  in 
the  bearing.  The  one  exception  to  this  rule  is  the  cased  =  0,  given 
by  Equation  (2.3.7-15),  when  the  angular  position  of  the  rolling 
elements  of  the  two  rows  coincide,  and  the  rolling  element  in  both 
rows  run  on  a  common  ring  surface.  In  this  case  the  double-row 
and  single-row  bearing  have  the  same  amplification  factor,  i.e,,  the 
number  of  rolling  bodies  per  row  is  to  be  used  in  the  formulas. 

If  the  bearing  operates  under  heavy  axial  load  so  that  only  one 
row  is  loaded,  the  amplification  factors  are  the  same  as  for  the 
corresponding  single-row  bearing,  i.e.,  times  the  values  for  the 

double  row  bearing. 

In  Enclosure  79  the  velocity  bandwidth  amplification  factors 
V*  .  t?  and  TJfr  for  outer  ring,  inner  ring  and  roller  waviness 
for  the  roller  bearings  under  study  are  tabulated.  The  factors  refer 
to  a  rotation  soeed  of  100  RPM  of  the  bearing  in  vibration  testing, 
200  RPM  in  waviness  testing  inner  and  outer  rings  snd  740  RPM  in 
roller  waviness  testing. 
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The  amplification  factors  at  speedb  other  than  100  HPM  may  be 
obtained  by  multiplying  the  values  in  Enclosure  79  by  N/100  where 
N  is  the  rotational  speed  in  RPM.  Acceleration  amplification 
factors  relating  waviness  measured  in  terms  of  velocity  to  vibration 
measured  in  terms  of  acceleration  may  be  obtained  by  multiplying 
the  values  in  Enclosure  79  by  21T/  ,  where  £  is  the  midband  frequency 
of  the  band  in  which  the  vibration  is  measured,  Therejore  the  ratio 

between  VI  ,  Iff  and  Ufi  is  the  same  for  acceleration  as  for 
velocity  measurements.  All  the  factors  given  in  Enclosure  79  apply 
to  measurements  in  comparatively  wide  non-resonant  band.  They 
are  based  on  the  assumption  of  equal  load  distribution  between  rows. 

It  can  be  shown  similarly  to  the  reasoning  given  above  that 
Equations  (1.3.17-51.  (1.3.17-6)  and  (1.3.17-7)  which  give  the 
amo  1  i f i cat  ion  factors  for  the  axial  vibrations  of  single-row  bearings 
are  also  valid  for  double-row  bearings  operating  with  separate  half¬ 
cages  (variable  £)»  and  equal  load  sharing  between  the  rows.  In 
these  equations  2.  again  indicates  the  total  number  of  roM'ng  elements 
in  the  hearing. 

The  angular  vibrations  of  double-row  bearings  are  believed  to 
be  highly  Influenced  by  bearing  design,  e.g.,  whether  the  heaving 
is  a  ball  bearing  or  spherical  roller  bearing.  These  vibrations 
for  double-row  bearings  have  not  been  included  in  the  present  study. 


The  narrow  band  spectrum  of  the  roller  bearing  in  Enclosure  73 
shows  peaks  at  twice  and  three  times  the  rotational  frequency.  As 
for  ball  bearings,  vibrations  at  these  frequencies  can  be  explained 
as  flexural  vibrations  induced  by  2  wpc  and  3  wpc  inner  ring  waviness. 
Since  the  amplitude  of  these  peaks,  according  to  Equation  (1.3.18-2) 
increases  with  the  number  of  the  rolling  elements  and  with  the 
elastic  spring  constant  of  the  rollers,  this  effect  is  expected  t;o 
be  of  importance  in  large  roller  bearings. 
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tf,  in  a  double-row  bearing,  the  waviness  patterns  of  the 
two  inner  ring  tracks  are  identical  then  the  flexural  vibrations 
induced  are  similar  to  those  in  a  single  row  bearing.  If  the 
waviness  natterns  are  not  identical  then  the  resultant  elastic 
vibrations  depend  not  only  on  the  flexural  rigidity  but  also  on 
the  torsional  rigidity  of  the  outer  ring.  These  vibrations  have 
not  been  studied. 


2.3.9  Natural  Frequoncies  of  the  Outer  Rina 

The  natural  frequencies  of  the  vibrations  of  the  outer  ring 
may  be  comnuted  from  Equation  (1.3.15-1)  where  the  lowest  mode 
gives  the  natural  frequency  of  the  radial  rigid  body  mode  of  the 
free  outer  ring  supported  by  the  rolling  elements  and  the  higher 
modes  represent  flexural  vibrations.  The  natural  frequencies  of 
axial  rigid  body  motions  may  be  computed  from  Equations  (1.3.14-3), 
(1.3.14-4)  and  (1.3.14-5). 

The  natural  frequencies  in  the  range  between  0  and  10,000  cns 
of  the  roller  bearings  used  in  the  study  are  tabulated  in  Enclosure 
80.  The  rigid  body  resonant  frequency  of  a  system,  consisting  of 
the  bearing  mounted  in  its  housing  on  the  vibration  tester  (described 
in  2.2.1)  with  radial  loading  bar  and  piston  attached  to  the  housing, 
is  also  listed  in  the  enclosure.  (Eor  details  see  Progress  Report 
No.  17  (i)).  Enclosures  61  and  82  show  typical  narrow  band  spectra 
of  spherical  roller  bearings,  recorded  nt  several  rotational  speeds. 
In  Enclosure  83  the  soectra  obtained  at  the  various  speeds  have  been 
sunerimnosed  on  the  same  graph.  It  is  seen  that  the  snectra  contain 
peak  regions  which  arc  reasonably  speed  independent  Indicating  the 
probability  of  resonances  in  these  regions.  These  regions  are  seen 
to  coincide  well  with  the  comnuted  natural  frequencies. 


2.3.10  The  Effect  of  Load  on  the  Vibration  of  Large  Roller  Bearings 
Spherical  Roller  Bearings 

Radial  load,  in  the  20,000  to  80,000  lbs  range  has  a  small 
and  erratic  effect  on  the  vibrations  measured  in  octave  bands 
between  50  and  1600  cps  in  radial  and  axial  directions.  In  the 
octave  bands  above  1600  cns  the  vibration  level  increases  with  load. 
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This  effect  is  most  pronounced  in  the  highest  band  studied 
(6400-12800  cps).  An  increase  in  axial  load  from  5000  to  25000 
lbs  was  found  to  significantly  increase  the  vibration  level 
only  in  the  two  octave  bands  between  3200  and  12800  cns.  Below 
3200  cns  the  effect  of  axial  load  is  insignificant. 

Cvl  indr  leal  _Rq  LI  ex_Be.axi.nQ8. 

The  effect  of  radial  load  on  the  vibration  level  of  cylindrical 
roller  bearings  is  so  small  and  erratic  that  significant  trends 
are  difficult  to  detect. 

Tanered  Roller  Bearings 

The  effect  of  load  on  the  vibrations  of  tanered  roller  bearings 
was  not  studied  experimentally. 


2.3.11  The  Effoct  of  Sneed  on  the  Vibration  of  Large  Boiler  Bearing 

It  was  shown  in  Section  1.3.20  that  the  relationshin  between 
vibration  level  measured  in  octave  bsnds,  and  rotational  speed, 
for  small  hall  bearings  may  be  exnressed  by  liquation  (1.3.20-9).  The 
vibration  level  of  these  bearings  was  measured  in  terms  of  velocity. 
Exnerimental  results  have  shown  that  the  same  equation,  with  different 
values  of  the  exponent  ,  also  onnlies  to  large  roller  bearings  for 

which  the  vibration  level  is  expressed  in  terms  of  acceleration. 


Enclosure  84  shows  tyoical  experimentally  obtained  values  of 
for  roller  bearings  as  a  funetton  of  frequency.  The  curve  shown  on 
Enclosure  84  gives  the  approximate  average  values  of  for  a  spherical 
roller  bearing  under  radial  load.  The  curves  for  cylindrical  and 
tanered  roller  bearings  show  the  same  tendency.  For  all  three  types 
of  bearings  is  approximately  0.7  in  the  50-400  cos  range  and  approx¬ 
imately  1. 5-2.0  In  the  higher  octave  bands. 

As  for  small  ball  bearings,  the  relationship  between  vibration 
level  and  soeed  for  large  roller  bearings  depends  on  the  shane  of 
the  snectrum.  As  in  the  case  of  ball  bearings  the  vibration  level 
In  any  given  octave  band  at  any  given  rotational  sneed  may  be  com¬ 
puted  provided  that  the  octave  band  snectrum  at  one  speed  is  known. 
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In  a  non-resonant  region,  assuming  the  vibration  transmission 
characteristics  of  the  bearing  to  be  the  same  at  the  two  speeds, 
the  following  applies  for  measurements  expressed  in  terms  of 
acceleration: 


(2.3.11-1) 


where  is  the  RMS  vibrational  acceleration  measured  in 

an  octave  band  with  midband  frequency  f  cps,  at  a  rotational 
speed  of  hJj  RPM.  J 


represents  the  reading  in  the  same  band  at  a  rotational 
.  The  squared  factor  (  N^/eJ()*ln  Equation  (2.3.11-1) 


Is  due  tn  the  fact  that,  for  given  displacements,  the  acceleration 


amplitudes  are  proportional  to  the  square  of  the  frequency  and  thus 


also  to  the  square  of  the  rotational  speed.  It  follows  from  Equation 


(2.3.11-1)  that  the  octave  band  acceleration  spectrum  at  a  speed 
is  obtained  from  the  spectrum  at  the  speed  M.  by  multiplying  the 
ordinate  scale  hy  (Ml/sj()l>  and  the  abscissa'by  , 


The  value  of  the  acceleration-speed  exponent  equals  that  of 
the  velocity-speed  exponent  to  the  degree  of  approximation  to 
which,  for  the  octave  bands  under  consideration. 


"\T  »  arr^V  12.3.11-2) 

where  *f  is  the  midberd  frequency  of  the  octave  band. 

While  Equation  (2.3.11-2)  Is  not  generally  exact,  it  may  be  used 
for  rough  estimates  of  the  vibration  levels,  and  therefore  ,  the 
values  of  o<  and  are  approximately  the  same  for  the  same  bearing. 

A  comparison  of  Enclosures  44  and  84  shows  that  the  exponent  o< 
for  small  ball  bearings  is  approximately  the  same  as  the  exponent®^ 
for  large  roller  bearings  in  the  frequency  range  above  400  cps. 

(In  this  range  the  average  ©(  for  the  ball  bearings;  is  approximately 
1.4  and  the  average  for  the  roller  bearings  is  approximately  1.7. 
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In  the  50-400  ops  the  average  is  only  0.7  while  'V •  for  the 
ball  bearings  is  1.7.)  It  should,  however,  be  realized  that 
in  the  low  frequency  range  the  results  on  the  large  roller 
bearings  are  Influenced  by  ambient  vibrations  (Section  2.2.11 
which  tends  to  increase  the  vibration  readings,  especially  at 
low  speeds.  This  has  a  reducing  effect  on  the  values  of  •f* 
in  the  50-400  cus  bands,  which  may  at  least  partly,  explain  the 
low  values  of  of^in  this  range. 

Considering  the  differences  in  size,  design  and  rotational 
sneed  it  is,  of  course,  not  sunrising  to  find  some  differences 
between  the  values  of  e»^  for  ball  bearings  and  large  roller 
bearings,  A  comparison  of  Enclosures  28,  29  and  79  shows  that 
the  waviness  orders  generating  vibrations  of  the  roller  bearings 
under  the  speeds  here  considered  are  much  higher  than  those  in 
the  ball  bearings.  This,  no  doubt,  accounts  for  some  of  the 
differences  between  the  vibration  spectra  of  the  bearings. 

While  the  vi br a t t on- s peed  exnonents  for  acceleration  and 
velocity  can  he  considered  to  be  annroximately  the  same  for  the 
same  bearing,  the  shape  of  the  ncr.e  l  ernl  i  on  spectrum  is  widely 
different  from  that  of  the  velocity  spectrum.  The  velocity 
octave  band  spectrum  (in  a  non-resonant  region)  corresponding 
toO(=  1.5  was  found  to  follow  Equation  (1.3.20-6),  i.e.,  the 
octave  band  vibration  readings  decrease  with  frequency.  The 
corresponding  octave  baud  acceleration  spectrum  follows  the 
equation 


(2.3.1 1-3) 


which  gives  vibration  levels  increasing  with  frequency. 

Enclosures  85  and  86  show  typical  octave  hand  acceleration 
spectra  of  a  23256  spherical  roller  bearing  rotating  at  300  and  500 
RHM ,  It  is  seen  that,  in  till  three  measuring  directions  there  is  a 
tendency  for  the  vibration  levels  to  increase  with  frequency  as 
suggested  by  Equation  (2,3.11-3). 
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It  should  be  realized  that  Equation  (2.3.11-3)  describes 
a  spectrum  corresponding  to  a  value  of  1.5,  in  non¬ 

resonant  regions  only.  Since,  according  to  2.3.9  the  spectra 
of  large  roller  bearings  are  characterized  by  several  resonant 
peaks,  considerable  deviations  from  the  approximate  spectral 
shape  (2.3.11-3)  are  expected,  even  for  bearings  for  which 
o4,  s»  i.5.  This  is  clearly  illustrated  by  a  comparison  of  the 
octave  band  spectra  of  several  spherical,  cylindrical  and 
tapered  roller  bearings  which  will  be  discussed  in  more  derail 
in  2.3.14.  It  will  be  shown  that  for  the  octaves  in  the  50-1600 
«n«  range  the  vibration  level  of  all  bearing  tynes  tested  increases 
with  frequency.  In  the  frequency  range  above  1600  cps  a  decreasing 
tendency  is  observed  in  a  few  cases. 


2.3.12  Comparison  of  Vibration  Levels in  Different  Measuring  Directions 

The  following  general  trends  have  been  observed  in  comparing 
octave  band  vibration  readings  in  different  measuring  direcilunsi 

Spherical  KpHer  Barium 

1.  The  vibration  lovels  measured  in  octave  bands  in  the  range 
from  3  to  6400  cps  in  the  direction  of  the  applied  load  and 
pernendicular  to  it  are  approximately  the  same,  for  bearing 
rotational  speeds  in  the  range  between  100  and  800  RPM , 

Since  the  frequency  range  studied  includes  the  frequencies 
of  all  the  important  harmonics  of  the  variable  compliance 
vibration,  the  results  may  be  interpreted  to  mean  that,  the 
effect  of  the  variable  compliance  vibrations  on  the  total 
vibration  level  is  small,  as  expected  on  the  basis  of  the 
discussion  in  2.3.3. 

2.  The  vibration  level  in  the  axial  direction  is,  generally, 
approximately  twice  as  high  as  in  the  radial  direction. 

This  is  in  agreement  with  the  values  of  the  amplification 
factors^  ,  and  in  the  radiBl  and  axial  direction 

as  shown  on  Enclosure  79. 
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1.  Significant  trends  are  somewhat  more  difficult  to  detect 
than  for  the  spherical  roller  bearings,  due  to  more  erratic 
variations  in  the  vibration  levels.  Since  the  cylindrical 
roller  bearing  is  more  sensitive  to  misalignment  than  the 
spherical  roller  bearing,  these  variations  may  be  due  to 
unintentionally  induced  misalignment  in  applying  the  load. 

2.  Generally,  the  octave  band  vibration  levels  are  approximately 
the  same  in  the  direction  of  the  radial  load,  perpendicular 
to  the  load  and  In  the  axial  direction. 


The  vibration  levels  in  the  axial  direction  are,  in  general, 
higher  than  in  the  radial  directions  in  octave  bands  un  to 
BOO  t.ps,  as  expected  from  tho  value  of  Z^,  ,  and 

listed  in  Enclosure  70.  In  the  bands  above  800  cps  the 
axial  vibrations  are  of  lower  amplitude  than  the  vtbrallons 
measured  in  the  radial  directions. 

The  vibration  amnlitudes  in  the  direction  of  the  radiul 
load  and  perpendicular  to  it  are  approximately  the  same  in 
octave  bands  up  to  800  cps.  In  the  bands  above  800  cps 
the  amplitudes  of  vibrations  in  the  direction  of  tho  load  are 
approximately  twice  as  high  as  in  the  direction  perpendicular 
to  it . 


2.3,13  Comparison  of  the  Effects  of  Inner  Ring,  Outer  Ring  and 
Rolling  Element  Waviness  on  the  Bearing  Vibration  Level 

The  method  given  in  1.3.22  may  advantageously  be  applied  to 
large  roller  bearings,  particularly  in  studying  the  effects  of 
improvements  of  the  rolling  surface  waviness. 

The  theoretically  expected  reduction  in  vibration  level, 
due  to  improvements  in  waviness,  may  be  computed  from  the  equation 

.2  _  5  /n./  .1  _ l/i.  i.  .2.  /\.i 


vv„l  sAvJ  MvJ  SWJ 


(2.3.13-1) 
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where  the  subscript  A  refers  to  the  unimproved  bearing  and  the 
subscript  B  to  the  improved  bearing,"^  and  are  the  theoretically 
exnected  vibration  levels  in  any  given  band  and  the  quantities  “W6  , 

and  Wj,  are  waviness  readings  in  bands  corresponding  to  the 
frequency  band  of  vibration.  ,  Z/  and  2*  are  given  by  Equations 
(1.3.22-5),  (1.3.22-6)  and  (1.3.22-7). 

Enclosures  67-92  give  experimental  vibration  and  wavlness  data 
for  unimproved  and  Improved  spherical,  cylindrical  and  tapered 
roller  bearinjgs.  The  subscript  A  always  refers  to  the  unimproved 
bearing  and  5  and  C  ,  res pecli v»l >  to  improved  bearings  of  two 
degrees  of  refinement.  (The  manufacturing  improvements  will  be 
further  discussed  in  2.3.18.)  Enclosures  93-95  show  c  graphical 
comparison  of  the  computed  and  measured  ratios.  It  is  seen 

that  for  the  spherical  bearings  the  exror imental  ratio,  in  general, 
is  somewhat  higher  than  that  computed,  while  for  the  cylindrical 
and  tapered  roller  bearings  the  opposite  is  true.  The  relative  in¬ 
fluence  of  improvements  in  outer  ring,  inner  ring  and  roller  wavlness 
for  the  various  bearings  used  may  be  obtained  from  a  comparison  of 
".he  Z0l  ,  and  Z.£  factors  for  the  different  bearings.  This  is 

Illustrated  by  Enclosure  96.  It  is  recalled  that  the  value  of  the 
contribution  factors  Z  depends  not  only  on  design,  but  also  on  the 
relative  magnitude  of  wavlness  of  the  different  parts  found  in  the 
reference  (  A  )  bearing. 

The  fact  that  the  reduction  In  vibration  level  due  to  improve¬ 
ments  In  wavlness  is  smaller  for  the  spherical  bearing  than  for  the 
cylindrical  and  tapered  bearings  could  be  explained  by  assuming  that 
the  vibration  level  of  the  bearing  is  also  influenced  by  other  causes 
than  waviness  (including  the  sources  discussed  in  2.3.3  and  2.3.4). 
Since  the  vibration  level  of  the  unimproved  spherical  roller  bearing 
tested  was  considerably  lower  than  that  of  the  cylindrical  and 
tapered  bearings,  the  contribution  to  the  total  vibration  level  from 
sources  other  than  waviness  is  likely  to  be  greater  for  the  spherical 
bearing  than  for  the  two  other  types.  The  vibration  level  of  the 
spherical  bearing  was  therefore  less  influenced  by  reductions  in  the 
waviness  level  of  the  carts  than  the  two  other  types  of  bearing*. 
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2.3.14  Comparison  of  the  Amplitudes  of  Vibration  Generated  by 
Various  Sources _ _ 

Of  the  four  vibratory  sources  mentioned  in  2.3.1  through 
2.3.4  the  variable  compliance  vibrations  and  bending  of  the  outer 
ring  due  to  the  finite  number  of  rolling  elements  are  judged  to  be 
less  Important  in  the  large  roller  bearings  than  in  ball  bearings, 
according  to  the  discussions  in  2.3.3.  The  two  other  sources,  l.e, 
flexural  bending  due  to  low  order  inner  ring  waviness  and  rigid 
body  vibrations  induced  by  waviness  of  the  rolling  surfaces  are  con¬ 
sidered  the  main  contributors  to  the  bearing  vlhration. 

The  effects  of  2  wpc  inner  ring  waviness  on  the  flexural 
vibration  of  the  outer  ring  is  Illustrated  by  Enclosure  97,  for  a 
23240  snherical  roller  bearing. 

The  results  apnly  in  a  rntallnnal  vibration  test  speed  of  800 
RPM.  The  vibration  teve!  is  given  in  terms  of  acceleration.  For 
comparison  the  average  vibration  level  measured  in  the  25-50  cps 
band,  (which  contains  the  frequency  generated  by  this  source)  is  also 
shown.  It  Is  seen  that  2  wnc  with  an  RMS  amnlitudo  of  175  micro¬ 
inches  (corresponding  to  450  microinches  maximum  diameter  difference) 
is  required  to  produce  a  vibration  amplitude  equal  to  the  measured 
level.  Since  this  amount  of  inner  ring  two  point  out-of-roundness 
Is  of  an  order  of  magnitude  commonly  found  in  bearings  of  this  size 
the  two  nolnt  out  of  roundness  is  expected  to  be  u  significant  con¬ 
tributor  to  the  low  frequency  vibration  1  o  vo  ?,  of  the  bearing.  This 
is  also  verified  by  the  experimental  saectrum  of  a  23256  bearing 
shown  on  Enclosure  98,  which  shows  a  nenk  at  twice  the  rotational 
frequency.  Inner  ring  waviness  at  3  wpc  also  has  a  similar  effect. 

A  peak  at  three  times  the  rotational  frequency  corresponding  to  this 
order  of  Inner  ring  waviness  is  also  seen  in  the  spectrum  shown  on 
Enclosure  98. 

The  theoretically  expected  effect  of  outer  ring,  inner  ring  and 
roller  wavtness  of  a  23240  spherical  roller  bearing  is  illustrated  by 
Enclosure  99.  This  Enclosure  shows  the  computed  vibration  levels  in 
terms  of  acceleration  (according  to  linear  rigid  ring  theory)  induced 
by  the  three  types  of  waviness  in  the  400-800  cps  band  in  a  bearing 
rotating  at  800  RPM.  The  graph  shows  the  vibration  levels  generated 
bv  outer  ring,  Inner  ring  and  roller  waviness  separately,  as  a  function 
of  the  waviness  level  in  a  corresponding  waviness  band.  The  amplifica¬ 
tion  factors  computed  from  Equation  (1,3.17-2),  (1.3.17-3)  and  (1.3.17- 
were  used  in  this  anslysis  and  the  conversion  to  acceleration  was  per¬ 
formed  by  multiplying  by  the  midband  frequency  of  the  400-800  cps  band. 
For  comparison  the  measured  average  vibration  level  in  the  400-800  cps 
band  is  also  shown.  The  waviness  levels  of  the  rollers,  the  inner  ring 
and  the  outer  ring  measured  in  bands  approximately  corresponding  to  the 
400-800  ens  vibration  band  are  marked  on  the  gpaph.  It  is  seen  that  the 
vibrat'on  levels  computed  from  the  measured  values  of  the  outer  ring, 
inner  ring  and  roller  waviness,  in  each  case,  are  a  significant  portion 
of  the  measured  vibration  level.  -94- 
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2.3.13  The  Effect  of  Radial  Looseness  on  the  Vibration  of  Roller  Bearings 

Tests  performed  on  spherical  roller  bearings  have  shown  that 
there  is  a  tendency  for  the  vibration  level  to  increase  with  de¬ 
creasing  radial  looseness.  The  effect  of  radial  looseness  in  the 
positive  looseness  range  is,  however,  very  small.  A  preloaded 
bearing  (no  radial  looseness)  has,  in  general,  a  higher  vibration 
level  than  the  same  bearing  mounted  with  loose  fit.  For  further 
details,  See  Progress  Report  No.  14  (1). 


2.3.16  Airborne  Noise  Measurements  of  Larne  Ro 1 1 er_Bear 1 nas 

The  following  tendencies  concerning  the  airborne  noise  of  large 
roller  bearings  were  observed: 

1.  The  airborne  noise  level,  measured  in  octave  bands  generally 
decreases  slowly  with  increasing  frequency. 

2,  The  airborne  noise  and  structure  borne  vibration  velocity 
spectra  of  each  bearing  are  similar  in  shape, 

3.  The  airborne  noise  readings  correlate  reasonably  well  with 
the  structure  borne  vibration  readings.  This  correlation 
holds  both  for  comparisons  of  the  same  bearing  at  different 
speeds  and  in  different  octave  bands  ond  for  comparison  of 
different  bearings  tested  with  the  same  setup. 

4,  The  airborne  noise  generally  increases  with  speed.  The  exact 
relationship  between  airborne  noise  level  and  speed  cannot  be 
determined  on  the  basis  of  available  test  results.  There  is, 
however,  no  indication  that  this  relationship  would  greatly 
differ  from  the  corresponding  relationship  between  structure 
borne  vibration  level  and  speed. 

Detailed  results  are  given  in  Progress  Report  No.  17  (1), 
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2.3.17  Additional  Parameters  Affecting  the  Vibration  and  Airborne 

Mlse  o_f_Larae  Roller  Bearings _ 

In  addition  to  the  various  sources  discussed  in  Sections  2.3.1 
through  2.3.16,  the  vibration  and  airborne  noise  emitted  by  large 
roller  bearings  are  influenced  by  a  number  of  other  parameters.  Some 
of  these  parameters,  such  as  lubrication,  damago  on  the  rolling 
surfaces,  dirt  and  rust  were  discussed  in  1.3.28  for  ball  bearings. 

The  effect  of  these  parameters  for  large  roller  bearings  is  judged 
to  be  similar  to  that  for  ball  bearings.  Other  effects  occur  in 
large  roller  bearings,  due  to  design  and  size  differences  between 
them  and  small  ball  bearings. 

Some  of  these  effects,  typical  of  large  roller  bearings  are: 

a.  The. Contact  Between  Roller  End  and  Race  Flange: 

The  geometrical  shape  and  m  i  cro -gtsonie  t  ry  of  both  the 
roller  end  and  the  flange  may  influence  both  the 
axial  and  radial  vibrations  of  the  bearings.  These 
effects  huve  not  been  studied. 

b.  Roller  Skewing: 

In  applying  the  analytical  results  in  Section  1.3 
to  large  roller  bearings,  it  was  assumed  that  the  axes 
of  the  rollers  of  the  rotating  bearing  remain  parallel 
to  the  axis  of  rotation  of  the  bearing.  This  is  not 
necessarily  the  case.  The  rollers  may,  at  least  under 
certain  conditions,  operate  with  their  axes  misaligned 
with  respect  to  the  bearing  axis.  The  skewing  of  the 
rollers  is  likely  to  affect  the  vibration  characteristics 
of  the  bearings.  The  amount  of  roller  skewing  is  in¬ 
fluenced  by  factors  such  as  flange  and  roller  geometry 
and  surface  micro-geometry,  roller  crowning  and  con¬ 
formity,  cage  geometry,  lubrication,  load  and  speed. 

c.  Effects  Peculiar  to  Double  Row  Bearings: 

Some  of  these  effects  were  discussed  in  2.3.7.  Additional 
effects  may  be  induced  by  inaccuracies  in  the  relative 
location  of  the  two  race  ways  (the  grooves  may  be  dis¬ 
placed  radially  or  angularly  with  respect  to  each  other) 
or  by  dimensional  differences  between  the  two  grooves. 

The  fact  that  under  many  loading  conditions  the  two 
rows  are  not  equally  loaded  also  influences  the  vibration 
of  the  bearing. 
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d .  Cape  Effects; 

The  heavy  cages  generally  used  In  large  roller  bearings 
may  generate  forces  of  high  enough  magnitude  to  sig¬ 
nificantly  affect  the  bearing  vibration.  The  cage  also 
influences  roller  skewing.  It  may  directly  emit  air¬ 
borne  noise  which  is  not  reflected  on  vibrations  of  the 
outer  ring. 


2.3.18  Comparison  of  Different  Types  of  Large  Boiler  Bearings 

Enclosures  100  and  101  give  a  comparison  of  observed  vibration 
levels  of  spherical,  cylindrical  and  tapered  roller  bearings. 

Enclosure  loo  shows  the  vlbroion  levels  of  standard  production  quality 
bearings  manufactured  with  polished  or  ground  race  grooves  and  rollers. 
The  bearings  shown  on  Enclosure  101  are  of  improved  quality.  The 
improved  spherical  23240  roller  bearing  is  manufactured  with  honed 
inner  race  groove,  polished  outer  race  groove  and  honed  rollers.  The 
improved  NJ240  cylindrical  roller  bearing  Is  manufactured  with  honed 
inner  and  outer  race  grooves  and  lBpped  rollers.  The  improved 
96900/96140  tapered  roller  bearing  was  loaned  to  theffiBSIF  Industries, 
Inc.  Research  Laboratory  by  the  U.  S.  Naval  Engineering  Experiment 
Station,  Annapolis,  Maryland  with  the  indication  that  it  represents 
the  best  quiet  running  quality  tapered  roller  bearings.  The  octave 
band  readings  shown  graphically  in  Enclosures  100  and  101  are  tab¬ 
ulated  in  Enclosures  90-92. 

From  Enclosures  100  and  101,  it  is  obvious  that  the  tapered 
roller  bearing  tested  has  the  highest  vibration  levels  of  the  standard 
quality  bearings.  This  bearing  reads  more  than  five  times  higher 
than  the  two  other  bearing  types  in  the  400-6400  cps  range.  The 
spherical  roller  bearing  has  the  lowest  vibration  levels  in  most 
bands  and  the  cylindrical  bearing  reads  up  to  four  times  higher  than 
the  spherical  in  the  frequency  range  below  1600  cps. 

A  comparison  of  the  vibration  levels  of  the  improved  bearings 
presented  in  Enclosure  101  shows  that  the  improved  tapered  roller 
bearing  tested  reads  as  much  as  four  tiifies  higher  than  the  othor 
two  bearings  of  Improved  quality.  The  spherical  roller  bearing  again 
has  the  lowest  vibration  levels  of  the  three  bearing  types.  Although 
the  improved  cylindrical  bearing  reads  higher  than  the  spherical 
bearing,  the  difference  in  vibration  level  between  the  two  is  less  than 
in  the  case  of  the  corresponding  standard  bearings. 
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From  the  waviness  test  results  of  the  standard  and  improved 
bearings  presented  in  Enclosures  87-89,  it  is  seen  that  the 
spherical  bearing  parts  in  general  have  1 ower  waviness  than  the 
others  while  the  tapered  roller  bearing  parts  read  the  highest. 


To  determine  whether  the  differences  between  the  vibration 
levels  of  the  three  bearing  types  are  explainable  by  the  differen  es 
in  their  waviness  levels  only,  the  following  equation  may  be  used: 


Ms 

Vv 


(jy. 

CWy\| 


where  the  subscripts*  and  y  refer  to  the  two  bearing  types  being 
compared,  e.g.,  spherical,  cylindrical  or  tapered  roller  bearings. 


■ft  is  the  rotational  frequency  of  the  cage, 
number  of  roiling  elements  in  the  bearing. 


7.  is  the  total 


i  t 


l  \ 


(2.3.18-1) 


"V  =  the  theoretical  RMS  value  of  the  bearing  vibration  in  any 
given  frequency  band. 

=  outer  ring,  Inner  ring  and  rolling  element  wavlness,  measured 
in  the  frequency  bands  corresponding  to  the  vibration  frequency  band. 


=  velocity  bandwidth  amplification  factors,  relottng  waviness 
velocity  amplitudes  to  vibration  amplitudes. 

If  the  theoretical  ratio  \^, /v^.  is  not  significantly  different 
from  the  corresponding  experimental  ratio,  it  may  be  concluded  that 
the  differences  in  the  vibration  level  ol'  the  various  types  of  bearings 
are  due  to  differences  in  waviness  levels  only.  If,  however,  the 
theoretical  and  experimental  ratios  are  significantly  different, 
effects  other  than  those  predictable  from  rigid  ring  theory  enter. 

In  this  case  differences  in  waviness  are  not  sufficient  to  explain 
the  differences  in  vibration  level;  or  there  are  waviness  effects 
not  covered  by  the  rigid  ring  theory  (such  as  flexural  outer  ring 
vibrations,  roller  end  and  flange  effects,  unaccounted-for  double¬ 
row  effects ,  etc) . 
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.  The  theoretical  and  experimental  /\^  ratios  are  given 
in  Enclosure  102,  for  the  standard  product ionand  improved  bearings. 

The  ratios  between  the  theoretical  and  experimental  vibration  ratios 
are  also  given  in  this  enclosure. 

Examination  of  Enclosure  102  shows  that  for  the  bearings  of 
improved  quality,  the  experimental  and  theoretical  vibration  ratios 
generally  are  in  good  agreement  except  for  the  30-100  cps  band 
where  the  spherical  bearing  reads  higher  than  expected.  For  the 
standard  quality  bearings  the  experimental  ratio  between  cylindrical 
and  spherical  roller  bearings  is  two  to  five  times  as  high  as  the 
theoretical  and  the  experimental  ratio  between  tapered  and  spherical 
roller  bearings  1.3  to  thirteen  times  as  high  as  the  theoretical 
in  the  100-1600  cos  range.  These  results  seem  to  indicate  that,  for 
bearings  with  comnarati vely  high  waviness  values  (standard  production), 
effects  other  than  those  predictable  from  rigid  ring  theory  occur. 

For  the  lower  waviness  levels  of  the  improved  bearings,  rigid  ring 
theory  applies  reasonably  well.  This  may  be  explainable  by  large 
Imnerfactions ,  other  than  rolling  peth  waviness,  in  the  standard 
production  bearings. 

It  can  be  concluded  that  a  valid,  reasonably  accurate  comparison 
of  the  vibration  levels  of  bearings  of  the  same  geometry  can  be  made 
on  the  basis  of  their  waviness  readings  alone,  by  applying  the  rigid 
ring  theory.  A  comparison  of  bearings  of  different  geometry  becomes 
more  complex.  Due  to  the  design  differences,  the  vibration  trans¬ 
mission  characteristics  of  the  bearings  are  different  which  must  be 
taken  into  account  along  with  the  waviness  effects. 

In  the  present  comparisons  of  vibration  levels  the  effect  of 
flange  weviness  of  the  cylindrical  and  tapered  roller  bearings  was 
not  considered.  Effects  due  to  such  causes  as  roller  skewing,  the 
exact  influence  of  the  double  row  of  rollers  instead  of  a  single  row 
and  flexural  outer  ring  vibrations  have  not  been  taken  into  account. 
These  effects  may  depend  not  only  on  the  design  and  operating  con¬ 
ditions  but  also  on  the  wavlness  levels. 
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Even  with  these  qualifications,  the  comparison  between  the 
three  types  of  large  roller  bearings  tested  seems  to  indicate  that 
the  differences  between  the  vibration  levels  of  the  three  types  of 
bearings  cannot  be  fully  explained  by  differences  in  the  measured 
waviness  levels  alone.  It  would  appear  that  the  spherical  roller 
bearing  of  standard  production  quality  offers  some  advantages  over 
the  two  other  types  of  bearings  of  corresponding  quality,  in 
addition  to  the  advantage  due  to  the  double  row  effect  discussed 
in  2.3.7.  For  the  bearings  of  improved  quality  this  add  i  1. 1  on  a  l 
advantage  of  the  spherical  roller  bearing  is  not  apparent. 
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DES.IGN  QUJPELINES 

3.1  INTBODU.CT.lflN 

The  parameters  influencing  the  structure  borne  vibrations 
and  airborne  noise,  generated  by  a  rolling  bearing  mounted  in  a 
piece  of  machinery,  may  be  divided  into  the  following  three  main 
categories : 

1.  Bearing  parameters,  such  as  dimensions,  number  of  balls, 
macro  and  micro-geometry. 

2.  Operating  parameters,  such  as  load  and  upeed. 

3.  Mounting  parameters,  such  as  masses  attached  to  the  bearing, 
the  elastic  properties  of  these  masses,  and  housing  and  bore 
fit  and  geometry. 

In  developing  a  hearing  with  quiet  running  characteristics  in 
a  given  application,  these  parameters  must  all  be  considered.  By 
proper  combination  of  the  parameters  it  is  usually  possible  to  reduce 
the  vibrations  at  least  in  selected  critical  frequency  ranges  below 
the  levels  obtainable  without  parameter  adjustment. 

The  operating  parameters  (load  and  speed)  in  any  given  application, 
are,  of  course,  selected  mostly  on  the  basis  of  considerations  other 
than  vibration.  The  sole  operating  parameter  that  can  often  be 
selected  on  the  basis  of  bearing  vibration  requirements  is  axial 
preload.  Still,  preload  adjustments  can  yield  substantial  advantages 
in  vibration  level.  Aside  from  preload,  the  parametea  available  for 
adjustment  to  obtain  quiet  running,  are  the  bearing  parameters  and 
mounting  parameters. 

In  Part  III  of  this  report  the  effects  of  the  various  parameters 
on  bearing  vibration  are  reviewed  and  guide  lines  given  for  selection 
of  these  parameters.  The  guide  lines  apply,  in  general,  to  large 
roller  bearings  as  walls  to  the  smaller  bell  bearings.  Whenever  this 
is  not  the  case,  it  has  been  mentioned. 
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In  Section  3.2  the  bearing  parameters  are  discussed.  The 

effects  of  the  various  bearing  parameters  on  bearing  vibration . 

is  summarized  In  3.2.1.  The  parameters  investigated  include 
bearing  design  parameters  such  as  the  number  and  size  of  balls, 
ring  dimensions,  groove  conformity  and  contact  angle,  as  well  as 
manufacturing  parameters  (mi cro -geometry  of  the  rolling  surfaces). 
Guide  lines  for  the  selection  of  bearing  parameters  are  given  in 
3.2.2. 

The  n p« rat l no  parameters  are  discussed  in  Section  3.3.  The 
effecU  of  load  arc  reviewed  in  3.3.1  and  a  brief  discussion  on 
the  effect  of  speed  is  given  in  3,3.2. 

In  Section  3.5,  a  numerical  example  is  given  of  designing  a 
bearing  to  meet  given  vibration  limits. 
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o  o  pFARTNR  PARAMETERS 

3.2.1  summary  of  t.hff  Effects  of  Bearing  Paramqms  .njl-Vlbra.UAtt 


1.  Boundary  Dimensions.: 

Boundary  dimensions  are  usually  determined  by  considerations 
other  than  the  quiet  running  characteristics  of  the  ^earing, 
such  as  bearing  load  capacity  and  available  space. 

Since  h c v.*s v s r ,  the  shsol iit.o  m ag n i t udes  of  the  micro  —  geometrical 
imperfections  generally  increase  with  bearing  size  and  since 
the  total  vibratory  energy  of  a  bearing  also  increases  with  size 
it  is  usually  advantageous  for  vibration  control  to  select  a 
bearing  of  as  small  a  size  as  permitted  by  other  considerations, 
even  though  specific  bearing  load  will  be  higher. 


2.  Bear  i  no  Geometry: 

a .  Number  of  Rolling  Elements  & 

The  number  of  rolling  elements  has  the  following  effects: 


1  The  bearing  vibration  level  due  to  rigid  ring  motion 

generated  by  ring  and  rolling  element  waviness  is  approx¬ 
imately  proportional  to  ,  where  Z.  is  the  total 

number  of  rolling  elements  (including  both  rows  of  a 
double-row  bearing).  An  increase  in  the  number  of  roll¬ 
ing  elements  therefore  results  in  a  reduced  vibration 
level.  This  affects  the  vibration  level  in  all  frequency 
bands . 


The  amplitudes  of  the  flexural  vibrations  due  to  roll¬ 
ing  body  loads  are  approximately  proportional  to 
The  amplitudes  of  these  vibrations  are  therefore  highly 
reduced  by  increasing  the  number  of  rolling  bodies . 

This  is  a  low  frequency  effect;  (for  a  bearing  rotating 
at  1800  RPM  a  significant  effect  is  expected  only  in  the 
low  Anderometer  band,  50-300  cps). 


3. 


The  amplitudes  of  the  flexural  vibrations  induced  by  low 
order  Inner  ring  waviness  increase  with  the  number  of 
rolling  elements.  For  inner  ring  two  point  out-of-round- 
ness  these  amplitudes  are  proportional  to  the  quantity 
“T  -  -X—  where  y  is  given  in  Equation  (1.3.18-2). 

Since  y^is  proportional  to  the  quantity  and  since 

(for  ball  bearings),  for  a  given  axial  load  ,  is  pro¬ 
portional  to  .  then  Y  for  any  given  load  FA  . 


Yi 


proportional  to  Z 
.  e  *  (where 

/  +  c  l  -103^ 


and ~Ty  proportional  to  the  quantity 
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that  the  amplitudes  of  the  flexural  vibrations  induced 
by  2  wpc  inner  ring  waviness  Increase  with  number  of 
balls. 

This  effect  of  2  wpc  inner  ring  waviness  occurs  at  a 
vibration  frequency  equalto  twice  the  rotational 
frequency  of  the  bearing. 


The  effect  of  inner  ring  3  wpc  on  the  flexural  outer 
ring  vibrations  is  similar,  although  the  value  of  ”T» 
is  different.  Assuming  the  axial  load  constant,  the 
maximum  radial  deflection  of  a  ring  under  three  equally 
spaced  loads  Is  approximately  1/6  of  that  under  two 
equally  spaced  loads.  An  order  of  magnitude  estimate  of 
the  3  wpc  Inner  ring  waviness  effect  may  be  then  obtained 
by  using  a  value  of  y  in  Equation  (1.3.18-1)  which  Is 
1/6  of  the  value  applicable  to  2  wpc.  This  approximate 
value  of  y  for  3  wpc  inner  ring  waviness  is 


Vs  tog  n ei 


(3.2, 1-1) 


The  flexural  vibrations  induced  by  3  wpc  Inner  ring  wariness 
occur  at  three  times  the  rotational  frequency.  Since  ly  for 
3  wpc  inner  ring  wavlness  is  smaller  than  that  of  2  wpc  the 
effect  of  3  wpc  is  generally  smaller  than  that  of  2  wpc  inner 
ring  waviness.  The  effect  of  the  number  of  balls  Z  in  the 
3  wpc  case  is  similar  to  that  of  the  2  wpc  case,  but  the 
differences  in  the  value  o  f*T>  must  be  token  into  account  in 
estimating  the  relative  effects  in  both  cases.  The  effects 
of  higher  order  of  inner  ring  waviness  may  be  estimated  using 
an  approach  similar  to  the  one  used  for  3  wpc.  The  influence 
of  inner  ring  wavlness  of  orders  higher  than  3  wpc  is,  how¬ 
ever,  in  most  cases  small,  and  can  be  neglected  unless  the 
waviness  of  the  orders  4,  5,  6  ...  is  very  predominant. 

4.  The  natural  frequencies  of  the  rigid  body  vibrations  are 

proportional  to  sir  .  The  natural  frequencies  of  the  flexural 
vibrations  of  the  outer  ring  are  approximately  proportional 
to  \Jz  .  An  increase  in  the  number  of  rolling  bodies  therefore 
Increases  the  natural  frequencies  of  the  hearing. 
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3.  The  number  of  rolling  elements  affects  the  variable 
elastic  compliance  of  the  bearing.  The  expected 
overall  effect  of  an  increase  in  the  number  of  roll¬ 
ing  elements  is  a  reduction  of  the  amplitude  of  the 
variable  compliance  vibrations.  The  frequency  of  each 
harmonic  increases  proportionately  with  the  number  of 
rolling  elements. 


To  evaluate  the  overall  effect  of  2  ,  due  to  the  various  sources 

listed  above,  it  is  necessary  to  consider  not  only  the  various  ampli¬ 
fication  factor?  hut.  also  the  relative  magnitudes  of  the  vibrations 
generated  by  the  different  sources.  For  this  purpose,  consider  a 
hearing  with  %  rolling  elements.  The  total  vibration  level  in  a 
comparatively  wide  band,  in  a  frequency  range  influenced  both  by 
rigid  ring  and  flexural  vibrations,  is  .  The  vibration  level  of 

the  rigid  ring  vibration  in  this  band  is  'V'*  ,  the  vibration  level_of 
flexural  vibrations,  due  to  two  and  three  wpc  inner  ring  wavlnessVr2  , 
and  ,  respectively  and  the  vibration  level  of  flexural  outer  ring 
vibrations  due  to  ball  loads  is  .  Variable  compliance  vibration? 


are  not  being  considered  since  the  bearing  la  assumed  to  operate  under 
axial  load.  If  the  number  of  rolling  elements  is  changed  from  Z  to  2 
then  the  vibration  levels  listed  above  change  to  V  ,  "V„  ,  ,\r.s 
and  VF  ,  respectively. 


The,  following  equation  relates  the  vibration  level  NCj  to  the 
level  Vu  . 


(3.2. 1-2) 


which  using  (1.3.18-2)  may  be  exoressed  as 

'Vy,  Y*(  )  +70 


or  since 


r 


is  prooortional  to 

I 


V4 


Vv 


r *■ 


m/J-1 


hi 


(3.2. i-3) 


(3.2. 1-4) 
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Expressing  in  terms  of  Ty.  Equation  (3.2. 1-4)  becomes 

V 

a  - - —  ,TT%  (3.2. 1-5) 


-v-ytf 


which  gives  the  relative  change  in  the  vibration  level  of  the 
flexural  vibrations  induced  by  twc  wpc  Inner  ring  waviness',  due  to 
a  change  in  the  number  of  rolling  elements  from  E  to  2 


The  corres ponding  equation  for  three  wpc  inner  ring  waviness  is 

v~  (t)\ 

1  *  <3-2-u6) 

The  ratios  and  ^^depend  on  the  amplification  factors 
—  ^Vt  and  %*  •  These  ratios  can  be  computed  provided  that  and 
are  known.  Enclosure  103  shows  Vj/vy  81  8  function  of  Vi 
for  various  values  of  Tj*  <  V^.  can  here  boused  to  represent  Vpz 
or  and  to  represent  or  Tys  ). 

The  following  equation  gives  the  approximate  relationship 
between  end 


d  the  relationship  between  and  is  given  by 

t 


(3.2. 1-7) 


(3.2. 1-8) 


The  total  vibration  level  may  be  obtained  as  the  square 
root  of  the  squared  levels  "V^  i  *  "V*  and  "Vp  •  This 
may  be  expressed  as 
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(3.2. 1-9) 


From  Equation  (3.2. 1-9)  the  overall  effect  of  changing  the 
number  of  rolling  elements_from  2  to  can  be  obtained,  if  , 

Trs  .  ^Vt/v  .  V'y.j/v'  .  and  are  known. 


To  find  the  optimum  value  of  ?  ,  i.e.,  the  valde  of  2  that 

gives  a  minimum  value  of  V/v  a  graphical  method  may  conveniently 
be  used.  This  is  Illustrated  by  Enclosure  104  which  shows(Vy*/v)a, 

and  (Vp/v)2  plotted  as  functions  of  in  • 

The  total  squared  vibration  level  represented  by  ("V/v)  is  also  shown. 
The  following  values  were  selected  for  this  example: 


(¥•  i 

(ff*i 

Sp  m£L 

Jyz  5 

$>)**  k 

%»*$■ 

(3.2.1-10) 

f*  p 

f 


l 

!' 


e 


i 


It  1 8  seen  that  for  the  specific  example  used  in  Enclosure  104 
(Vv)*  has  a  minimum  at  Vf  =  1.7. 


Equation  (3.2. 1-9)  and  Enclosure  104  apply  only  if  7  is  the 
only  bearing  parameter  which  is  changed.  If  rolling  element  size 
or  other  bearing  dimensions  are  also  changed  this  must  be  taken  into 
account  as  will  be  shown  later.  It  should,  of  course,  be  realized 
that,  due  to  design  difficulties  or  other  reasons,  it  may  not  always 
be  possible  to  use  the  optimum  value  of  Z  . 


b.  Rolling  Body  (Ball  or  Roller)  Diameter  D  ani  Diameter 
of  Rolling  Body  Pitch  Circle,  d - 


The  rolling  body  size  and  diameter  of  the  rolling  body 
pitch  circle  have  the  following  effects: 


i 


i! 

t  ) 

»  ?  I 
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1.  A  change  in  rolling  body  size  and  pitch  circle  djlameter 
affects  the  rigid  ring  vibration  frequencies  generated 
by  given  orders  of  waviness.  The  roost  predominant  effect 
of  this  is  on  the  vibration  frequencies  generated  by  roll¬ 
ing  body  waviness.  These  are  approximately  inversely 
proportional  to  the  rolling  body  diameter.  A  reduction 
in  rolling  body  diameter  therefire  increases  the  vibration 
frequencies  generated  by  given  orders  of  rolling  body 
waviness;  it  also  increases  the  vibration  frequencies 
generated  by  outer  ring  waviness  and  reduces  those  gen¬ 
erated  by  inner  race  waviness,  but  these  changes  are 
usually  much  smaller  than  those  induced  by  rolling  body 
w  a  v  i  n  e  s  s  . 


The  changes  in  the  rigid  body  vibration  frequencies  also 
result  in  changes  in  the  amplification  factors  "Do 

and  .  Consider  a  bearing  with  rolling  body  diameter 

5  and  rolling  body  pitch  circle  diameter  el  ,  If  the 
rolling  body  diameter  is  changed  to  &  ,  with  other  dim¬ 

ensions  (including^  ),  remaining  the  same,  the  following 
ratios  between  the  amplification  factors  for  the  bearing 
with  rolling  body  dlnmejter  JQ  and  for  the  bearing  with 
rolling  body  diameter  5  are  obtained: 


I/o  .  4  .  1 
Vo  i  —  &  c»s « 


or 


If. 

V, 


m 


4  _  j& 


>  +  £> 
Scoit  3 


J>  eoS< 


(3.2.1-11) 


(3.2.1-12) 


(3.2.1-13) 


-100- 

RESEARCH  LABORATORY  HKP  INDUSTRIES,  INC. 


AL63L023 


ir-_  i.  il'-l"1*) 

Tb  ^  ■  §Lc*s*) 

or,  since  usually  ^^.ceS^<p;  | 


-Tr.  £> 


(3.2.1-14) 


(3.2.1-15) 


From  Equation  (3.2.1-11)  through  (3.2.1-15)  the  effect 
of  variation  In  rolling  body  diameter  on  the  rigid 
ring  vibration  level  can  be  computed  for  any  given 
vibration  frequency  band,  if  the  wavlness  level  in  the 
corresponding  waviness  band  is  known.  Since  the  change 
in  rolling  body  diameter  affects  the  vibration  frequen¬ 
cies  generated  by  given  orders  of  waviness,  the  wnviness 
bands  for  the  two  bearings  (with  rolling  body  diameters 
£  and  S  )  are  not  the  same,  and  the  two  waviness 
levels  t.o  be  comnared  are  therefore  not  necessarily  the 


Denoting  the  two  waviness  levels  by  XrQ  anrit^  , 
and  and  for  outer  ring,  inner  ring  and 

rolling  body  waviness,  respectively,  the  following 
equations  hold  for  the  rigid  ring  vibration  levels 


V  „  Vo  Wo 
Va '  U0W0 


YL  *  tWr 

Vj  -  t) fv;. 

Jk  *  ^>w»- 


(3.2.1-16) 


(3.2.1-17) 


(3.2.1-18) 
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These  equations  do  not  take  into  account  the. effect 
of  changes  in  resonant  frequencies  due  to  the  change 
in  rolling  element  diameter. 

If 


V;  W„ 


(3.2. 1-19) 


it  follows  from  Equation  (3,2.1-11)  through  (3.2.1-18) 
that  an  increase  in  rolling  body  diameter 


a.  reduces  the  rigid  ring  vibration  level  induced  by  outer 
ring  wavlness. 

b.  increases  the  rigid  ring  vibration  level  induced  by 
inner  ring  wavlness. 

c.  reduces  the  rigid  ring  vibration  level  induced  by 
rolling  body  vtaviness. 

Since,  generally  is  small  compared  to  1,  the 

effect  (c)  is  much  stronger  than  (a)  and  (-).  The 
statements  (a),  (b)  und  (c)  are  valid  under  the  assump¬ 

tions  of  Equation  (3.2.1-19).  These  assumptions  are,  of 
course,  never  quite  exact.  In  actual  bearings  there 
generally  appears  to  be  a  tendency  for  the  outer  and 
inner  ring  wavlness  level  to  decrease  with  increasing 
frequency  and  fir  ball  waviness  to  Increase  with  frequency, 
l  .e. , 

(3.2.1-20) 


(3.2.1-21) 


for  >  j 

5 


for 


?fr<l 

X, 


3^’  > 

;  X 


;  ^  >1 


and 


^k>, 

Vo 


>  W* 


>  Wi 
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Under  the  conditions  of  Equation  (3.2=.1-2_Q)  the 
effect  of  £  on  "Vo  and  VJ,  is  not  quite  as  strong 
as  suggested  by  Equations  (3.2.1-12)  and  (3.2.1-13), 
Statements  (a)  and  (b)  still  hold  if 


tements  i 

iuw 


(3.2.1-22) 


If  Equation  (3.2.1-20)  is  valid,  the  statement  (c) 

Is  even  stronger  than  suggested  by  Equation  (3.2,1-13). 

f 

The  effect  of  rolling  body  pitch  circle  diameter  d  , 
is  small,  in  general,  since  for  given  boundary  dimensions 
possible  variations  in  d  are  usually  ton  small  to  have 
a  significant  effect  on  ~U0  ,  T/,'  or  . 

2.  The  linearized  Hertzian  coefficient  kig  of  ball  bearings 
Increases  with  ball  size  (See  Enclosure  19)  for  constant 
tnrust  load.  Since  y  is  according  to  Equation  (1,3.10-2) 
proportional  to  W^,  ,  it-  follows  that  a  reduction  in  ball 
size  results  in  a  reduction  of  the  amplitude  of  the 
flexural  vibrations  induced  by  low  order  (2  wpc  and  3  wpc) 
inner  ring  wavlness  in  ball  bearings.  The  same  tendency 
applies  to  roller  bearings,  although  it  is  loss  pronounced' 
because  the  relationship  between  roller  diameter  and  k*, 
is  different  from  that  for  ball  bearings. 

The^  flexural  vibration  levels  nnd 

are  related  to  amplification  factors  "Ty.^  ,  , 

t  and  Is _ asfjllows: 


(3.2.1-23) 


'  Tra 

as  fjl  lows : 

^  . 

Vj-j. 

"Vjri 

(3.2.1-24) 
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Here  the  quantities  and  refer  to  a 

bearing  with  rolling  body  diameter^  while  the 
quantities  ,  "Vy^  >  ,Ty1>  and  refer  to  a  bearing 

with  the  same  dimension  e|  ,  but  with  rolling  body 
diameter  ^  . 


The  ratios  'WV  and  may,  in 
with  Equations  (3.2, 1-4)  and  (3, 2. 1-5),  be 
in  terms  of  the  ratio  kn/ as  follows: 


analogy 

expressed 


(3,2. 1-25) 


where  T^-  and  Ty  apply  to  ^  as  well  to  Y*  i  and  kH 
and  l<^  are  the  co  r  res  pond  i_ng  linearized  Hertzian  co¬ 
efficients.  The  ratio  can  be  expressed  ns  a 

function  of  P/£  .  To  do  that,  It  Is  first  necessary 
to  express  as  a  function  ofJVS  which  can  be 


done  by  the  use  of  Enclosure  19,  where  the  quantity 
is  plotted  as  a  function  ofS  for  various  conformities. 
For  a  given  load,  number  of  rolling  elements,  conformity 
and  contact  angle,  /l*  is  proportional  to  k*,  ;  the  ratjo 
//SVj  equals  the  ratio  ,  and  and  T^/fya 

cun  then  according  to  Equation  (3.2.1-25)  be  plotted  as 
a  function  of  P/P  .  Sucli  plots  are  shown  on  Enclosure 
105  for  &  =  1/2",  =  4/5  and  Tya  =  4/10. 


3,  Due  to  the  effect  of  rolling  element  size  on  kM  the 

natural  frequencies  of  the  bearing  decrease  with  rolling 
body  size.  This  applies  both  to  flexural  and  rigid  body 
vibrations  . 


4,  The  variable  compliance  vibrations  depend  on  the  Hertzian 
coefficient  ksi  ,  which  again  is  a  function  of  rolling 
body  size.  The  exact  effect  depends,  however,  on  the 
load,  radial  looseness  and  bearing  dimensions,  and  cannot 
be  determined  without  detailed  analysis. 


-112- 

RESEARCH  LABORATORY  BKP  INDUSTRIES,  INC. 


AL63L023 

To  compute  the  overall  effect  of  changes  in  the  rolling  body 
diameter  3?  on  the  vibration  level  In  a  given  frequency  band,  it  is 
again  necessary  to  know  the  relative  magnitudes  of  the  vibration 
level  of  the  flexural.vibrations,  and  of  the  rigid  ring  vibrations. 

It  is  also  necessary  to  know  the  relative  contribution  from  outer 
ring,  inner  ring  and  ball  waviness,  respectively,  to  the  total  rigid 
ring  vibration  level.  Denoting  the  total  vibration  level  of  a  bearing 
with  rolling  body  diameter  J5  ,  by  ^  .  the  vibration  l$vel  of 
flexural  vibrations  due  to  2  wpc  inner  ring  woviness  by  Vm  ,  that 
due  to  3  wpc  inner  ring  waviness  by  Vyj  »  the  rigid  body  vibrations 
generated  by  outer  ring,  inner  ring  and  ball  waviness  by  Vj  , 

Vk  ,  respectively,  and  the  level  of  flexural  vibrations  due  to  hail 
loads  by  V(»  ( then  the  following  equation  holds  for  a  bearing  with 
rolling  body  diameter  . 

-  $>)  > 

where  all  quantities  without  bar  refer  to  the  bearing  with  rolling 
body  diameter  , 

The  terms  indicating  the  squared  rigid  body  vibration  levels 
may  he  enmputod  from  Equation  (3.2.1-11)  through  (3,2,1-lB),  and 
the  squared  flexural  vibration  levels  from  Equations  (*'.2.1-23) 
through  (3.2. 1-25) . 

p 

The  vibration  level  Vjc  1  s  proportional  to  1  ^  feW  and  there¬ 

fore  follows  the  same  trend  as  vo  • 

The  terms  in  Equation  (3.2.1-26)  cun  now  o 1  1_  be  expressed  as  n 
function  nfJ5/£  ,  if  the  relative  magnitudes  ofVy^,  ,  "V©  ,  ‘Vj1  , 

Vfc  and  VF  are  known.  To  illustrate  the  use  of  Equation  (3.2.1-26), 
it  is  assumed  that  the  levels  of  flexural  and  rigid  ring  vibration 
are  according  to  Equation  (3.2.1-10)  and  also  that  the  contributions 
from  outer  ring,  inner  ring  and  ball  woviness  to  the  total  rigid  ring 
vibration  are  equal.  It  Is  further  assumed  that  Equation  (3.2.1-19) 
is  valid.  Then  the  following  relations  hold. 
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(3.2.1-27) 


Enclosure  106  is  a  graphical  representation  of  Equation  (3.2.1-26) 
showing  the  squared  vibration  levels  due  to  the  various  sources,  as  a 
function  of  :b/j»  .  The  curves  shown  are  based  on  the  curves  of 

and  as  a  function  of  JV.D  ,  shown  on  Enclosure  105, 

and  on  Equations  (3.2.1-11)  through  (3,2, 1-19)  for  rigid  ring 
vibrations  with  a  value  of 


-sL.  ^ 

JuiH  (3.2.1-28) 


It  is  seen  from  Enclosure  106,  that  for  the  oxumplo  used,  the 
function  varies  comparatively  little  for  values  of  J>/£  between 

1  and  3.5  but  increases  rapidly  with  decrees i ng  &/S  in  the  range  of 
<.  |  ,  C'f/'&y’  has  a  minimum  at  &/&  •*  2.3  ,  which  in  this  case 
is  likely  to  correspond  to  a  diameter  value  outside  the  practical  range. 

C.  Groove  Conformity 


Groove  conformity  affects  the  bearing  vibration  as 

follows : 

1.  The  linearized  Hertzian  coefficient  k,;  is  Influenced  by 
the  groove  conformity.  As  shown  on  Enclosure  19, 
increases  as  the  conformity  is  tightened.  Sincey 
according  to  Equation  (1.3.18-2)  is  proportional  to  k^,  , 
a  tight  conformity  results  in  increased  flexural 
vibration  levels  induced  by  low  order  inner  ring  waviness 
(2  wpc  and  3  wpc),  The  same  tendency  holds  for  roller 
bearings  with  point  contact,  although  the  relationship 
between  kH  and  conformity  is  different  from  that  shown  on 
Enclosure  19, 
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The  effect  of  1'*  on  the  amplification  facjtor  "Ty  can 
be  determined  from  Equation  (3.2 . 1 -25)_. and  since  the 
conformity  is  a  function  of  k*,  ,  Ty/Ty  may  b®  plotted 
as  a  function  of  conformity.  This  has  been  done  on 
Enclosure  107  for  a  bearing  with  1/2"  balls. 

Ty  here  refers  to  a  bearing  wi_th  51.0%  conformity 
for  both  inner  and  outer  race,  ly  to  bearing* with 
inner  and  outer  ring  conformities  ns  indicated  by  the 
abscissa.  Enclosure  107  has  been  plotted  for  several 
values  of  %  .  It  is  seen  tliai  a  loose  conformity 

is  always  advantageous  in  reducing  flexural  vibrations. 

2.  Due  to  the  effect  of  groove  coiifoimity  on  ,  the 

natural  frequencies  of  both  rigid  body  and  flexural 
vibrations  increase  os  the  conformity  is  tightened. 

This  effect.  Is  small  for  the  range  of  conformities  con¬ 
ventionally  used  . 

3.  The  variable  compliance  vibrations  depend  on  the  llert/.ian 

coefficient  win  mi  is  u  function  of  conformity.  The 

exact  effect  depends  on  t  tt»  load,  ratlin!  looseness  and 
beurlng  dimensions,  and  cannoi  be  determined  without  de 
tailed  analysis. 

Since  the  band  width  ainnt  i  f  i  co  t  i  on  factors  of  the  rigid  ring 
vibration  are  not  Influenced  by  conformity,  the  only  significant, 
predictable,  effect  of  conformity  is  on  the  flexible  vibrations  due 
to  low  order  wavtness,  which,  as  shown  above,  can  be  reduced  by 
loosening  the  groove  confoimliy. 

d.  Thickness  of  i  lie  OuteiRlna 

The  outer  ring  dimensions  influence  the  bearing  vibration 

as  follows: 

1.  The  vibration  induced  by  ball  loads  ore  Inversely  pro¬ 
portional  to  the  flexural  rigidity  of  the  outer  ring 
(l/R^),  where  R  is  the  mean  radius  of  the  ring  and  1 
is  the  second  moment,  of  area  of  the  ring  cross  section. 
Inc i easing  the  rigidity  reduces  the  flexural  vibrations. 
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2.  The  flexural  vibrations  induced  by  low  order  tuner  ring 
waviness  are  also  inversely  proportional  to  the  rigidity 
I/R^,  and  can  be  reduced  by  increasing  the  rigidity. 

3.  The  rigid  body  node  natural  frequencies  are  inversely 
proportional  to  the  square  root  of  the  mass  of  the  outer 
ring  M  .  These  natural  frequencies  are  reduced  by 
increasing  the  mass  of  the  outer  ring. 

4.  The  natural  frequencies  of  the  flexural  vibrations  of 

tho  outer  ring  are  approximately  proportional  t.n  . 

where  A  is  the  area  of  the  ring  cross-section.  It 
follows  that  these  natural  frequencies  increase  with  the 
thickness  of  the  ring. 

The  overall  effect  of  the  increased  thickness  of  the  outer  ring 
is  a  reduction  of  the  low  frequency  vibrations  due  to  the  Increased 
flexural  rigidity.  The  effect  in  Ihe  higher  frequency  range  cannot 
be  predicted  without  detailed  analysis  of  the  vibration  sources  and 
the  natural  frequencies  of  the  bearings. 

e.  Radial  Looseness: 

The  radial  looseness  affects  the  variable  compliance 
vibrations,  ard  it  is  possible  to  minimize  these  vibrations  by 
proner  selection  of  the  radial  looseness. 

Since  the  radial  looseness  affects  the  contact  angle  it 
also  has  indirect  effects  on  the  bearing  vibration,  as  will  be  seen 
below. 


f.  Contact  Annie.  *  : 

The  contact  angle,  has  the  following  effects: 

1.  Since  the  axial  vibration  amplitudes  are  inversely  pro¬ 
portional  to  slnO<  ,  the  axial  vibrations  are  highly  in¬ 
fluenced  by  changes  in  contact  angle.  Radial  vibrations, 
which  are  proportional  to  cos  0<  ,  are  affected  only  to 

a  minor  degree,  for  contact  angles  generally  used  in 
radial  bearings. 
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Angular  vibrations  are  proportional  to  sin«<  ,  and  || 

are  therefore  influenced  more  than  the  radial  vibrations, 
but  less  than  the  axial  vibrations,  by  changes  in 

2.  The  resonant  frequency  of  rigid  body  mode  axial  vibrations^' 

is  prooortional  to  sin  o(  and  therefore  increases  with®<  . 
The  resonant  frequencies  of  the  radial  and  angular  ! 

vibrstions  are  generally  only  slightly  influenced  by  . 

3.  For  a  given  axial  load  ^  the  ball  loads  are  inversely 
nroportional  to  sinei  .  Vibrations  induced  by  ball 
loads  therefore  increase  with  decreasing  . 

I 

4.  The  flexural  vibrations  induced  by  2  and  3  wpc  woviness 
of  the  inner  ring  increase  In  amplitude  with  kN  ,  which 
again  decreases  with  increasing  contact  angle.  There¬ 
fore  the  flexural  vibrations  decrease  with  increasing 
contact  angle. 

g.  Combined  Effect  of  Hearing  Design  Parameters 

The  various  bearing  design  parameters  discussed  above 
cannot  generally  be  selected  indeocndon t  ly ,  For  instance,  the  three 
important  parameters:  rolling  body  diameter  ^  ,  number  of  rolling 
bodies  Z  and  thickness  of  outer  ring  H  are.  for  a  bearing  with 
given  boundary  dimensions  and  pitch  circle  diameter  d  ,  interrelated. 
To  increase  the  number  of  rolling  bodies  Z  ,  it  is  usually  necessary 
to  reduce  the  rolling  body  diameter  ,D  ,  which  results  in  an  increased 
outer  ring  thickness  H  . 

It  is  advantageous  for  load  carrying  capacity  to  use 
the  maximum  number  of  rolling  bodies  of  any  given  size  that  can  be 
assembled  into  the  bearing.  Under  these  circumstances  the  product?.]) 

Is  approximately  constant,  as  long  as  o|  is  kept  constant. 

The  effect  of  the  outer  ring  thickness  on  bearing 
vibration  is  due  to  its  Influence  on  the  second  area  moment  of  the 
outer  ring  cross-section  I  .  It  is,  of  course,  possible  to  compute 
the  exact  relationship  between  3  and  33  .  To  illustrate  the  tendency 
a  much  simpler,  approximate  relationship  will  be  derived  as  follows: 

The  outer  ring  thickness  at  the  bottom  of  the  groove  is 

Hs«  (3.2.1-29) 
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(3.2.1-30) 


cJ0  =  outer  diameter  of  bearing 

The  outer  ring  thickness  at  the  outer  ring  land  is 

Hu-  <S  -  (i -OB  (3.2.1-31) 


where  Cu  is  the  ratio  between  the  land  height  and  rolling 
body  diameter.  It  is  assumed  that  is  independent  of 
X>  • 


For  ball  bearings  of  good  quiet  running  quality  Cj_  is 
usually  between  0.15  and  0.20. 


mny  be  expressed  as 


(3.2.1-32) 


where  3  is  the  width  of  the  bearing  and  H  defined  by 


H  *  <5-  CHI> 


(3.2.1-33) 


where  ^ cw  t 


cnis  here  assumed  to  be  a  constant,  independent  of  3*  . 
This  is  usually  not  exactly  true,  but  a  good  estimate  of 
X  as  a  function  of  ID  may  be  obtained  in  this  manner  if 
is  properly  selected. 

Of  the  three  parameters  E  ,  1  and  X  ,  only  ^  and  1 
affect  the  rigid  ring  vibrations  (except  for  shifts  in 
resunant  frequencies).  Due  to  the  combined  effects  of  1 
and^>Equations.  (3.2, 1-12) ,  (3.2.1-13)  and  (3.2.1-15)  are 
modified  as  followsj  taking  into  account  the  effect  of  2 
as  expressed  by  Equation  (3,2. 1-7)  and  the  fact  that 
Is  constant: 
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(3.2. 1-32) 


(3.2.1-33) 


13.2. 1 -34 ) 


The  quantities  with  bars  refer  to  a  bearing  with  Z. 
rolling  bodies, _r oiling  body  diameter  J5  ,  and  outer 
ring  thickness  H  las  defined  by  Equation  (3.2.1-32)1. 
This  bearing  is  used  as  reference,  and  its  vibration 
level  is  being  compared  to  that  of  a  bearing  with  roll¬ 
ing  element  diameter  Jls  ,  2.  rolling  bodies  and  outer 
ring  thickness  H  . 


The  flexural  vibrations  induced  by  2  and  3  wpc  Inner 
ring  waviness  are  Influenced  by  both  2  ,  £>  and  H  . 
The  following  equation  holds  for  the  parameter  y  , 
defined  for  2  wpc  by  Equation  (1.3.18-2)  and  for  3  wpc 
by  Equation  (3.2.11). 


X  -  a  5r 

y  X  &  X 

assuming  the  change  in  R  to  be  negligible. 


(3.2.1-35) 


The  ratio  i/E  may  according  to  Equation  (3.2. 1-33)  be 
written  as 


I  fGm  CwI> 

Y  V  (3  -C„5  '  (3.2.1-36) 
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or  expressing  in  terms  of  &  as 

<£  -  cas 


X  I"  _  [*  cft  ~  Ch(^~)1 

1LC<*-c„>EJ  L  fe-cH  J 


(3.2.1-37) 


(3.2.1-38) 


The  ratio  may  according  lo  Equation  (1.3. 7-3)  lie 

expressed  as 


%-fe® -it© 


(3.2.1-39) 


Ptias  a  function  of  ball  diameter  is  shown  graphically 
on  Enclosure  19. 

The  ratio  j/y  may  now,  using  Equations  (3.2.1-38)  and 
(3.2.1-39),  be  written  as 


Since  fin  ,  for  a  given  conformity,  axial  load,  contact 
angle  and  number  of  balls,  is  a  function  of  ball  diameter 
only,  Equation  (3.2.1-40)  gives  y/y  as  a  function  of 
J>/£  only.  The  corresponding  ratio  Tr/Ty  may  be 
computed  from 


\  '-W£  Vy 


(3.2. 1-41) 
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The  flexural  vibrations  due  to  2  wpc  and  3  wpc  Inner 
ring  waviness  can  be  computed  from  Equations  (3.2.1-40) 
and  (3.2.1-41)  as  a  function  of  ball  diameter. 

The  flexural  vibrations  due  to  ball  loads  follows 
approximately  the  equation 


VF  *  IV?)  1  - 
r  et 


(3.2.1- 


which,  using  Equation*  (3.2.1-30  and  (2.2.1-12)  may  be 
expressed  as 

~Vp  r  5  I 


Enclosure  108  shows  the  s qua  red  vibration  level  ratios 

and  CWs?)x  plotted  ns  u  function  of  The  corres¬ 
ponding  and  -Sj-  ratios  are  also  marked  on  the  abscissa. 

It  Is  seen  that  the  ^v/v1)  function  has  a  sharp  minimum  at 
0.5,  1/f  *«  2,  H/f)  on  1.5 


Waviness  generates  both  rigiil  ring  and  flexural  vibrations. 
The  vibration  frequencies  generated  by  various  orders  of 
waviness,  according  to  rigid  ring  theory,  are  listed  in 
Enclosure  20.  The  ranges  of  wavlness  orders  that  gen¬ 
erate  vibrations  in  wide  frequency  bands  may  be  computed 
from  Equations  (1.3,11-1)  through  (1.3.11-3)  and  are 
tabulated  in  Enclosures  28  and  29  for  ball  bearings  in 
the  6200  and  6300  series  and  in  Enclosures  75,  76  and  77 
for  the  large  roller  bearings  used  In  the  tests  reported. 
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The  vibration  amplitudes  of  each  h&rmon i_c  .generated 
by  waviness  is  proportional  to  the  corresponding 
amplitude  of  waviness.  This  proportionality  also 
holds  approximately  for  vibrations  measured  in  wide 
frequency  bands  (except  for  vibrations  induced  by 
"the  geometrically  perfect  heaving").  The  relation¬ 
ship  between  the  vibration  level,  moasured  in  a  finite 
band,  and  the  corresponding  waviness  level  may  be  ex¬ 
pressed  by  means  of  the  band  width  amplification  factors. 
Amplification  factors  for  rigid  ring  vibrations  are 
given  by  Equations  (1.3.17-2)  through  (1.3.17-7). 

Numerical  values  of  band  width  amplification  factors  of 
rigid  ring  vibrations  are  tabulated  in  Enclosure  39  for 
a  few  ball  bearing  sizes  and  in  Enclosure  79  for  a  few 
large  roller  bearings. 

The  vibrations  generated  by  outer  ring,  inner  ring  and 
ball  waviness  are  additive  by  their  squares,  and  the 
relative  contribution  from  these  three  vibratory  sources 
may  be  evaluated  by  means  of  the  contribution  factors 
given  by  Equations  (1.3.22-5)  through  (1.3.22-7),  til 
improving  the  quiet  running  quality  of  a  bearing  by  re¬ 
ducing  waviness,  the  most  effective  approach  Is  usually 
to  reduce  the  waviness  of  the  purl  with  the  highest  con¬ 
tribution  factor . 

Flexural  vibrations  induced  by  low  order  inner  ring 
waviness  occur  at  a  frequency  K  times  the  rotational 
frequency  where  K  is  the  order  of  waviness.  Amplification 
factors  for  these  vibrations  are  given  for  2  wpc  inner 
ring  waviness  by  Equations  (1.3.18-1)  and  (1,3.16-2),  and 
for  3  wpc  inner  ring  waviness  by  Equation  (1.3.18-1)  nnd 
(3. 2. 1-1),  Higher  orders  of  inner  ring  waviness  generally 
have  negligible  effect  on  flexural  vibrations.  The  main 
effect  of  outer  ring  waviness  on  the  flexural  vibrations, 
is  to  Induce  vibrations  at  the  ball  passage  frequency  over 
the  outer  ring.  This  effect,  on  the  basis  of  experimental 
evidence,  appears  to  be  much  smaller  than  that  of  Inner 
ring  waviness;  amplification  factors  for  these  vibrations 
have  not  been  computed. 
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On  the  basis  of  the  foregoing,  selection  of  bearing  parameters  ?! 
for  low  vibration  levels  may  proceed  as  follows:  “  t 

1.  Select  tentatively  a  basic  bearing  size  on  the  basis  of 

considerations  other  than  vibration.  This  bearing  will  be  ~  j 
used  as  a  reference  bearing  for  future  comparisons,  and  the  ; 
quantities  related  to  this  bearing  will_he  denoted  by  a  bar, 
o.g. ,  the  number  of  rolling  bodies  by  Z  .  j 

■  j 

2.  Specify  the  quiet  running  characteristics  of  the  desired 
bearing  (measured  at  a  specified  rotational  speed,  under  a 
specified  load  and  other  specified  conditions)  suchas 

a.  Approximate  RMS  vibration  levels  in  wide  frequency  bands, 
octave  bands  or  at  specified  discrete  frequencies. 

h,  Frequency  ranges  where  vibration  peaks,  due  to  resonances 
or  other  causes  should  be  avoided. 

c.  Whether  the  main  emphasis  should  he  put.  nn  control  of 
radial,  axial  or  angular  vibrations. 

3.  Compute  the  following  bearing  constants  for  the  reference 
bear l ng : 

«■* 

A  =  area  of  outer  ring  cross-section 
M  =  outer  ring  mass 
R  =  mean  radius  of  outer  ring 

I  =  second  moment  of  area  of  outer  ring  cross-section 

kH  =  linearized  Hertzian  coefficient.  For  ball  bearings, kN 
may  be  obtained  graphically  from  Enclosure  19,  For 
roller  bearings  Equation  (2. 3. 5-1)  or  (2. 3. 5-2)  may  be 
used.  Enclosures  71  and  72  show  values  of  for  a  few 
roller  bearing  sizes,  plotted  as  a  function  of  load. 

4.  Specify  on  the  basis  of  available  results  on  manufacturing 
capability  of  bearings  in  the  size  range  considered,  feasible 
values  of  parameters  such  as: 

a.  Waviness  of  outer  ring  W6 ,  Inner  ring  V,  ,  and  roil¬ 
ing  bodies  ,  measured  in  octave  bands  (or  if  feasible 

in  wider  bands  corresponding  to  specified  vibration  bunds) 


*  Feasibility  of  the  wide  band  approach  depends  on  the  absence  of 

resonances  in  the  band  and  on  approximate  uniformity  of  the  waviness 
spectrum. 
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b.  Inner  ring  eccentricity  'Wj ( 

c.  Inner  ring  2  wpc  waviness 

d.  Inner  ring  3  wpc  waviness 

e.  Rolling  body  diameter  variation 

5.  Compute  the  approximate  waviness  bands  corresponding  to 

the  vibration  frequency  bands  selected  in  2a,  for  the  reference 
bearing  selected  in  1,  from  the  equations. 

(3. 2. 2-1) 

(3,2,2-21 


?c 


T  f 


k 


b 


i 

l 


(3.2.2-31 


where  ^ a  ,  4<  *  and  are  the  orders  of  inner  ring,  outer 

ring  and  rolling  body  waviness,  respectively,  generating 
vibrations  of  frequency  t  cps,  and 


f»*  £('  -f  c°fS) 


(3.2.2-41 


s 


(3.2.2-51 


h 


4r|( 


X- 

tCS9( 


) 


(3.2.2-61 
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=  rolling  body  diameter 
=  diameter  of  rolling  body  pitch  circle 
=  contact  angle 

a 

.=  rotational  frequency  =  a0 
0/  =  specified  rotational  speed,  in  vibration  testing,  RPM 

For  the  bearings  listed  in  Enclosures  28,  29,  75,  76  or  77,  the 
values  tabulated  in  these  enclosures  may  be  used  Instead  of 
Equations  (3. 2, 2-1)  through  (3, 2. 2-3). 


If  the  waviness  bands  selected  do  not.  coincide  with  waviness 
bands  used  in  actual  waviness  testing,  select  actual  waviness 
bands  which  agree  closest  with  the  computed  bands.  Tf  the 
computed  band  is  wider  than  the  actual  bands,  a  combination  of 
two  or  more  of  the  actual  bands  may  be  selected  as  the  waviness 
band  corresponding  to  any  given  vibration  band. 


6.  Compute  the  bandwidth  ampl i f i ca t i on  fuelers  "Uo  •  w/  and 

Ob  of  radial  vibrations  for  the  reference  bearing  from  the 
equations  _ 


-  F  is 
uo*Jf  u 


e  oi 


(3. 2. 2-0) 


(3. 2. 2-9) 


where  ,  Twi  and  jw>  are  the  rotational  frequencies  used 
in  the  waviness  testing  of_outer  ring,  inner  ring  and  rolling 
bodies,  respectively,  and  Z  is  the  total  number  of  rolling 
bodies  in  the  bearing. 
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Similar  expressions  may  be  wrttten  for  axial  and  angular 
vibrations.  These  have  not  been  included  here,  and  will 
not  be  treated  in  the  sequence,  since  they  generally  are 
of  less  interest. 

Instead  of  using  Equations  (3. 2. 2-7)  through  (3. 2. 2-9)  the 
numerical  values  of  Enclosures  39  and  79  may  be  used  for  the 
bearing  sizes  tabulated  in  these  enclosures. 

7.  Compute  natural  frequencies  of  the  bearing  from  the  equation 

r  /  \  A  BIS.  fen  ?  -k 
7  t  r (*> “ o  "i  *■ 


'/r?) 


(3.2.2-  y.  0 ) 


where 

Jn =  natural  frequency,  cps 
£-  Voting's  modulus  of  ulus'  icily 
R(Pl  =  os  defined  in  3. 

r\  ~  1,  2.  3  .....  where  *7  1  gives  the  natural  frequency 

^  of  radial  and  angular  rigid  body  motion  of  the  outer 
ring,  H  ~  2  gives  the  nnturu]  frequency  of  the  first 

mode  of  flexural  vibrations,  >1=3  gives  the  natural  frequency 
°f  the  second  mode  of  flexural  vibrations,  etc. 

.  «.  Z  -  I 

Equation  (3.2,2-10)  applies  to  values  of  V|  =  ^ 

Equation  (3,2.2-10)  applies  if  the  outer  ring  is  comparatively 

free  to  move  radially  and  angularly,  l.e.,  if  the  spring 
constant  of  the  bearing  is  large  compared  to  that  of  the 
mounting.  If  this  is  not  the  case  the  resonant  frequencies 
of  the  rigid  body  motion  may  be  computed  according  to  Section 
1.3.14. 


8.  Compute  the  "resonance  amplification  factor* 
vibration  band  from  the  equation 


V«  for  each 


"hu  .  O0  — 

(vcp)F 


(3.2.2-11) 
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where 


n 

1, 


71  =  the  number  of  rigid  body  resonant  frequencies  within  the 
°  vibration  band. 

the  number  of  flexural  resonant  frequencies  within  the 
vibration  band. 


X£Rand  are  given 

Tal 

by  Table  3. 2. 2-1 

Vibration  Bandwidth 

in  Octaves 

1/3 

4.0 

1.8 

1 

2.4 

1.4 

2  1/2 

1  .8 

1.2 

For  handwldths  other  than  those  listed  in  Table  3. 2. 2-1, 
the  values  of  'LTCRond  T/cP  niay  be  Interpolated  from  Tahle 
3. 2. 2-1  or  the  more  detailed  procedure  in  Section  1.3.24 
may  be  used. 

If  any  of  the  resonunt  frequencies  Is  lower  than  five  times 
the  rotational  frequency,  the  assumption  on  which  Table 
3. 2. 2-1  is  based  (  kf  in  Equation  Cl. 3. 24-12)  <.  1/4)  may  not 

hold.  X/crt  and  XJ(pmust  then  be  computed  according  to  Section 
1.3.24. 

9.  Compute  the  amplification  factor  "Tyj,for  flexural  vibration 
induced  by  2  wpc  inner  ring  wavtness  from  the  Equation 


(3.2.2-12) 


(3.2.2-13) 


and  7. 


7* 

Tr« 

1  +•  7a. 

where 

zkw  R4 

Yi 

IJflEl 

and  "2 

1  .  R  as  defined  in  Paragraphs  3 
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10.  Compute  the  amplification  factor  for  flexural 

vibrations  induced  by  3  wpc  inner  ring  waviness  from 
the  equation 


(3.2.2-14) 


where 


-  x  i*Ki 
ft  *  l083tEl 


(3.2.2-15) 


11.  Compute  the  following  theoretical  vibration  levels  of  the 
reference  bearing: 

a.  Rigid  ring  vibrations,  du*  to  outer  ring  wavinoss 

~  (3.2.2-16) 

b.  Rigid  ring  vibrations,  due  to  inner  ring  waviness 

Vj  *  T}tV;  W.  (3.2.2-17) 

c.  Rigid  ring  vibrations,  due  to  rolling  body  waviness 


%  “  Vc  V>  (3.2.2-18) 

The  values  o  f  ,  "Wj  and  in  Equations  (3.2.2-16), 
(3.2.2-17)  and  (3.2.2-18)  are  selected  foj  the  wajriness 
bands  determined  according  to  4.  V0  ,  T/J-  and  Ob  are 
obtained  from  Equations  13.2.2-7),  13.2.2-8)  and  (3.2.2-1)). 
is  computed  according  to  paragraph  8. 
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Flexural  vibrations  at  twice  the  rotational  frequency 
Induced  by  2  wpc  inner  ring  waviness 


(3.2.2-19) 

where  is  the  RMS  amplitude  of  the  2  wpc  inner  ring 

waviness  velocity,  measured  at  a  rotational  frequency 
3^t  •  TJ-i.  is  given  by  Equation  (3.2.2-12).  is  the 
ro tat  Iona  1 ' s need  of  the  bearing  in  vibration  testing. 


I  : 

i 


If  the  2  wpc  inner  ring  waviness  is  expressed  as  a  RMS 
displacement 


Vst 


(3.2.2-20) 


e.  Flexural  vibrations  at  three  times  the  rotational 
frequency  Induced  by  3  wpc  inner  ring  wariness 


-  T 


A&L. 
fra 


(3.2.2-21) 


where  ts  the  RMS  amplitude  of  the  3  wpc  inner  ring 

waviness  velocity,  measured  at  a  rotational  frequency 
is  given  by  Equation  (3.2.2-14). 

If  the  3  wpc  inner  ring  wnvinoss  is  expressed  as  a  RMS 
displacement  ^ 

(3.2.2-22) 


Equations  (3,2.2-19)  through  (3.2.2-22)  are  valid  if  no 
resonant  frequencies,  computed  according  to  7,  are  lower 
than_  •  If  this  is  not  the  case  the  computed  values 

of  Vy.x  and  Vyjj  must  be  multiplied  by  the  factor 
determined  according  to  1.3.24. 
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f .  Flexural  vibrations  at_the  ball  passage  frequency 
over  the  outer  ring  induced  by  ball  loads 


v  „  a  “*3 

**  tfoJi"  TIE  I  iJ^Sirtoi 


(3.2.2-23) 

where  the  notation  is  as  ir.  paragraphs  3,  4,  6  and  7. 


g.  Vibrations  at  the  rotational  frequency  due  to  inner  ring 
eccentricity 

M,  * 


where  VT(|  is  the  inner  ring  eccentricity  (RMS  displacement) 

h.  Vibrations  at  the  cage  frequency  J"  due  to  rolling 

body  diameter  variation  J* 

»  2 

where  J3y  is  the  maximum  value  of  rolling  body  diameter 
variation  in  the  bearing, 

i.  The  total  vibration  level 

vtm  Wv* + vj  4.^  +vF^yf + v£  0.2.2-24) 


If  vibration  test  results  are  available  for  a  bearing 
of  the  same  size  with  the  same  order  of  magnitude  of 
waviness,  compare  the  computed  vibratlojj  level 
and  the  experimentally  obtained  value  "V  of  the  measured 
bearing,  and  modify  Equation  (3,2.2-24)  to  read 


(3.2.2-25) 
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where 


(3.2.2-28) 


(3.2.2-29) 

(3.2.2-30) 

(3.2.2-31) 

(3.2.2-32) 

(3.2.2-33) 

(3.2.2-34) 
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13.  Compare  the  vibration  level  V  in  the  specified  vibration 
frequency  bands  to  the  specified  limits.  If  the  expected 
vibration  level  ^  exceeds  the  limit  in  any  of  the  bands_, 
study  the  effects  of  changing  the  number  2  and  diameter^ 
of  the  rolling  bodies  as  follows: 

a.  Change  the  number  2  and  diameter  2)  of  the  rolling 
bodies  simultaneously,  so  that  the  product  2^ 
remains  constant,  i.e.,  for  any  2  and ^ 


ZJD  ~  z  3> 


(3.2.2-35) 


while  remains  constant. 

b.  Compute  Vr*  for  various  values  of  ^  and  plot  I if? 
as  u  function  ofj^  ,  for  constant  o4  »  *1 


c.  Compute  the  ratios  between  the  uift  (« 1 1  f  icalion  factors 
of  a  bearing  with  rolling  body  diameter  and,_the 
reference  bearing  with  rolling  body  diameter  . 

for  various  values  of  J>  ,  under  the  conditions  of 
Equation  (3,2.2-27).  Use  the  following  equations: 


Ul-  _ ILjJf 

».|5 

ub  *•» 


(3.2.2-36) 


(3.2.2-37) 


(3.2.2-30) 
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II 


d. 


Compute  the  ratios  Yl/fc  and  for  various 

values  o£^  from  the  equation 


Jka  Jfc-. 

7*  Y* 


ll* 


(3.2. 


where  is  obtained  graphically  from  Enclosure  19 
as  a  function  of  ball  diameter. 


For  roller  bearings  use 


ya  Vt  k*5f  R*“ 

^'^•TCSTTP- 

whore  )cM  is  obtained  as  in  paragraph  3. 
Compute  for  various  values  of  ^  , 

*r_  -*■ 

J&. 


T 

•n 


I  -Ty.+X 


T  -Xle. 


•fr 

_ n_ _ 

1  * 


(3.2.: 


(3.2. 


(3.2. 


f.  Plot  the  following  squared  vibration  level  »atios 
as  a  function  of  J>  for  each  vibrntton  frequency 
band  specified 


\\ 

-39) 


-40) 


2-41) 


2-42) 


2-43) 
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(3.2.2-44) 


(3.2.2-45) 


(3.2.2-46) 


(3.2.2-47) 


(3.2.2-48) 


(3.2.2-49) 


(3.2.2-50) 
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where  the  weviness  levels  ,  "W,'  and  .  * 

relate  to  the  wavlness  frequency  bands  corresponding  „ 

to  the  specified  vibration  frequency  band,  for  each  ) 

value  of  3>  .  These  wavlness  bands  must  be  determined 

according  to  paragraph  4  as  a  function  of  diameter  . 
Since  the  wavlness  bands  change  with  &  ,  "W0  ,  *Wj» 

and  are  not  necessarily  equal  to  ,  <5y  and 

.  For  order  of  magnitude  estimates,  it  may, 
however,  be  assumed  that  w  =  ,  'Wl-  =  "V",'  and 

,  if  tho  waviness  spectra  are  reasonably 
flat  over  the  ranges  considered.  If  this. is  not  the  case 


the  differences  between  W0  and 


must  be  taken  into  account. 


and  T/y 


The  factor  /l/i,/t^)lppearing  in  Equations  (3.2.2-43),  -] 

(3,2,2-44)  and  (3.2.2-45)  is  due  to  the  fact  that  the 
resonant  frequencies  of  the  bearing  change  as  J>  ,  £ 
and  the  thickness  of  the  outer  ring  vary.  To  compute  the 
factor  isf  simplest  to  estimate  the  number  of 

resonances  vi  thin  each  of  the  snecified  frequency  bands, 
according  to  paragraph  7,  and  to  compute  XTC  from 
Equation  (3.2.2-11). 

g.  Plot  the  squared  total  vibration  level  ratio  Cv/v-)1* 
as  a  function  of  for  each  Vibration  frequency  band 
specified. 

Use  the  equation 

&  -  (t>  4  <#♦  fip)  4  $  W  <3-2-2-5U 


h.  Determine  from  the  plot  of  Equation  (3.2.2-51)  the  value 
of  3>  which  gives  minimum  (V/v')1 ,  This  value  of 
is  likely  to  be  different  in  the  various  frequency  bands 
specified.  Select  .D  to  minimize  the  vibration  in  the 
frequency  band  considered  most  critical,  by  comparing 
with  the  specified  limits.  The  selected  value  of  3)  is 
denoted  . 
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i.  Determine  the  value  2r  of  2  corresponding  to 
from  the  equation 


55 


(3.2.2-52) 


14.  Study  the  effect  of  deviation  of  Z  from  the  value 
given  by  Equation  (3,2.2-52),  by  keeping  ID  constant 
=  iij.  and  varying  only  Z.  .  Since  the  value  Zj  approximately 
represents  the  maximum  value  uf  2.  for  the  givon  JD>  ,  it  is 
necessary  to  study  only  values  of  2  sma  1  ler  than  or  approximately 
equal  to  2y  . 

The  subscript  X  will  be  used  to  denote  all  quantities  related 
to  t lie  bearing  with  ID  and  1  -  .  No  suhsr.ript  will 

be  used  for  the  quantities  relaLed  to  a  bearing  with  ID  ~ 
and  an  arbitrary  number  of  balls  l  Compute  the  following 

squared  vibration  level  ratios  for  various  values  of  Z 


zr. 

~1  1  vj 


(3.2.2-53) 


<%H 

<Vr>  i* 

*  -  Tm 

1~ 

r~ 

ivjfi1 

(2Gbl\  « 

(^Tr ) 

b  -  rm 
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(3.2,2-56) 
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(3.2.2-58)  |)  | 

»»  i 

'  l 

„  ! 

(3.2.2-59)  | 


(3.2.2-60) 


15.  Plot  the  following  squared  vibration  ratios  as  a  function 
of  E  for  each  specified  vibration  frequency  band 


(3.2.2-61) 


! 


Vb\/V>ri 
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(3.2.2-63) 

-  -  \ 

1  i 

< '  J 

(3.2.2-64)  ; 

■  l  : 


(3.2.2-65) 


I 


(3.2.2-66) 

M 


(3.2,2-67) 


,  ! 
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i: 

p 

i  i: 

1  1  ' 
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r  . 

i 

t 

1 

i 

l 

i 

i 

whore  the  r ati os  (ViA^, (V;  /VJj) .(Vb/vk£ )*  ,  (v>t/vytlV  ! 

(Vr*^W*  (Vp /V*Fr^Ni ,/Vj,^ (V,  /Vfaf  are  obtained  from  | 

Equation  (3.2.2-53)  through  (3.2.2-60)  and  the  ratios 

(v0l Ivtf  (  V.  r/Vj)^  (niM)‘(^ir /*y»)VvM f  /VjflV'rJvrf, 

^  a, 

(Vi/fA'i)  .  C^t/Vz)  from  the  0rBPh  of  14  at  the  point  J>  =3^ 

i 

:  i 

16.  Determine  from  the  plot  of  Equation  (3.2.2-69)  the  value 

of  2  which  gives  ml  n  imum  CV/Vi)1".  Select  the  optimum  value 
of  Z  ,  considering  all  the  specified  frequency  bunds. 

17.  Check  the  selected  values  of  ,  d  and  2  for  design 

feasibility  and  make  modifications  if  necessary. 

1 

10.  Compare  the  estimated  vibration  level  of  the  bearing  to  the 
specified  vibration  limits. 

1 

i 

i 

i 

i 

i 

i 

19.  If  the  estimated  vibration  levels  still  exceed  the  limits  in  I 

any  of  the  specified  vibration  frequency  bands,  make  recommen¬ 
dations  for  reduction  of  the  limits  for  micro-geometry. 

Special  emphasis  should  be  put  on  the  reduction  of  the  input 
from  vibratory  sources  with  the  highest  contribution  to  the 
total  vibration  level,  as  indicated  by  the  squared  ratios 
given  by  Equations  (3.2.2-61)  through  (3.2.2-68). 

i 

i 
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In  particular,  to  evaluate  the  relative  contribution-  from 
outer  ring,  Inner  ring  and  rolling  body  waviness,  compute 
the  following  contribution  factors: 


For  outer  ring  wsvtness 


For  inner  ring  waviness 


For  rolling  h«Hy  waviness 


In  making  recommendations  for  reduced  waviness  limits, 
the  greatest  reduction  should  be  made  on  the  part  with 
the  highest  value  of  Z  • 
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Although  the  values  of  these  parameters  usually  cannot  be 
selected  arbitrarily,  it  is  often  advantageous,  in  the  design 
stage,  to  make  a  brief  study  of  the  influence  of  load  and  speed 
on  bearing  vibration,  if  the  load  and  speed  used  in  the  vibration 
apollcation  are  widely  different  from  those  normally  used  in  bearing 
vibration  tests. 


3.3, 


The  nresent  study  covers  only  bearings  under  sufficient  load 
to  maintain  contact  at  all  times  between  loaded  rolling  bodies  a^d  races. 
Bearings  with  lesser  load  generate  "slack"  vibrations  which  have  not 
been  discussed. 

Thu  only  significant  effects  of  radial  or  axial  load  above  1  he 
le ve l su f f i c i en t  to  maintain  contact  between  loaded  elements  are: 

1.  Vibrations  induced  by  rolling  body  loads.  This  ei'iect  must 

be  considered  if  the  load  applied  to  the  bearing  is  exception¬ 
ally  heavy. 

2.  Flexural  vibrations  Induced  by  low  order  Inner  ring  wavlness. 

The  amplitudesof  these  vibrations  are  not  significantly  affected 
by  small  changes  in  load.  If  the  load  In  the  application  is 
much  higher  (ten  times  higher  or  more)  than  in  the  tests,  its 
effect  should  be  considered. 

3.  Variable  compliance  vibrations  are  influenced  by  the  npplied 

radial  load.  The  evaluation  of  this  effect  requires  a  de¬ 
tailed  study. 

4.  Certain  bearing  types  require  for  satisfactory  quiet  running 
operation,  a  suitable  axial  preload,  to  assure  that  all  the 
rolling  bodies  are  continuously  in  contact  witn  the  race 
groove  while  the  bearing  is  rotating.  This  is  particularly 
the  case  with  ball  bearings,  where  the  loose  balls  in  the  no- 
load  zone  tend  to  generate  high  vibration  levels.  Axial  pre¬ 
load  should  be  selected  with  the  knowledge  of  the  radial  loads 
to  be  expected,  and  should  be  heavier  for  heavier  radial  loads. 
A  general  rule  for  axial  load  selection  is  not  available  and 

it  apoears  best  to  determine  the  best  value  by  systematic 
experimentation  on  a  prototype  of  the  machinery. 
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The  preceding  discussions  indicate  that  substantial 
freedom  is  available  to  the  designer  in  selecting 
axial  loads  without  generating  increased  bearing  vibrations 
(other  than  flexural  vibration  due  to  ball  load,  if  the 
axial  load  is  very  high). 

5.  This  entire  study  is  limited  to  the  vibration  of  bearings 
under  constant  load.  If  available,  loads,  specifically 
vibratory  loads  are  imposed  on  a  bearing,  these  will  be 
transmitted  by  it  in  accordance  with  its  elastic  and  damping 
properties.  Reflections  will  occur  in  the  bearings  that 
vary  with  load  magnitude  and  direction.  The  magnitude  and 
nature  of  these  externally  Induced  vibrations  are  calculable 
with  relative  ease,  but  have  not  been  covered. 


1.  If  the  rotational  speed  of  the  bearing  in  the  application  is 
different  from  that  in  the  tests,  the  octave  band  spectrum  of 
the  bearing  at  the  speed  used  in  the  application  may  bo 
estimated  from  the  spectrum  at  the  test  speed  by  using 
Equation  (1.3.20-1).  This  equation  is  only  approximate  and 
does  not  take  into  account  resonant  frequencies  which  are 
speed  independent. 

For  vibrations  generated  at  discrete  frequencies,  such  as  the 
rotational  frequency,  twice  the  rotational  frequency  or  the 
ball  passage  frequency,  both  the  frequency  and  the  amplitude 
of  the  vibration  at  the  speed  used  in  the  application  are  ob¬ 
tained  by  multiplying  with  the  ratio  of  application  sneed  to 
test  speed. 

2.  The  present  study  covers  bearing  vibrations  under  constant 
or  slowly  varying  speed.  Rapid  speed  variations,  particularly 
angular  osclilaions  imposed  on  the  bearing  will  cause  addittona 
bearing  noise  which  has  not  been  covered  in  this  study. 
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The  attaching  of  masses  and  of  elastic  and  damning  bodies  to 
the  bearing  changes  the  vibration  characteristics  of  the  system. 

These  steps  affect  the  resonant  and  damning  characteristics  of  the 
system  which  influence  the  vibration  emitted  by  the  housing.  The 
effects  are  generally  so  pronounced  that  resonant  characteristics 
of  the  free  bearing  are  no  longer  recognizable  after  mounting. 

However,  the  discrete  frequencies  gonerated  by  the  various  bearing 
vibration  sources  are  not  altered  by  mounting.  The  following  main 
effects  of  mounting  should  be  notoiii 

1.  Added  mass  lowers  the  natural  frequencies  of  the  bearing. 

2.  A  housing  which  is  comnaratively  free  to  move  angularly  gives 
low  amplitudes  of  the  radial  vibration  at  low  frequencies. 

3.  A  housing  which  is  comparatively  free  to  move  radially  gives 
low  amnlitudes  of  the  angular  vibration  ol  low  f requeue les , 

4.  liy  proper  selection  of  the  spring  constants  of  the  housing, 
the  amplitudes  either  in  the  raiila)  or  unyulnr  direction  con 
he  minimized  nt  any  given  frequency. 

5.  Damning  members  such  as  laminated  elastic  structures  can  be 
used  successfully  to  attenunte  vibrations  at.  comparatively 
high  frequencies,  but  they  are  ineffective  at  frequencies 
near  zero, 

6.  The  housing  constrains  flexural  vibrations  of  the  outer  ring, 
nnd  therefore  reduces  the  low  frequency  vibrations.  The 
effect  of  changing  the  fit  between  bearing  O.D.  und  housing 
or  between  the  bearing  bore  and  shaft  is  rather  small  and 

too  erratic  to  be  used  as  a  means  of  controlling  the  vibration 
transmission  characteristics  of  the  bearing. 

7.  An  out  of  round  or  wavy  shaft  or  housing  will  act  as  if  the 
bearing  ring  mounted  on  to  it,  had  the  same  imperfections. 

8.  Misalignment  of  the  bearing  caused  by  mounting  conditions 
causes  substantial  increases  in  bearing  vibration  unless  the 
bearing  is  s e 1 f -a  1 1 gn ing . 
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9,  Resonances  In  machine  parts  other  than  the  bearing  may  be . 

excited  by  bearing  vibrations.  They  should  be  ascertained 
and  either  reduced  or  the  bearing  should  be  selected  to 
have  particularly  low  vibration  levels  In  the  band  comprising 
the  machine  resonance. 
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3.5  NUMERICAL  EXAMPLE  -  DESIGN  OF  A  BEARING  TO  MEET  GIVEN  VIBRATION 
LIMITS - 

The  procedure  and  notation  of  Section  3.2.2  is  followed: 

1.  Bearing  selected  as  suitable  for  the  application  according 
to  general  engineering  considerations  (shaft  and  housing 
diameter,  width) . 


6305 


This  bearing  has  the  following  principal  dimensions: 

Bore  :  25  mm  2.  -  7 

0.0.  :  62  mm  JD  -  7/16" 

Width:  17  mm  d  =  1.71" 

The  contact  angle  is  taken  as  15s 

2.  Vibration  Specifications:  It  is  desired  that  at  1B00  RPM 
under  an  uxlttl  load  Fa  of  23  lbs, the  tudlul  vibrations  ifi 
the  throo  froquoncy  bands  50-300,  300-1800  and  1800-10000 
cps  conform  to  the  specifications  of  M IL-B- 1 793 1 B  (Ships). 
It  is  further  desired  that  the  RMS  vibrattonal  velocity  in 
the  0-50  cps  band  not  exceed  10,000  mi cro inches/second . 

The  limits  for  each  band  are  summarized  below; 


Vibration  Specification  L tmi t-M i cro i n ches/ 

Band,  cps  second,  RMS 


0-  50  10000 

50-  300  3760 

300-  1800  3010 

1800-10000  2260 


of  these  frequency  bands,  the  50-300  cps  band  is  considered 
the  most  critical. 


3.  The  following  constants  are  calculated  for  the  6305  bearing: 

A  =  0.130  in2 

0.00067  lbs  inches2/in 

H  =  1.120  in 

1=5.1  x  10-4 

k«2.21  x  105  lbs/in 
«• 
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4.  The  waviness  levels  for  the  components  of  a  conventionally  f( 
made  6305  bearing  (designated  here  as  reference  bearing) 
ere  assumed  to  have  been  measured  and  meet  these  limits:  » 


Race  Wa v tnes_.s  in WJ cxo  1  nc h,e_s / s e o o n d .  Measured  at  100_Q.RPM 


Band,  wpc 

X 

Vf 

•*  i 

•’  t 

2 

■Wf  t  =  1 500 

3 

=  1000 

;  i 

3-  6 

2000 

1500 

•  j  i 

6-  12 

1300 

1200 

12-  24 

1500 

1000 

24-  48 

1500 

1000 

48-  96 

1500 

1000 

96-192 

1500 

1000 

192-384 

1000 

800 

.  ; 

384-768 

1000 

800 

Inner  ring  eccentricity  'H'l  =  50  microinches  maximum 
displacement  -  35  mlcioinches,  RMS. 

Ball  Wav  ln.ejA.Jii.  Micro  tnchu/seco.nd.-  Measured.  a.t-74Q  RPR 


Band,  wpc 
2 

4-  8 

8-  16 
16-  32 
32-  64 
64-120 
128-256 

Ball  dtameter  variation  3>v  = 

5.  The  following  frequencies  are 

f r  -  30  cpS 
ft,  =  11  cps 
7/  =  19  cps 
=  54  cps 


X 

400 

100 

100 

150 

200  ’  !  1 
200 
300 

f  ! 

<  i 

15  microinches  maximum  variation.  , 

j 

calculated  for  the  6305  bearing:  |  \ 


j 
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The  waviness  bands  for  each  bearing  component  corresponding 
to  the  given  vibration  frequency  bands  are  tabulated  below: 


Vibration, 

cps 

50 

-300  cps 

300-1800  cps 

1800-10000 

Outer  ring', 

wpc 

5 

-  27 

27  -  62 

162  -  901 

Inner  ring, 

wpc 

3 

-  16 

16  -  96 

96  -  532 

Ball  , 

wpc 

2 

-  6 

6-32 

32  -  182 

Since  the  waviness  bands  used  in  the  measurements  do  not 
colncide_with  _the  computed  bands,  estimates  of  the  waviness 
lovels  ,  W,‘  and  ,  corresponding  to  the  computed 

waviness  bands  were  obtained  by  adding  the  squared  waviness 
levels  In  the  measured  bends  contained  within  any  given  com¬ 
puted  band  (taking  into  account  the  partial  contribution 
from  measured  bands  only  partially  within  the  computed  bands). 

The  wiiviness  values  in  the  comouted  bands,  obtained  in  this 
manner  are  tabulated  below  for  tile  reference  bearing: 


Waviness,  in  m i c r o 1 n c he s /second 


50-300  cps 

300-1800  cps 

1800-10000 

*K» 

2380 

2380 

1580 

<?• 

2160 

1590 

1430 

•H 

412 

206 

346 

6.  The  band  width  amplification  factors  for  the  radial  vibrations 
of  the  reference  bearing  are: 

•Vo  =  0.35 
' Q =  0,50 
=  2.97 

7.  The  following  natural  frequencies  were  computed  for  the 
reference  bearing: 

"£r  =  5000  cps 
7P,  =  6430  cps 
^=12000  cos 
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8,  The  resonance  amplification  factors  XJc  f°r  the  reference 
bearing  are: 

Vibration  Band,  cns 

0-  50 

50-  300 

300-  1800 
1800-10000 

9.  The  following  values  of  yt  and  T  were  computed 

Yt  =  3.19 
T^=  0.762 

10.  The  following  values  of  andT^were  comnuted 

7s  =  0.332 
TyJ ^  0.347 


1 

1 

1 

2.16 


»* 


ji 


k 


11.  The  following  vibration  levels  were  computed  for  the  reference 
bearingfmicro inches/second): 


0 

-50  cns 

50-300  cns 

300-1000  cps 

1800-10000  cps 

vB 

_ 

830 

830 

1200 

■V? 

- 

1250 

920 

1800 

- 

1180 

590 

2140 

V 

- 

4120 

- 

- 

i 

- 

1880 

- 

- 

VF 

- 

1170 

- 

— 

6600 

- 

- 

*“ 

"Vo 

300 

- 

- 

Total  V-C;H 

6600 

5060 

1370 

3040 
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12.  The  squared  vibration  level  ratios  for  the  reference  bearing 
are : 


Squared  Vibration  Level.  Ration 


0-50  cps  50-300  cps 


- 

0. 

027 

*> 

_ 

0. 

058 

V 

- 

0, 

.  101 

- 

0, 

.660 

- 

0, 

.  137 

K? 

- 

0 

.055 

0.998 

- 

5 

0.002 

- 

300-1600  cns 

0.366 

0.448 

0.186 


1800-10000  cps 

0. 156 
0.352 
0,496 


13.  The  total  vibration  levels  of  the  reference  bearing,  compare 
as  follows  with  the  limits. 


Frequency  Band,  cns 

0-  50 

50-  300 

300-  1800 
1800-10000 


Limit 

Microinches/secoml 

10000 

3760 

3010 

2260 


V 

Micro  Inches/second 
6600 
5060 
1370 
3040 


It  is  seen  that  the  limit  Is  exceeded  in  the  50-300  cns  and 
1800-10000  cns  bands. 

1/R3  as  a  function  of  D  is  shown  on  Enclosure  109,  for  d. 

=  1.71"  and  boundary  dimensions  the  same  as  for  the  reference 
bear! n&  Curves  showing  the  squared  vibration  Levels  as  a 
function  of  D  are  given  in  Enclosure  110  for  the  50-300  cps 
band,  in  Enclosure  111  for  the  300-1800  cps  band  and  in 
Enclosure  112  for  the  1800-10000  cps  band.  These  curves 
are  based  on  =  15  =  49/16.  It  is  seen  from  Enclosure 

110  that,  the  curve  in  the  50-300  cps  band  does  not 

have  a  minimum  within  the  range  shown  on  the  graph. 
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C V/ty )  decreases  with  -I>  over  the  complete  range  shown. 

In  the  300-1800  cps  band^VJ^?.)4,  has  a  minimum  atJ&  1/4" 
and  in  the  1800-10000  cos  band  a  minimum  occurs  at^**.  5/16" , 

The  following  value  of  3  was  selected  as  giving  an  optimum 
^v/vja  value  considering  all  three  vibration  bands  mentioned. 

Jir  =  7/32" 

The  corresponding  value  for  2  is 
2r--  14 

The  selected  value  of  IDg  gives  a  low  band  (50-300  cps) 
level  within  the  soer.ified  limit.  Further  decrease  in 
would  result  in  a  highly  increased  vibration  level  in  the 
300-1800  cps  band,  which  is  not  considered  desirable, 
ultnough  it  would  improve  the  50-300  cps  band,  Tn  the  high 
band  (1800-10000  cps)  the  selected  value  of  2hg  gives  a 
^V/v)2  value  which  is  10%  higher  than  that  at  n  n  t  i  m  u  m 
This  is  not  considered  significant. 


The  vibration  levels  of  the  bearing  with^x  =  7/82"  and 
Zg  -  14  are  tabulated  below-. 


Frequency 
Band,  cps 


Limit 

Microinches /second 


•Yr 

Microin rhex /second 


0-  50  10000  6600  1 

50-  300  3760  3630  0.72 

300-  1800  3010  1160  O.B.r> 

1800-10000  2260  2980  0.98 


It  is  seen  that  the  vibration  levels  in  the  0-50,  50-300 
and  300-1800  ens  are  within  the  specified  limits.  In  the 
1800-10000  cps  band  the  limit  is  exceeded. 


14-17.  Enclosures  113,  114  and  115  show  the  effect  of  changes  in  Z 
on  the  vibration  levels.  It  is  seen  that  the  squared 
vibration  levels  in  the  three  bands  increase  with  decreasing 
Z  ,  over  the  range  shown  although  the  changes  are  small. 
Since  the  value  Zj  -  14  is  considered  the  maximum  number  of 
balls  that  can  be  assembled  In  the  deep-groove  bearing,  the 
values  =  7/32"  and  2C  =  14  will  be  checked  for  design 

feasibility  and,  if  found  suitable,  used  in  the  final  design. 
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18.  Summary  of  selected  parameters  for  the  designed  bearing: 


Dimensions : 


Bore  :  25 

mm 

= 

14 

O.D.  :  62 

mm 

35*  = 

7/32" 

Width:  17 

mm 

Ar  = 

1. 

71 

«<  - 

1 5® 

Vlbrat i on 

Level  8 : 

Vr 

mi cro inches/ 

Frequency 

Band,  cps 

Limit -mtcroinches/ 

¥f~ 

j£- 

second 

second 

"V 

L  i  mi  t 

0- 

50 

10000 

6600 

1 

0.66 

50- 

300 

3760 

3630 

0.72 

0.96 

300- 

1800 

3010 

1160 

0.85 

0.39 

1800- 

10000 

2260 

2980 

0.90 

1.32 

It  Is  seen  that  the  bearing  is  within  the  specified  limits 
in  the  0-50,  50-300  and  300-1800  cps  hands,  but  exceeds  the 
limit  by  32%  in  the  1800-10000  cps  band.  The  vibration 
level  is  the  same  as  the  reference  bearing  in  the  50-300  cps 
band,  72%  rtf  the  reference  bearing  in  the  50-3OO  cps  tMLHd,  05% 
in  the  3QO-10OO  cps  band  and  98%  in  the  1800-10000  cps  band. 


Squared 

Vibration 

Level  Ratios-. 

0-50 

50-300 

300- 1800 

10OO-IOOC 

_ 

0.027 

0.368 

0.156 

- 

0 , 058 

0.454 

0.352 

- 

0,.  101 

0.100 

0.496 

- 

0.660 

- 

- 

- 

0.137 

- 

- 

- 

0.055 

- 

- 

0*990 

- 

- 

- 

0.002 

- 

- 

- 
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Resonant  Frequencies:  if 

=  4740  cps 

■fit I  =  8820  cps  fi f 

=14400  cps  ;i 

Reduction  of  the  high  band  vibration  level  to  conform  to 
specifications  can  be  accomplished  only  by  reduction  of 
waviness.  The  squared  "contribution  factors"  in  the  high 
band  (1800-10000  cps)  are: 

S  =  o.ll 
2 ,‘=0.14 
2/ =0-75 

7i 

Since  the  factor  is  the  highest,  the  most  effective 

reduction  in  vibration  level  is  obtainable  by  reducing  the 
ball  waviness  in  the  wavlness  hnncU  influencing  the  high 
vibration  hand.  These  bands  are  the  16-32  wpc,  32-64  wpc 
and  part  of  the  64-120  woe  band.  The  following  reduced 
waviness  limits  are  specified  In  order  to  reduce  the 
vibration  level  in  the  high  band  to  conform  to  specifications: 

Band,  wpc  “W^  Limit  CM i cro i nches/second ) 

16-  32  100 

32-  64  130 

64-128  150 

Waviness  limits  of  the  rings  may  remain  the  same  as  measured 
on  the  reference  bearing. 

A  sample  of  bearings  of  the  dimensions  selected  and  satisfying 
the  waviness  limits  given  must  now  be  made  and  vibration 
tested.  Corrections  to  the  waviness  limits  are  made  on  the 
basis  of  the  test  results. 


i 


i 

i 
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NOMENCLATURE 

A  =  Cross-sectional  area  of  a  bearing  outer  ring 

Afc=  RMS  velocity  amplitude  of  the  kith  harmonic  of  flexural 
vi  brat  i  o  ,is 

£=  Width  of  bearing 

Cal  =  "Amplitude/ load  parameter"  in  the  direction  of  the  load 

<*r  'ftmpli tude/load  parameter"  in  the  direction  perpendicular  to 
the  load 

J)  =  Rolling  body  diameter 
E  =  Young’s  modulus  of  elasticity 
^ “  Axial  load 
E-  Radial  load 
G  =  Load/tonseness  parameter 
Hj  =  Thickness  of  the  outer  ring 

1=  Second  moment  of  area  of  the  outer  ring  cross  section 

I  =  Moment  of  inertia  of  outer  ring  with  respect  to  a  diameter 
through  the  center  plane  of  the  bearing 

M  =  outer  ring  mass 

=  Restoring  moment  due  to  angular  displacement 
Nl  a  Rotational  speed,  in  RPM 
P  =  Rolling  body  load 
R  ~  Mean  radius  of  outer  ring 
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^  =  Radius  from  bearing  axis  to  point. of  contact  between  ball  If 

and  outer  ring 

51 

T  =  Displacement  amplification  factor  !| 

Ty  =  Displacement  ampl i fl cat i on/ factor  for  flexural  outer  ring  ,, 

'  vibrations  due  to  inner  ring  waviness  ?i 

■  ?  t 

XJ  =  Velocity  band  width  amplification  factor  for  element  waviness 

-v  '  ’  i 

U^=  Band  width  amplification  factor  due  to  resonance  :* 

V" =  RMS  vibration  level 

\ 

Vibration  level  of  flexural  outer  ring  vibrations  due  to  ball 
loads 

=  Vibration  level  of  rigid  rlngvibration  1 

Vibration  level  of  flexural  vibrations  due  to  two  and  three  wpc 
*  ii  inner  ring  waviness,  respectively 

W  -  Element  wavlness 

2  =  Contribution  factor  of  element  wavlness  to  the  bearing  vibration 
le  ve  1 


-  RMS  value  of  the  ith  variable  compliance  vibration  harmonic  in 
the  direction  of  load 

bt‘ -  RMS  value  of  the  ith  variable  compliance  vibration  harmonic  in 
perpendicular  to  the  load 

CJ  =  Hertzian  coefficient 

^  =  Pitch  diameter  of  rolling  body  set 

6  =  Radial  looseness 
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j  =  Frequency  in  ops  . 

J*  =  Natural  frequency  of  the  axial  mode  of  vibration 

A 

Polar  rotational  frequency  of  a  rolling  body 

[■£  -  Rotational  frequency  of  the  cage  with  respect  to  the  outer 
r  ing . 

I  =  Natural  frequency  of  radial  vibrations  of  a  system  consisting 
of  the  bearing  mounted  in  housing 

^  =  Natural  frequency  of  flexural  vibrations 

/['  =  Rotational  frequency  of  the  cage  with  respect  to  the  inner  ring 

j ^  =  Resonant  frequency 

J. y  -  Rotational  frequency  of  inner  ring 

/  i=  Natural  frenuenct  os  of  radial  and  angular  rigid  body  modes  of 
vibration 

^  =  Rotational  frequency  used  in  measuring  element  waviness 
lfN  =  Linearizod  Hertzian  coefficient 
k  =  Order  of  clement  waviness 


0  =  Any  positive  integer 

Xv=  Vertical  displacement  of  outer  ring  center 

=  Horizontal  displacement  of  outer  ring  center 
n 

y  =  Axial  displacement  of  outer  ring  center 
Z  =  Number  of  rolling  bodies 
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ENCIdQSURjLJi  LOCATION  OF  MICROPHONE  WITH  RESPECT  TO  TESTER 


f  *&e&  Ms&z $i£h;  ■ 


MECHANICAL  SET  DP  FOB  HEASDBING  AXIAL  AND  ANGULAR  VIBRATION 


Amplitude/Load  Parameter 
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VARIABLE  compliance  vibration  in  a  bearing  with  seven  balls 


,169 


VARIABLE 


Xy- Vehtioal  UispueoiiHT  Gompompnt 

Xu-  HBIIItONtAL  1. 1  tPUCIMENT  COMPONENT 
V  _  />XUl  UlSPUCIKCl'T  COMPONENT 

}v,  -  '>N6UL»R  I'-IOPLAOfHENT  COMPONENT  IN  THE  HO*UONT»L  OlREOTION 
>V,-  ANOUUB  l>l«PLACtHENT  COMPONENT  IN  THE  VERTICAL  0 1  RIOT  I  ON 


IflCLfl&liaa-il  OUTER  RING  DISPLACEMENT  COMPONENTS 

<  * 
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ENCLO  SUliE  10  .  . 

COMMUTED  VALUES  OF  -ku  k£.~4~  FQ It  BALL  BEARINGS 
Inner  and  Outer  King  Groove  Conformity  =  51.75% 

kfjsLinear ized  Hertzian  Coefficient  of  Contact  Deformation  Lh/In. 


ffc  -Axial  Load  Lhs. 


Honring 

On  ll 

No.  of 

Pitch  Circle 

Contact 

■  i<„  nr* 

No. 

S  i  zc 

On  1 1  s 

1)  i  amoter 

Angle 

Lb% 

(tii) 

( in) 

(Degree) 

In 

6203 

17/64 

8 

1.122 

5 

06  30 

15 

6000 

25 

5100 

6205 

5/16 

9 

1.516 

5  • 

0830 

15 

6150 

25 

5220 

6207 

7/16 

9 

2.106 

5 

9900 

15 

6950 

25 

5910 

6305 

7/16 

7 

1.713 

5 

16460 

15 

7550 

25 

6410 

6  310 

3/4 

0 

3 .  1 50 

5 

12420 

15 

0640 

25 

7340 

6  312 

7/0 

0 

3.740 

5 

13190 

15 

9170 

25 

7790 

6322 

1  5/0  , 

0 

6 . 809 

5 

16200 

15 

11270 

25 

9570 
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ENCLOSURE  20 


VIBRATION  FREQUENCIES  GENERATED  BT  VARIOUS  IMPERFECT  IONS  OF 
THE  ROILING  SURFACES  ACCORDING  TO  RIGID  RING  THEORY 


LINEAR  THEORY 


TYPE  OF 

SURFACE 

IMPERFECTION 

ORDER 

OF 

WAV INESS 

VIBRATION  FREQUENCIES 

RADIAL 

AND 

ANGULAR  VIBRATION 

AXIAL 

VIBRATION 

Inner  Rinq  Eocentrioitt 

K  »  | 

fr 

- 

Inner  Kino  Navinei* 

k -  FIE-I 

k+l-fc  "  fr 

- 

K  -  ttX 

— 

k+i  -"tt 

W  *  n*  -*•  i 

k*t-t-fe  "-nF1;  +  -fr 

Outer  Rikb  Havine«( 

k«  wa-i 

- 

k  •  Tit  . .  . 

Kfp.  « 

K  k  YI2  t| 

T’k-i'l-fe  *  n  Ft 

Ball  Wavinece 

k  -  2rj 

Ball  Diameter  variation 

fc 

NON-LINEAR  THEORY 


Inner  Ring  Wav  me  in 

k  *  vti*, 

kf  1  &  fc 

* 

Outer  Rim  Wavinebs 

k  +  nifci 

(k±l)fc 

- 

fr  .  *•  rotational  frequenoy  of  inner  ring 

ii  *  J  C  1  +"  »  FREQUENOY  OF  THE  ROTATING  NALL  8FT  WITH  REEPEOT  TO  THE  INNER  RINO 

^6»  ^  {  I  — m  FREQUENCY  OF  ’Kt  AtC’AVINO  RAIL  OFT  W>YM  REEPEOT  TO  THE  OUTER  RINO  (OAOE  FRIQUENOY] 

£eo4^"  FREQUENCY  r  THE  POL AR  ROTATION  OF  THE  EALL  IN  A  BTfTE"  ATTACHED  TO  THE  CaIC 

fT  *  •=.  (ALL  FAESAOE  FREQUENCY  OVER  the  INNER  IliVJ 

2  f g  rn  (all  pacsaoe  frequenoy  over  the.  outer  NINO 


])«  (ALL  DIAMETER 
d  *  (EAR  I  NO  PITCH  DIAMETER 
©<»  OONTAOT  ANOLE 

n»  i,  2,  s . 

2  «  NUMBER  OF  (ALLS 
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INNER  RINC  BALL  PASSAGE  FREQUENCY 


ENCLOSURE  22  SYNTHETIC  SPECTRUM  OF  AXIAL  VIBRATION  OF  6305  BEARING  ROTATING 
-  AT  1800- RPM  (LINEAR  RIGID  RING  THEORY)  , 
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=  Rotational  Frequency 
Ball  Pass  Frequency 


ENCLOSURE  26  NARROW  BAND  SPECTRUM  OF  A  6205  BALL  BEARING  WITH  HI 
INNER  RING  2  WPC  AND  3  WPC  WAVINESS  AT  A  ROTATIONAL 
SPEED  OF  1800  RPM  IN  THE  0-200  CPS  FREQUENCY  RANGE, 


AL63U023 


ENCLOSURE  28 

NUMBER  Of  WAVES  PER  CIRCUMFERENCE  CORRESPONDING  TO  VIBRATION  FREQUENCIES  ACCORDINS  TO  RIGID  RING  THEORY.  . 
FOR  THE  6200  BEARING  SERIES  ROTATING  AT  I  BOG  PPM 


Bearing 

Site 

Ball 

Site 

UnT 

No,  OF 
Balls 

Pitch 

Diameter 

(in) 

Bearing 

Part 

0200 

3/16 

7 

0,787 

Inner 

Outer 

Ball 

£201 

15/64 

7 

0,867 

Inner 

Cuter 

Ball 

£202 

15/64 

8 

0.934 

Inner 

Outer 

Ball 

(203 

17/64 

8 

1.122 

Inner 

ftjTCR 
Ext  I 

620V 

5/16 

8 

1,319 

Inner 

Cuter 

Bail 

(205 

S/16 

9 

1,516 

1 YMER 

Outer 

Ball 

(206 

8/  a 

9 

1.811 

Inner 

Outer 

Bali. 

(207 

7/16 

9 

2,106 

Inner 

Outer 

Bali 

6206 

15/32 

9 

2,362 

Inner 

Outer 

Ball 

6209 

1/  2 

9 

2,559 

Inner 

Outer 

Ball 

6210 

1.  2 

10 

2,756 

Inner 

Outer 

Bah 


Wayiness  Ranqes  (m>o) 
Vibration  Frequency  Banda  (ops) 


50-300 

300-1 BOO 

1800-10000 

3-16 

16-  96 

96-534 

4-27 

27-159 

159-867 

2-  6 

6-  40 

40-222 

3-1 S 

16-  94 

94-520 

5-20 

28-166 

166-925 

2-  6 

6-  3( 

36-210 

3  16 

16-  97 

97-538 

4-26 

26-158 

1 58-876 

2-  6 

6-  36 

36-210 

US 

16-  96 

26-159 

,81.11! 

2-  l 

6»  36 

36-210 

3-16 

U-  97 

97-538 

4-26 

96-1 58 

158-878 

2-  6 

6-  36 

38-214 

3-17 

17-  99 

99-552 

4-25 

25-151 

151-842 

2-  4 

4.  32 

32-mu 

3-17 

17-  99 

99-552 

4-25 

25-152 

152-844 

2-  V 

4-  26 

26.148 

3-17 

17-  99 

99-548 

4-25 

26-158 

153-850 

2-  6 

6-  34 

34-UB 

3-17 

17-  99 

99-552 

4-25 

25-151 

151-841 

2-  4 

4-  32 

32-1 BO 

3-17 

17-100 

100.556 

4-25 

25-150 

1 50-834 

2-  4 

4-  32 

32-170 

3-17 

17-101 

101-664 

4-24 

24-147 

147-817 

2-  4 

4-  26 

28-156 

1,  V IBRATION8  IN  THE  0*50  CPA  RANGE  ARE  INDUCED  EY  ECCENTRICITY  AMO  BALL  0  I  AMETER  VARIATION#  POP  ALL 
■  EANIIlO  SIZES, 

2.  Flexural  i»noind  op  tke  outer  ring  due  to  2-5  hpc  inker  ring  haviness  induces  additional  vibrations 

IN  VMS  50.300  OPI  BAND  POP  ALL  IEARINO  SITES,  In  THP.  300.1800  CPS  SANDS..  THE  LFFEOT  OP  INNER  RINO 
WAV  I NESS  ON  POROEO  FLEXURAL  VIBRATION  IS  NIOLIOIBLE, 
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EHCUjSUBg  29 

IIUKBF.9  OF  HAVES  FER  CIRCUI-'FEREHCE  CORRESPONDING  TO  VIBRATION  FREgUENCIES  ACCORDING  TO  RIGID  RING  THEORY 
_ _  FOR  THE  6300  BEARING  SERIES  ROTATING  AT  1600  RW 

Wav  inks  Ranqes  (hpc) 


Vibration  Frequency  Banos  (ct>«) 


Bearing 

Bale 

NO.  OF 

Pitch 

6 CARING 

Size 

flil 

Balls 

Diameter 

Past 

50-300 

(  in) 

300-1800 

1800-10000 

6305 

7/16 

7 

1.713 

Inner 

3-16 

16-  56 

96-533 

Outer 

5-27 

37-163 

163-901 

fUlt 

3-  6 

6-  33 

33-183 

6306 

31/64 

8 

3.008 

Inner 

3-16 

16-  57 

97-538 

Outer 

4-26 

26-158 

1 58-877 

Ball 

3-  4 

4-  30 

30-166 

6307 

17/33 

G 

3.263 

Inver 

3-16 

16-  37 

97-538 

Outer 

4-36 

26-158 

158-87? 

Ball 

3-  4 

4-  30 

30-164 

6308 

15/33 

8 

2.553 

Inner 

3-17 

17-  55 

99-546 

Outer 

3-35 

35-144 

154-855 

Ball 

2-  V 

4-  30 

30-163 

6307 

11/U 

8 

2.85** 

Inner 

3-16 

16-  57 

97-540 

Qjter 

5-36 

36-156 

196-B7U 

Ball 

3-  6 

6-  30 

30-170 

6310 

3/4 

0 

3,150 

Inner 

3-16 

16.  57 

97-540 

OUTCR 

5-36 

26-156 

156-870 

Ball 

3-  6 

6-  30 

30-170 

6311 

13/16 

e 

3.445 

Inner 

3-16 

16-  56 

98-549 

Outer 

5-36 

36-155 

155-B60 

Ball 

2-  6 

6-  30 

30-166 

6313 

7/8 

8 

3.740 

Inner 

3-16 

16-  58 

38-543 

O-ten 

5-36 

36-155 

155-060 

Ball 

2-  6 

6-  80 

30-166 

6313 

15/16 

8 

4.035 

1 NNt  R 

3.1 6 

16.  58 

98-543 

OUYLR 

34-155 

155-860 

Ball 

2-  <3 

6-  80 

30-164 

1.  VIBRATIONS 

IN  THE  0-50  OPS  RANCE  ARE 

INDUCED  BY 

ECCENTRIC  ITT  AI  D 

•  ALL  Cl  AMfTE*  VARIATION*  fO*  AIL 

searing  sites, 

?,  Flexural  ienoino  of  the  ""*<■»  nmo  our  to  2-5  wpo  inner  rinq  wavineso  inmjcei  additional  vibrations 
IN  THE  50-300  CAS  SAND  FOR  »'  L  SCARING  sues.  Ill  THE  300-1800  CAS  BAND  THE  EFFECT  OF  INNER  RINO 
WAVINESt  ON  FORCEO  FLEXURAL  VIBRATION  IS  HEQ1IOIBLE. 
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1000 20O0 3000 4000 5000 6000  7000  6000  9000 

Frequency  (cpjO 

EN£LQ&ilR£_afl  THEORETICAL  DISPLACEMENT  AMPLIFICATION  FACTOR  Ty>  FOR  A 
6305  BEARING  ROTATING  AT  1000  fRPM  oC  =  18 
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Legend  i  I 

— ™  Kgulvmso  V  IftRAtlOH  lEVtlt  At  1800  RPH  | 
mm  KUIURKO  V IARaTIOH  UVCU  AT  8*00  RPM 

■»  DURATION  UVtlt  AT  SCOQ  RPN  COWUTRO 
From  tor  V irrai ion  Livil*  at  iaoo  RPH 


AL63L023 


In  the  Dlreetion  of  Load  *, 


Frequency  Band*  (ops) 

ENCLOSURE  44  SPEED  AMPLITUDE  EXPONENT  AS  A  FUNCTION  OF  FREQUENCY 
FOR  BALL  BEARINGS 
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ENCLOSURE  48  THEORETICAL  DISTBIBOl 
BETWEEN  THE  RADIAL  A* 


(ch<»3S/«i«iiowiU1  so*.'1**  *1,!|OT3»  30  3011,1  "*"*r4 
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ENCLOSURE  49  MAXIMUM  VALUES  OF  VELOCITY  AMPLITUDES  OF  THE 

HA8MONICS  OF  THE  YASIABLE  COMPLIANCE  VIBRATIONS 
FOE  A  630*>  BEARING  ROTATING  AT  1800  RPM 


206 


Airborne  Noise  (absolute 
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Legend; 


1000  RpJJ 
1800  API! 
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*5 00 mm 


2  BO  mm 


AL63L023 


GENERAL  VIEW  OF  LARGE  BEARING  VIBRATION  TESTER 


GENERAL  VIEW  OF  LARGE  BEARING  VIBRATION  TESTER 
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— 

Accelerometer 

.riodel 

Sensittvity 

mV/g_ 

■kSi 

Endcvco 

CA  04* 

385 

Columb i a -Research -La bora  lory 

CUL504-135 

25 

9f| 

Endevco 

CA  77* 

3f>5 

Hi 

Columbia -Research-Laboratory 

CRL504-136 

25 

■9 

Columbia -Research-Laboratory 

CRL410-100* 

440 

WEBB 

Columbia -Re search -Laboratory 

CRL504-130 

25 

ENCLOSURE  66  ACCELEROMETER  LOCATIONS  ON  TEST  BEARING  HOUSING 


4  These  are  high  sensitivity  accelerometers  and  are  not  used  in 
the  high  frequency  range,  above  2,000  cps. 
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feK£Lfl&lIB£-fc5.  GENERAL  ARRANGEMENT  OF  INSTRUMENTATION  OF 

CAPACITANCE  GAGE  FOR  SHAFT  V i "RATION  MEASUREMENT 


Vibration  Acceleration  Amplitude  (Inches/second- 


d  sto  i  bo  iso  260  280 

Radial  Load  .in  1000  Lbs 

ENCLOSURE  70  VIBRATION  INDUCED  BY  ROLLER  LOADS  IN  A  23240 
SPHERICAL  ROLLER  BEARING  ROTATING  AT  BOO  RPN 
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ENCLOSUilE  75  _ -  :  '  ; 

TABLE  OF  OiiDEIIS  OF  WAVINESS  CO RUESFOilu tNG  TO  v  iliriTION 
GENEUATED  AT  OCTAVE  BAND  CUTOFF  FUEQUENCIES  FO ft 
_ 23240  Sl'HEU  ICAL  liOLLEh  BEARINGS _ 

Vibration  Frequency 


50 

100 

200 

400 

QUO 

1600 
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yyn  -  omioi  ui  u<m:i  i  mu  iv  tt  V  t  III:  5  5 

Wt  •-  orilor  of  Inner  rnco  waviness 
Wb  rgrUer  of  roller  wnvinuss 


-232- 

RBSBARCH  LABORATORY  BKP  INDUSTRIES,  INC. 


'i'ftl'l  .i  01-  C  tuius  Cl-  WAVIKiiaS  00  81UJ  jl'PND  IN6--  TO  V  TBiiAT  ION 
G.iAiiiwiTliD  AT  OCTaVB  HAND  CUTOFF  KiiliQOIJNCTliS  FC  11 
NJ240  CYL  INIM  ICAL.  .iCLLgK  HSAIilNGS 

Vihrntinn  Frequency 
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OF  OUDBKS  OF  WAVINESS  COItKESFOND ING  TO  V  IUUATION 
OliNBUATBD  AT  OCTAVE  HAND  CUTOFF  FKBQUENC IBS  FOU 
96000/06140  TAFEHED  HOLLER  BEARINGS 


Vibration  Frequency 
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‘  Xil-  Vibration  ambit  tuSe  of 
Roll  inf?  elements. 

X*\«  Vibrant  bn  ampti  tods  of  double"  row  bebrinf?  wi  th  Z 
roll  1  nr  elements  per  row.  .  j__  ‘ '• 

&  ■  Phene  *nr*le  between  tbs  rows  of  rolllnr  Alertents. 

/A  ■  o orre soond i n] T" € o  "' WfWS,y^r^'' ’'ter 

rinr  waviness  where  K*mfc  Jl. 


EitCLOSl  I  KB  70  VIBRATION  AMPLITUDES  IN  DOUBLE- HOW  BEARINOS  WITH 
IDENTICAL  WAVINESS  OF  TltE  ROLLING  PATH  OF  THE  TWO  ROWS,  BUT 
VAR VINO  "OFFSET  ANGLE"  •&  OF  THE  ROWS. 
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_ _ _  _ _ _ _ EmoSURE  T<  . .  .  .  ,  •  . 

VELOCITY  IANOMIDTH  AfWriCiTlCN  FACTORS  FOR  OUTER  RING  MAVINES!'.  Uo,  INNER  RING  NAVINMS.Ui, 
ANO  ^UR  IttVINEOS,  Ub,  FOR  A  BEARING  ROTATING  AT  IOO  RW 


>»v. 

L  VIBRATi 

OL_ 

_ StftJUIMMML.. 

BEARING  SIU 

.mf 

CONTACT 

ANGLE 

C* 

Uo 

Vi 

Ub 

Uo 

Vt 

Ub 

2325*  CAK* 

SA. 

« 

1  18 
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0.045 

0.1 30 

0.250 

0.2B8 

0.415 

232 NOCK* 
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1* 

262m 

13° 
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0,04*1 
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0,213 

0.2«2 

0.595 

NJ254 

50m 

It 

390m 

n« 

0.070 

0.091 

0.215 

m 

- 

- 

NJ250 

34m 

15 

280m 

0> 

0,045 

b.Otl 

0.203 

- 

- 

- 

9400/ 

s<ho-a 

0,930* 

32 

11 ,31* 

21 .5* 

0.052 

0,040 

0.235 

0.152 

0.184 

0,430 

mti 

0,538" 

33 

11,31* 

21.5* 
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0.070 
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0.157 
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mT5*454/ 

MT54410-C 

1 .217* 

24 

11.15* 

17.5* 

0.055 

0.043 

0,193 

0,103 

0,453 

navinkii  Tritir  Apikoi 


200  RPM  pop  Inner  ano  Oum*  Aiwa 
750  Rfti  PM  hOLIMI 


*  tHIir  RtAIIINCI  ARC  tlOUILI  ROW  R f  AR  INQI  AMO  THI  AMPL  IP  IOAT  lOv  PAOtORA  MV(N  PUR  THEM  th(  IA((I>  OR 
epUAR  road  tHAfl  IRQ  QCTUCCR  THE  TI  Q  KCUl  ANO  ON  A  CAOS  WITH  ITAGUCRIO  ROLLER!  OR  A  T.lO.RIEOS  OAuR, 


-236- 

RE8CARCH  LABORATORY  BKP  INDUSTRIES.  INC 


AL63L023 


,  x  ENCLOSURE  6C 

TA&Ui-AT  I  OK  OF  NATURAL  FREQUENCIES  OF  THE  BEAR  INQ  UJTtR  RING  FOR  L;.NCE HOLLER I MGS 

NATURAL  FfttQOi:hC?ES 

Bear  me  Radial  Vies-atighs  .  ■*. 


AX 


23256  Spherical 

2190 

•SVi 

2780 

5f2 

3060 

f  F3 

3410 

.?F4- 

4020 

$FS 

4300 
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§  F7 
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cFm 

BCD 

23240  Sphf.f.  i cal 

2840 

2640 

4080 

4760 

5680 , 

7C80 

98iiC 

1 2500 
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1210 

W25£  Cylindrical 

2590 

3300 
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4250 

5320 

£800 

872  C 

1 1 000 

12700 

078 

NJ240  CYL I  NOR  1  CAL 

3540 

4500 

5050 

5300 

7400 
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12200 

15620 

;  >V80 

*  -  i  f- 
!  |  -»  ; 

96300/J-61 4C  Tapered 

5930 

7530 

8120 

8710 

9640 

i  1 C90  ’ 

131  CO 

i  ?S’-:-y 

i’SSOD 

1370 

Tr  -  The  natural  frequency  of  the  Raoul  Vibrat-.on?  in  iht  **»<.!&  8oov>;ot4 

*HE  ",*TURAl  FREQUENCIES  OF  THE  LOWEST  EICHT  HAAVONIC^  OF  FUxt'ftAl  Vlr.?(,Tt.Of»C 

£p.s  The  natural  frequency  of  axiau  vibrations  i«  the  rigid  bocy  mode 

■£u=  The  natural  frequency  OF  THE  RADiAL  VIBRATIONS  of  A  SYSTEM  CONSISTING  OF  The 
n  BEARING  MOUNTED  IN  ITS  HOUSING  OH  THE  VICRATICN  "ESTER, 
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KdH  1)0 


ZAC  Bearin 


Exponent 
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6400  12B00 


— I — 
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“  I  l 

400  Boo  1600  3200 

Frequency  Bend  ope 


-i  closure  85  octave  band  vibration  spectrum  of  ?3?5a  rpurrtoat. 

ROLLER  BEARING  UNDER  30,000  LBS  RADIAL  LOAD  AT  300  RPM. 


Acceler^t'on  ( Inches/ second 


FREQUENCY  BANDS  (WPC) 

Bearing!  3.  6-  12.  24.  48-  IS.  3D-  60.  1 20-  240-  480.  960.  1920* 

COMPONENT!  6  12  24  48  96  30  60  120  240  480  960  1920  3840 


HaVINEU  VelOOITY  (HtOROINOHEt/SEO.)  AT  200  RPM  ROTATIONAL  SPEED 

Inner  Race 
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8- 
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WaVINCII  VELOOITY  (tllCROINCHEI/IEO.)  AT  740  RWl  ROTATIONAL  SPEED 

Roller!  (Average  op  30] 
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R&SWR.JH  . 

MVINfSi  Of  TAFEMO  HmUH  K^IHS  CdlTUNEHIS 
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Fr«<|u«ney  B*nd»  (op») 

OCTAVE  BAND  VIBRATION  SPECTRUM  OF  THE  STANDARD 
AND  IMPROVED  23140  SPHERICAL  BEARINGS  IN  THE 
DIRECTION  OF  LOAD  AT  300  RPR. 


OF  LOAD  AT  300  RPM 


2 


Vibration  Ratios 


_ _ vibration  Betid  Calculated  from  Wavl ness 

Measurements 

, —  Experimental  Vibration  rtatlo  in 
Direction  perpendicular  to  "loatl 
--Experimental  Vibration  Katio  In 
Direction  of  load 


o  ibo  260  460  ebo  1U0  aob  4<to  oo>o  iokjo  moomoo 

300  HP. 4  000  HI* M 

95  THEORETICAL  AND  EXPERIMENTAL  (  V«/V*  >  ItATtOS  OF  TilE 

—  O0V00/9O140  TAPEKED  ROLLER  BEARtNGS  IN  SEVERAL  OCTAVE 

BANDS  AT  300  and  000  RPM. 
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ENCLOSURE  96 

SQUARED  AMPLIFICATION  FACTORS  WHICH  SHOW  THE  RELATIVE  INFLUENCE 
OF  OUTER  RING,  INNER  RING  AND  ROLLER  WAVINESS  ON  THE 
VIBRATION  LEVEL  OF  THE  ROLLER  BEARINGS  TESTED  WHEN  ROTATING  AT  300  RPM 

Frequency  Bands  (r.ps) 


Bearing 

GO- 

100- 

200- 

400- 

800- 
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200 
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23240-A  Spherical 
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0.24 

0.66 
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0 .  ;'/i 

0.32 

0.73 

0.43 

0.67 

NJ240-A  Cv 1 indrical 

2. 

0.04 

0.09 

0.10 

0.21 

0.29 

2,' 

0.02 

0.09 

0.25 

0.35 

0.20 

V 

0.04 

0.03 

0.67 

0,44 

0.51 

06000/001  40 -A  TnperM 

2. 

0,02 

0.07 

0.02 

0.02 

O.  13 

V 

0,01 

0.02 

0.04 

0. 10 

0.  17 

0.97 

0.91 

0.94 

0.08 

0.70 
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Tor  a  ?3?>i0  Sn 
at  800  RPM. 
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Vibrational  Acceleration  C i nches/second  )  R 4S 


ENCLOSURElOO  OCTAVE  BAND  SPECTRA  OF  STANDARD  QUALITY  ROLLER 
BEARINGS  <300  RPM). 
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'irrational  Acceleration  ( inches/second^ )  RMS 
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Tapered  96900/961 40-R  - 

Cylindrical  NJ240-B  - 

Spherical  23240-C  _ 


r 

I 


10J 


Frequency  Rands  Ceps  ) 


3^00  64^0 


ENCLOSURE  ifll 


OCTAVE  BAND  SPECTRA  OF  IMPROVED  HOLLER  BEARINGS 
(300  RP«). 
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ENCLOSURE  102 


THEORETICAL  AND  EXPERIMENTAL  VIBR'TION  RATIOS  BETWEEN  CYLINDRICAL  AND 
SPHERICAL  ROLL  ft?  REiRINOS  AND  BETWEEN  TAPERED  AND  SPHERICAL  ROLLER  BE\RINCS 

OP  DT PPERENT  QUALITY  LEVELS 


Frequency 

Banda  (ops) 
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100- 

200- 

kOO- 

800- 

VIBrntl  on  Rnt  1  o 

mo 
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(2s±.\ 
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v  Vs-*./ 

Ex 
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3.32 

8 . 30 

8.20 

4.02 

R”t1  o  ^  - 

1.36 

0.55 

n.26 

0.20 

O.38 

r.x 

Th 

2.A6 

imo 

1.80 

1.42 

I.38 

V  Vs-Ay 

hx 

l.O'j 

2.54 

4.45 

11.50 

16.30 

Rati o  ~Ih- 

\  Vs-e/ 

1.44 

0.75 

0.41 

0.12 

0.08 

Th 

Ea 

P.12 

1.00 

1.60 

1.51 

8.34 

1.63 

2 .44 

2.25 

2.70 

2.23 

Rat-1  0  — 

2.1,2 

1.06 

1.43 

l.oG 

1.25 

Ex 

Th 

5.86 

6.08 

7.72 

9.00 

7.70 

\  Vs-c/ 

Ex 

1 .03 

2.25 

4.85 

13.00 

10.40 

Ratio 

5.68 

2.70 

1.02 

0.76 

0.74 

•mif;  sruS,'PT""’’  A  Tn  ^EAi’TNGS  nw  STANDARD  PRODUCTION  ^tATtTTV, 

■puv  ^iinr.^nTpTS  n  «un  C  TO  T*»pnpyrn  nq/iRTUrf1. 

Th  =  Theoretical  Subscript  c  =  cylindrical 

s  =  spherical 

Ex  =  Experimental  t  =  tapered 
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EFFECT  OF  NUMBER  OF  ROLLING  BODIES  ON 
THE  VIBRATION  LEVEL  OF  FLEXURAL  VIBRATIONS 
DUE  TO  WAVINESS. 


VIBRATION  LEVEL  OF  A  BEARING  AS  A  FUNCTION 
OF  THE  NUMBER  OF  ROLLING  BODIES. 
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ENCLOSURE  106  VIBRATION  LEVEL  OF  A  BEARING  AS  A  FUNCTION 
OF  ROLLING  BODY  DIAMETER 
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Amplification  factor  for  bearing  with 
51.8%  conformity  and  1/2"  balls. 
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VIBRATION  OF  A  BEARING  AS  A  FUNCTION  OF  'll  INfi 
BOUT  DIAMETER  D  ,  WHERE  Z  AND  M  ARE  A?S‘JSED 
TO  DEPEND  ON  D  i 
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